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Virtual development of H2 gas compressor and H2 storage system for HPDI engines
Compressed H2 storage systems towards environmentally-friendly and efficient heavy-
duty vehicle engines development
Ioannis Kakkos
Department of Mechanics and Maritime Sciences
Chalmers University of Technology

Abstract
Transition to alternative fuel sources constitutes a necessity for most large-scale
operating industries. Although fuel-cell electric vehicles have undergone extensive
research, there is an area in hydrogen potential that is yet to be thoroughly inves-
tigated. Companies are investigating hydrogen use in internal combustion engines,
employing configurations such as diffusion combustion of a hydrogen spray, among
others, as an alternative to diesel fuel with the scope of incorporating this technology
in their heavy-duty truck fleet. This thesis performed under Volvo Group AB deals
with the concept of HPDI H2 engines, mainly focusing on the storage tanks and
their discharge, as well as the compressor. Simulations were performed on Matlab’s
Simulink, where a model was built and incorporated with Volvo’s in-house simula-
tion platform. Real gas assumption was implemented for hydrogen because of very
high storage pressures of up to 700 bar. On these pressure levels the contribution
of compressibility in the real-gas equation becomes very important. During tank
discharge, it is important to simulate adiabatic and isothermal discharging since it
makes a great difference on the range achieved by the vehicle. Another important
parameter is payload which directly affects fuel consumption and reduces driving
range. Apart from reducing the driving range, it was found that payload significantly
increases the compressor power consumption.

Keywords: HPDI, CI, non-premixed, diffusion combustion, heavy-duty truck, tank
discharge, tank deployment
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Nomenclature

Below is the nomenclature of indices, sets, parameters, and variables that have been
used throughout this thesis.

Greek letters

α thermal diffusivity [m2/s]
αconst constant coefficient [K/Pa]
β thermal expansion coefficient [1/K]
µ dynamic viscosity [Pa · s]
µJT Joule-Thomson coefficient [-]
ρ density [kg/m3]
υ kinematic viscosity [m2/s]
ω eccentric factor [-]

Indices

0 reference value
amb index referring to ambient conditions
C critical value
g index for gas
i index for inner vessel wall
JT Joule-Thomson
o index for outer vessel wall
r ratio
s surface
w wall
wi index referring to inner wall
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wo index referring to outer wall

Parameters

∂P partial differential of pressure
∂T partial differential of temperature
C Sutherland’s constant for hydrogen
D cylindrical vessel diameter [m]
dH enthalpy derivative
dQ heat transfer derivative
dt time interval
dTg gas temperature derivative
dU internal energy derivative
g gravitational acceleration [m/s2]
L characteristic length [m]
PC critical pressure [bar]
R universal gas constant [J/K/mol]
TC critical temperature [K]

Variables

A surface area [m2]
cv specific heat capacity [J/kg/K]
h convective heat transfer coefficient [W/m2/K]
k thermal conductivity [W/m/K]
mg mass of gas [kg]
ṁg mass flow rate of gas [kg/s]
Nu Nusselt number [-]
pg gas pressure [bar]
Q̇ heat transfer rate [W]
Rspec specific gas constant [J/kg/K]
Ra Rayleigh number [-]
Tr temperature ratio
vg specific volume of gas [m3/kg]
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1
Introduction

1.1 Background

Hydrogen energy production and utilization is highly considered in modern society
because it constitutes a renewable and potentially pollution free fuel. Nowadays,
hydrogen usage in ICEs is receiving increasing attention, especially in heavy-duty
vehicles. The reason is related to the actual properties of hydrogen, as well as
technological advancement. First and foremost, hydrogen constitutes a renewable
energy source (RES) and its combustion produces zero carbon products. Modifying
a significant percentage of existing heavy-duty truck engines, which run on diesel, so
that they run on hydrogen, would have a strong impact on carbon emissions and cli-
mate change and research is beginning to orient towards this field [11], [1] and [12].
This substitution of pre-existing ICEs in order to incorporate changes that allow
for hydrogen combustion is a sustainable choice since it involves fitting the already
mature design of ICEs in order to account for hydrogen combustion. There has
been increasing attention and research towards offsetting the environmental impact
of hydrocarbon use in the transport industry, as well as exploring the prospects of
producing hydrogen in a sustainable manner. Reportedly, the production of 1 tonne
of hydrogen with conventional methods might produce up to 5 tonnes of CO2 as
a byproduct [1]. This issue can be countered by using RES to produce hydrogen.
Achieving production through RES is a sign of technological maturity in hydrogen
production technology and is very important for the future development of hydrogen
combustion engines [12]. Fossil fuel reserves and climate change dictate the need for
such a transition, among other reasons. The current legislation concerning sustain-
able development targets also provide important background that necessitate such
measures to be taken [13] and [14]. The hydrogen fuel cycle is the process through
which hydrogen is produced and it consists of an environmentally clean production
process, since the reactant and the product can, potentially, both be plain water
[5]. The latter is contingent on water being used to produce hydrogen, through
electrolysis. A 2010 study investigating the prospects and challenges of hydrogen
production, reports that only a small fraction of hydrogen produced globally is based
on water as a raw material, as shown in Figure 1.2 [1]. The prevailing material used
to produce hydrogen, at the time this study was released, was natural gas followed
by petroleum and coal. The shift towards water-based hydrogen production is an
essential step to decarbonize the production method, with lowering the production
cost constituting an indispensable part of it as shown in Figure 1.1. Another re-
quirement towards the decarbonization process is to increase the participation of
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1. Introduction

Figure 1.1: Hydrogen production energy cost [1]

RES to produce hydrogen.

Certain aspects of gaseous hydrogen constitute a very attractive choice in ICEs.
The calorific value of hydrogen is almost three times higher than that of diesel,
120 MJ/kg versus 42 MJ/kg, respectively, so hydrogen contains significantly higher
amounts of energy per unit mass, compared to diesel. On the other hand, hydrogen
turns out to be very costly to transfer, since it contains less than three times the
energy diesel contains per unit volume. The relevant values for hydrogen and diesel
are 10.8 MJ/m3 and 36 MJ/m3, respectively. Thus, the storage system of hydrogen-
driven vehicles has to be multiple times larger than that of diesel-driven vehicles,
in order to carry equivalent amount of energy. The preceding statement is true for
HPDI engines, among other, using gaseous hydrogen in a non-premixed injection
environment to achieve power production for on-board applications. Another im-
portant component of systems that require high pressure injection is a compressor
suitable to provide the necessary levels of pressure to the engine when the tanks
have discharged below a specific point. This compressor or gas booster is also an
important part of the work of this thesis. The properties mentioned above concern-
ing gaseous hydrogen, as well as other fuels, are provided in Figure 1.3. HPDI LNG
engines, such as the one that has been extensively developed by Westport, are also a
strong candidate for hydrogen applicability [15]. Such diffusion combustion engines
have been thoroughly investigated and used with natural gas. The HPDI technology
might easily be adapted to fit the needs of a hydrogen-fuelled engine [16]. Regard-
ing technological advancement around hydrogen fuel, there are certain barriers that
have to be surpassed. Storage tanks have undergone extensive development and can
now be used to store gaseous hydrogen in very high pressures. Those are type IV
tanks and they have a nominal working pressure of 700 bar [17]. Those tanks con-
sist of an internal aluminum layer, called liner, and a significantly thicker external
carbon-fibre reinforced plastic (CFRP) layer. The combination of those two layers
offers high structural stability and low tank weight at high levels of pressure.

2



1. Introduction

Figure 1.2: Relative quantities of raw materials used to produce hydrogen [1]

1.2 Aim

This work aims to answer specific questions regarding the use of hydrogen in a non-
premixed combustion ICE, focusing on the compressor and the delivery system in
general. The general area of investigation is the hydrogen path from the tanks,
where it is stored highly pressurized in gas form, to the engine. Specifically, this
path involves the tanks, the piping system and losses that might involve, the com-
pressor and perhaps some auxiliary equipment such as a cooler. The questions that
arise are connected to the complexity of the interconnections participating in hydro-
gen’s route. Such interconnected parts that contribute to delivering the fuel are the
compressor, an expander, the cooling system, the tank valves and other auxiliary
systems that might end up proving to be essential in the process of designing this
model. This work targets to provide a clear view on how such a system might com-
pare to the existing diesel ICEs in terms of thermal efficiency, and define limitations
in the process of doing so. The main focus is directed towards defining the systems
that are involved in the process of transferring hydrogen from tank to cylinder with
the lowest losses possible for the system as a whole. An important area of investiga-
tion is the fact that, although hydrogen will be stored in a compressed state in the
tanks at approximately 700 bar, the injection will take place at around 300 bar. This
pressure difference amounts for a significant performance and efficiency loss, thus
maximum tank utilization before reaching the target pressure of 300 bar is a key
area of interest that shall be explored in this thesis. Thus, although a system that
boosts hydrogen pressure before the injection might be necessary, the target is to
develop suitable strategies that increase the overall system efficiency. Such control
strategies should be able to handle different driving scenarios and provide an overall
coverage of what a typical heavy-duty vehicle would encounter in the current road
and driving conditions. The target is to achieve 90% tank utilization which means
that 10% of initially stored fuel remains in the tanks by the end of any drive-cycle.

3



1. Introduction

Figure 1.3: Energy density of various fuels [2]

1.3 Limitations
Same as pressure, temperature drops significantly during tank discharging and can
reach levels close or well below the tanks lower temperature limit which is in turn
translated into limitations in terms of capable driving range achieved by the vehicle.
Of course, the system must be designed in a way that it never exceeds these limits.
Another important aspect that requires modeling is the compressor or gas booster.
This component is responsible for delivering the fuel to the cylinder injector in
suitable pressure levels, depending on load. This task has two main dependencies,
the first one is the hydrogen pressure in the vessels and the other is the discharging
temperature, which is the gas temperature when it leaves the booster. There is a
certain lower pressure limit from which the compressor would be able to compress,
since the size of the compressor is an important property that should be taken into
account for on-board applications. Temperature is mainly an issue related to the
discharge state of the compressed hydrogen gas. The significance of the compressor
discharge temperature lies onto the technology of the components that seal the
moving parts of the reciprocating compressor as well as the lubricating medium.
All these limitations and constraints have to be considered and the suggestion is for
a realistic technical proposal to be able to define these limits connected with the
potential of this configuration.

4



2
Theory

2.1 Thermodynamics

2.1.1 Tank discharging
In order to simulate the tanks, the 1st Law of Thermodynamics was employed, as
developed in (2.1). This differential equation provides the temperature profile of
gaseous hydrogen, as a function of escaping mass rate ṁg, gas pressure pg, specific
volume υg and heat transfer rate Q̇i. The analytical calculation leading to (2.1) is
provided in (A.1).

dU

dt
= dH

dt
− dQ

dt
⇒ . . . ⇒ dTg

dt
= 1

cv(T )mg

(ṁgpgvg − Q̇) (2.1)

The subject of this work is mainly connected to the discharging of tanks during
normal operation of a heavy-duty vehicle rather than tank refill, which is another
key area of investigation. This means that the heat transfer rate Q̇ described in
(2.1) is related to the temperature and mass drop in the tanks, due to conduction
and convection that take place during discharge. An alternative expression for the
temperature rate of change can be produced from the expression of (2.1). Equation
(2.2) consists of a more useful tool since it is more straight-forward to model. It is
apparent that the expression on (2.2) substitutes pgvg with zRspecTg, making use
of the Equation of State (EOS) for real gases, as depicted in (2.3). Equation (2.3)
provides the pressure profile of gaseous hydrogen, once the temperature gradient has
been estimated from (2.1).

dTg

dt
= 1

cv(T )mg

(ṁgzRspecTg − Q̇i) (2.2)

pv = zRT (2.3)

The newly introduced terms of z and Rspec correspond to compressibility and specific
gas constant, respectively. The units of (2.2) are provided analytically in (2.4).

[K]
[s] = 1

[J ]
[kg][K] [kg]

(
[kg]
[s] [−] [J ]

[kg][K] [K] − [J ]
[s]

)
⇒

[K]
[s] = 1

[�J ]
[��kg][K] [��kg]

(
[��kg]
[s] [−] [��J ]

[��kg][��K]
[��K] − [��J ]

[s]

) (2.4)
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2. Theory

Figure 2.1: Hydrogen compressibility factor in relation to gas pressure and tem-
perature [3]

At this point it should be noted that compressibility calculation is essential since
this study involves high pressure gaseous hydrogen flow with a temperature profile
variation during tank discharge. The dependency of compressibility on pressure and
temperature is depicted in Figure 2.1. The compressibility effect becomes significant
and therefore should be calculated in parallel with the rest of the quantities that
govern the equation of state (EOS). The exact methodology used to do that is
presented in the relevant subsection of this work.

The charged state of the tanks is considered to contain gaseous hydrogen at around
700 bar and, as the tanks discharge, apart from the pressure drop, they encounter a
temperature drop as well. The specific calorific value, as expressed in the denomina-
tor of (2.2), was calculated as a function of temperature instead of using a constant
value. The choice regarding the cv calculation method is supported by a sensitivity
analysis performed, which involved comparing a constant value of cv as opposed to
one calculated through NASA polynomials. As indicated in Figure 2.2, there is very
slight deviation between the two estimated sets of values of specific calorific value,
so the choice was based on the most accurate method of calculation, which is the
one where cv varies with temperature and is calculated through some experimen-
tally produced coefficients, namely the NASA polynomials. Figure 2.2 deliberately
presents the adiabatic process instead of the isothermal one. This is due to the
fact that the adiabatic process produces more significant deviation between the two
methods, since isothermal process assumes constant temperature during discharge,
thus the results are identical in the two proposed methods for isothermal discharge
process.

Mass mg in the denominator of (2.2) refers to total hydrogen mass in the system
and since this mass is leaving the system with a rate defined by the instantaneous
consumption rate of the engine, the ratio as a whole exhibits an upward trend with
time, considering that the rate of change for cv is insignificant with respect to that
of total mass.
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Figure 2.2: Temperature and pressure as a function of time while emptying the
tank at a constant rate

Figure 2.3: RMS deviation of compressibility equations from experimental data
[4]

2.1.2 Compressibility

As mentioned, compressibility modelling is an indispensable part of simulating real
gas behaviour. For this work, the Soave-Redlich-Kwong (SRK) equation was im-
plemented to satisfy this purpose. Although the Bennedict-Webb-Rubin (BWR)
equation is recommended for gaseous hydrogen compressibility modelling, the SRK
equation provides a wider spectrum of temperature resolution [4] and [18]. This
is extremely useful for the application investigated here, since system discharging
leads to very low temperatures being met inside the tanks [4]. This choice is also
supported by Figure 2.3, where the lack of data for low temperatures in the case of
BWR equation is apparent. Of course, there is a slight trade-off by resolving the
compressibility equation for very low temperatures, which means that the deviation
from experimental data grows larger with lower temperatures. The maximum RMS
deviation occurred is 1.1% for the SRK equation at a temperature of around 110K.
The set of equations that govern the solution of SRK is presented below [4]:
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A∗ = 0.4278α
P/Pc

(T/Tc)2

B∗ = 0.0867P/Pc

T/Tc

α0.5 = 1 + m
(
1 − T 0.5

r

)
, where Tr = T

Tc

m = 0.480 + 1.574ω − 0.176ω2

ω = −0.216 for hydrogen
thus, m = 0.131805

so the compressibility factor

z3 − z2 + z
(
A∗ − B∗ − B∗2

)
− A∗B∗ = 0

(2.5)

2.2 Storage vessels

2.2.1 Technical characteristics & Limitations
As mentioned, type IV tanks are capable of withstanding pressure levels upwards of
700 bar, with 700 being the target gas storage pressure. This storage pressure level
brings the density of gaseous hydrogen to approximately 40 kg/m3 under typical
ambient temperature conditions, as it is depicted in Figure 2.4 [5]. The relation
between pressure and density is not linear, especially at high pressures. Density
rises at a lower rate than pressure does, thus, in order to increase the carrying
capacity, pressure needs to increase even more than mass does. This means that
storage efficiency reduces as pressure increases and, as the storage requirements
rise, so does the energy required to satisfy them. The statement above is explained
by Figure 2.4. Although storing gaseous hydrogen may appear as an attractive
choice, technological limits connected with this technology might be resolved, cost
of production remains high [19].
The current state-of-the-art regarding hydrogen storage tanks with the capacity to
withhold such high pressures is type IV tanks. Figure 2.5 illustrates one such tank
and the main components it consists of. There is an inner layer consisting of dense
polymer or aluminum, which is called liner. This layer is thin compared to the outer
CFRP layer. This inner layer also prevents hydrogen from permeating through its
surface which in turn means that mass losses and temperature drop are limited by
its presence. The outer layer is much thicker and slightly more conductive and it
mostly serves the purpose of providing structural integrity to the system [20].
The structural characteristics of the tanks become very significant since hydrogen
is stored in such high pressure levels. Safety is very important and constitutes a
major consideration when designing tanks. As indicated, mechanical energy release
under vessel rupture conditions can result in potentially dangerous events. The work
performed in [7], indicates that temperature is the leading factor in terms of me-
chanical energy release. The correlation mentioned is depicted in Figure 2.6 where
it is apparent that the argument regarding the importance of gas storage temper-
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Figure 2.4: Evolution of H2 storage density as a function of pressure, for various
temperatures [5]

Figure 2.5: Type IV tank cut-section [6]
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2. Theory

Figure 2.6: Mechanical energy release from pressurized vessels in a rupture event
[7]

ature is supported strongly. Figure 2.6 depicts the energy release during the event
of rupture in hydrogen carrying vessels, as a function of pressure and temperature.
Assuming hydrogen stored in an enclosed vessel at 700 bar, the maximum energy re-
lease, should a rupture take place, is almost 3 times higher for 300K gas temperature
as opposed to 150K.

2.2.2 Heat transfer mechanism
As indicated by (2.1), heat transfer participation in the temperature profile is impor-
tant. During isothermal discharge, for example, selecting a very high heat transfer
coefficient counters the effects of the ṁzRT term and temperature is maintained
constant. Figure 2.7 indicates the different wall layers that construct the tank, as
well as the different heat transfer mechanisms that take place during tank emptying.
The governing heat transfer mechanisms are convection, between the gas and the in-
ner tank wall as well as the outer wall and the ambient air, and conduction, between
the inner and outer wall of the tank. The convective heat transfer is depicted in the
right part of Figure 2.7 and the principle by which the heat transfer is described is
given by (2.6). In (2.6), Qi stands for the convective heat transfer between the inner
layer and the compressed gas and Qo stands for the convective heat transfer between
the outer layer and the ambient air [8]. In (2.6), hi and ho represent the convective
heat transfer coefficient for the inner and outer layer of the tank, respectively. Ai
and Ao represent the surface area and Tamb, Tg, Twi and Two represent ambient
temperature, compressed gas temperature, inner wall temperature and outer wall
temperature, respectively [8].

Q̇i = hiAi (Twi − Tg)
Q̇o = hoAo (Tamb − Two)

(2.6)

In (2.6), the term of convective heat transfer coefficient for the inner layer of the
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Figure 2.7: Heat transfer mechanism during tank discharge [8]

vessel is calculated by (2.7).

hi = Nuik

L
(2.7)

In (2.7), hi is the convective heat transfer coefficient with units [ W
m2K ], k is the

thermal conductivity with units [ W
mK ] and L is the characteristic length with units

[m], which, in the case of a cylindrical vessel for the purpose investigated here, is
its internal diameter. This choice is supported by the fact that the length and the
internal circumference of the tank are significantly larger than the wall thickness,
thus temperature gradient and, therefore, heat conduction is assumed to occur only
along the radial direction [8] and [21].

Nui =
{

1.15Ra0.22
i , Rai < 108

0.14Ra0.333
i , Rai >= 108 (2.8)

The calculation of the Nusselt number for the inner tank wall is provided in (2.8),
where the Rayleigh number is given by (2.11), where υ is the kinematic viscosity
with units [m2

s ], α is the thermal diffusivity with units [m2

s ], g is the gravitational
acceleration with units [m

s ], D is the cylinder diameter with units [m], β is the
thermal expansion coefficient with units [ 1

K ], Ts is the surface temperature with units
[K] and T∞ is the ambient air temperature with units [K] [22] [23]. The thermal
diffusivity value is connected to the materials being used, thus it is a property of
the liner and the CFRP layer. Regarding the thermal expansion coefficient β, two
methods were investigated for its calculation. The first method was suggested in a
study regarding an onboard application of a hydrogen tank with the expression as
presented in (2.9) [24]. The other method of calculation is presented in (2.10) and it
includes the gas pressure and a constant coefficient αconst equal to 1.9155 · 10−5, with
units [K/Pa] [23]. A comparison between the two calculation methods was performed
in the Simulink hydrogen storage system (HSS) model and it was concluded that,
although the coefficient is slightly different for the two calculation methods, as shown
in Figure 2.8, the calculation of important scalars such as pressure does not indicate
deviation between the two methods used, as illustrated in Figure 2.9. The reason
behind this is that the order of magnitude of the thermal expansion coefficient is
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Figure 2.8: Evolution of the thermal expansion coefficient during driving for adi-
abatic and isothermal cases

relatively insignificant compared to the other participating terms in the Rayleigh
number calculation. By examining Figure 2.8, it is clear that the isothermal process
produces non-constant β because it is a function of pressure and temperature.

β = 1
T

(2.9)

β = 1
T + αconstP

(2.10)

The kinematic viscosity calculation is given by (2.12), where µ is the dynamic vis-
cosity and ρ is the gas density. The units of the gas density ρ are [kg/m3] and
the units of dynamic viscosity are [Pa · s]. The dynamic viscosity is calculated by
(2.13), where T is the temperature in [K] for which the calculation is performed,
C is Sutherland’s constant for hydrogen, µ0 is the reference dynamic viscosity of
hydrogen for which experimental data are available. Specifically, the data required
for the reference dynamic viscosity refer to the reference temperature T0 [25]. Table
2.1 presents the reference values, relevant to the calculation of dynamic viscosity.

RaD = gD3β (Ts − T∞)
υα

(2.11)

υ = µ

ρ
(2.12)
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C 72
µ0 0.00876 centipoise
T0 528.93 ◦R

Table 2.1: Values contributing to the calculation of dynamic viscosity

Figure 2.9: Thermal expansion coefficient calculation methods produce identical
results

µ = µ0

(0.555T0 + C

0.555T + C

)(
T

T0

)3/2
(2.13)

For the compressed hydrogen case investigated in this thesis, the gas stored inside
the tank is treated as bulk. The convective heat transfer inside the tank is dominated
by natural convection since the velocities are very low [8]. For the outer wall of the
tank, the treatment is slightly different since the convection mechanism is governed
by the ambient air temperature and velocity and the assumption holds that these
tanks are placed on a moving vehicle that is in direct contact with ambient air.
Subsequently, the convective heat transfer mechanism for the outer tank wall might
be natural or mixed, depending on the ambient air properties, which would in turn
depend on the vehicle and the HSS design within it [8], [22] and [26].

2.2.3 Initial gas temperature effect
During tank discharge simulations, tanks are assumed to be exposed to ambient
air conditions. Since it is very important to maintain hydrogen temperature in a
reasonable range, it makes sense to investigate the ambient temperature effect on
the discharge process. In order to examine that, a simple test was performed as
illustrated in Figure 2.10, where the ambient temperature was configured to match
the initial tank temperature, so the stored gas-ambient air system was initially
considered to be in equilibrium. For the adiabatic discharge process illustrated
in this figure, ambient temperature seems to play an important role, since at the
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Figure 2.10: Pressure as a function of state of charge for two different ambient
temperatures

time-point when the 313.15K case reaches 300 bar, in the 253.15K case the tanks
have discharged almost 3% more. It is possible that such temperatures might be
encountered in real driving conditions. For the typical ambient temperature range
encountered, the difference in remaining pressure would be even less significant.
Figure 2.10 illustrates that it is preferred to initiate with the highest possible ambient
temperature and make use of the maximum amount of fuel possible before the target
pressure of 300 bar is reached inside the tanks. Since heat transfer is not modeled
here, it is not the ambient temperature itself that gives the difference in the results,
but the starting temperature of H2 inside the tanks. By that assumption, for the
higher temperature case, the cv would also be higher, hence the temperature drop
would be lower, which is also supported by (2.1), and hence the pressure drop would
also be lower.
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3
Methods

3.1 Model development

The scope of this thesis consists of analysing and defining the properties of a multi-
component system, mainly from a thermodynamical point of view. An initial pro-
posed configuration for such a system consists of the storage vessels or tanks, which
are the Type IV storage tanks introduced in the previous chapter, the gas booster,
whose purpose is to compress the stored gas in order for it to meet the injection
pressure and flow rate demand of the engine, some auxiliary equipment such as a
cooler, valves, throttle or an expander which would be located downstream of the
gas booster, and the system piping, delivering the fuel between components. A
sketch describing the above system is provided in Figure 3.1. Gas boosting is nec-
essary in this application, because, as mentioned, the assumed injection pressure is
around 300 bar. Since the initial gas pressure in completely filled storage vessels is
700 bar, a certain amount of fuel can be utilized before the tanks can no longer be
able to meet the injection pressure demand of the engine. This is the point where
the operation of the compressor is essential to the system, otherwise there would be
no engine power production to meet the load. Global simulation platform (GSP)
is a Volvo developed Simulink model that is configurable with the various parame-
ters required to simulate driving conditions, range, engine, vehicle and various other
quantities. The development stages of this model can be discerned in two main
parts: the standalone model and the GSP-integrated model. Both of these models
are 0D simulation models since there is no spatial dimension involved in the differ-
ential equations that govern the thermodynamics of the system. There exist only
the temporal dimension and the thermodynamical properties. Chronologically, the
standalone model was developed first on MATLAB’s platform Simulink. The main
components of this model were then developed further and constructed in a manner
that an integration with GSP would be feasible. GSP is a proprietary simulation
platform developed by Volvo Trucks in Simulink and it is connected with various
company projects as a tool to analyze and contribute to decisions regarding existing
and future concepts. It can simulate various drive-cycles that trucks perform, so
this platform incorporates real world conditions and constitutes a realistic model.
Upon establishing the connection between GSP and the developed model, the sim-
ulation results were validated against GT-Power results. Once the validity of the
model had been established and the HSS model proved to produce almost identical
results as the GT model does, it was necessary to develop a method to produce
results closely connected with the purpose of this thesis. A fitting name for the
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Figure 3.1: Simplistic depiction of the simulation domain

Figure 3.2: Model development timeline & stages of construction

system of blocks developed as part of the work of this thesis would be hydrogen
storage system (HSS) and will be mentioned as such from this point on. Since GSP
includes a great number of parameters for the different drive-cycles, such as wind-
speed, instantaneous power consumed by the various engine components and others,
it would not make sense to continue solving these quantities on every time-step. For
this purpose, the variables directly connected with the HSS were retrieved by GSP
and saved under the corresponding drive-cycle. Namely, these variables are: brake
torque, engine speed, vehicle speed and engine flow rate. The model timeline, as
well as the different stages of construction, is depicted in Figure 3.2.
From now on, the default simulation platform reported will be the most updated
version which is the second version of the standalone model, unless specified other-
wise.
Concerning the GSP-integrated state of the HSS involves passive functionality, which
means that, while the simulation is running, variables are being used by the HSS,
performing the tanks discharge operation and solving the thermodynamical prop-
erties involved in the process. The HSS block currently uses parameters from the
main GSP, as depicted in Figure 3.6. These parameters are engine speed, fuel con-
sumption, brake torque and gas rail pressure. The fuel flow is initially provided in
terms of milligrams per stroke and through the procedure depicted in Figure 3.5 it
is conversed into appropriate units of kg/sec. In Figure 3.5, there are two conver-
sion procedures taking place. Firstly, the fuel consumption is provided in terms of
mg/stroke and it is converted into kg/sec through a procedure depicted in Figure
3.5. After this conversion, a multiplication with 10−6 is necessary to convert mg/sec
to kg/sec. As far as the second conversion is concerned, it regards energy content
conversion in order to account for hydrogen instead of diesel which was previously
the case. For this type of conversion, it is adequate to multiply the fuel flow with
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Figure 3.3: Simulink initialization blocks

the ratio of diesel LHV over hydrogen LHV. Since this ratio is approximately 0.36,
this indicates that hydrogen consumption must be around 3 times less than diesel to
provide the same chemical energy required by the ICE. The 4 parameters mentioned
above, constitute the external information needed to run the simulation. Apart from
those, there is a number of internally defined parameters that are necessary and are
able to configure different cases for the simulation. Figure 3.3 illustrates a set of
the most important of these parameters needed to initialise the simulation. The
options configured in this set of blocks will be true for every tank in the system.
Some configurable options are connected to the discharge process, which might be
isothermal, adiabatic or real and others are related to the gas itself, providing the
option to switch between ideal and real gas. The ideal gas option was used in the
first stages of the model development in order to perform initial model validation.
The user can also initialize volume and pressure of the vessels, as well as initial
temperature. It is important to mention that temperature is considered global for
the system. This assumption supposes that the system has been exposed to the en-
vironmental conditions where discharge takes place, for a sufficient amount of time.
As such, the temperature of the vessel wall and the gas itself are in equilibrium with
the ambient temperature.
As stated above, compression is necessary at some point during tank discharging,
as the pressure in the tanks reduces from 700 bar down to 300 bar and below. A
suitable compressor for this purpose would be a reciprocating compressor, single or
double acting. The reason behind the choice of the compressor being reciprocating is
hydrogen’s low molar weight [5] and [12]. Another important characteristic of such
boosters is the fact that they are sealed properly in a manner that would not allow
for the hydrogen molecules to escape the compression system due to their small size.
Figure 3.4 illustrates the compression energy required to increase hydrogen pressure,
as percentage of the HHV of hydrogen in MJ/kg [9] and [27]. As shown, the two
extremes among which the real compression will operate, are the adiabatic and
isothermal compression processes. In the adiabatic compression, no heat exchange
takes place between the hydrogen and the ambient and it essentially takes place
under constant entropy [27]. Under the assumption of the isothermal process, on
the other hand, the gas temperature remains constant throughout the compression

17



3. Methods

Figure 3.4: Compression energy required as a function of final pressure [9]

Figure 3.5: Fuel flow conversion technique

process. For increased system efficiency, the real compression process line should
lie as close to the isothermal as possible. Another important point extracted by
examining Figure 3.4, is that the lower the gas pressure is, the more costly it is to
bring it to useful levels of pressure, which would be around 300 bar as previously
stated. The cost is 4.5% to raise the gas pressure from 50 to 300 bar, while it is
3.5% to raise the gas pressure from 300 to 800 bar. The percentage refers to the
ratio of compression energy over hydrogen HHV. Since the first case of compressing
from lower pressure levels fits the application assumed in this work, approaching the
isothermal compression process would significantly reduce the compressor operation
cost.
The purpose of this work does not involve investigating injection strategies and how
these will affect the system, as a whole. Nevertheless, some background information
is needed in order to understand the general context and specific choices that were
made. The choice for the assumed injection pressure of 300 bar is based on the
assumption that the H2 combustion system would behave similarly to the one using
natural gas. Engine tests and simulations have shown that this assumption is gen-
erally true, thus 300 bar injection pressure is a good starting point for the HPDI H2
engine development. Hydrogen has a very high auto-ignition temperature of around
853K, while for diesel, for example, the auto-ignition temperature is around 523K.
This work mainly assumes that hydrogen is directly injected in the cylinder at a late
compression stage, with diesel pilot injection. Diesel pilot is only used to ignite H2
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Figure 3.6: The HSS block incorporated in GSP

a1 2.3443112
a2 7.98052075 ·10−3

a3 -1.9478151 ·10−5

a4 2.01572094 ·10−8

a5 -7.37611761 ·10−12

Table 3.1: Coefficient values for hydrogen cv - NASA polynomials, temperature
range 200 - 1000K

as the latter has too high auto-ignition temperature [28], [29] and [30].
As shown in (2.2), the temperature profile is given by a differential equation con-
taining temperature itself. For this purpose, the Simulink model constructed to
illustrate the equation consists of a loop, containing an integrator that provides an
initial condition to the system, as depicted in Figure 3.7. The specific heat under
constant volume cv calculation was performed through NASA polynomials coeffi-
cients for hydrogen through (3.1). The coefficients used are provided in Table 3.1.
This analytical calculation of the specific heat decreases the error in the calculation
performed, although there is no significant deviation with the results calculated with
constant cv of 10160 J/kgK.

cv =
(
a1 + a2T + a3T

2 + a4T
3 + a5T

4
)

R − R (3.1)

The set of blocks illustrated in Figure 3.8 was employed in order to simulate the
instantaneous hydrogen mass in the tanks. The advantage of this system is that it
can be copied and used for each tank, independent of the total number of tanks in
the system. It uses the mass flow requirement adapted to hydrogen, as described
in Figure 3.5 as well as the initial hydrogen mass for each tank participating in
the system. With the input described above, it calculates the instant hydrogen
mass through an integrator block and it feeds it as input in order to calculate the
thermodynamical properties of the specified tank.
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Figure 3.7: The temperature profile calculation blocks

Figure 3.8: Mass integration blocks - HSS
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3.2 Standalone model 2.0
As stated, the need to save valuable computational time led to the development of
the final and most updated version of the standalone model, which incorporates the
model’s capability to simulate a number of different drive-cycle scenarios, without
the need to unnecessarily solve all the drive-cycle quantities that are not affected by
change in the HSS setup.
Standalone model 2.0 is able to solve the typical drive-cycles in the order of minutes
and is found to be almost 100 times faster compared to running the entire GSP
model. The inputs used in this version are presented in Figure 3.9 and they were
retrieved from company files containing the relevant information for the correspond-
ing drive-cycle. It has been mentioned before, but it is useful to repeat that these
quantities are torque, total flow rate to the engine, which contains the LHV mass
conversion, engine speed and vehicle speed. All of these quantities are provided in
S.I. units, with engine speed in radians per second. The vehicle speed was provided
in order to calculate the distance achieved in each drive-cycle via signal integration.
For each of these variables that are externally loaded in the Simulink model from
.mat files created in MATLAB workspace, the loading sample rate was selected so
as to match the sample rate at which they were retrieved from GSP.
The improvements that this version of the model underwent compared to the GSP-
integrated version are described below. First of all, the interface had to be re-
designed, since a major component was accounted for in the model. This component
is the buffer tank which will be analyzed further in the respective section. In order
to briefly justify the buffer existence, it is sufficient to say that it is responsible for
matching the engine flow rate and pressure demand, by alleviating the need for a
large compressor.
Another model segment that underwent changes is the tank model itself. Although
the initial model development stage, namely the first standalone model and the
GSP-integrated version, consisted of several blocks to execute simple tasks such as
adding or multiplying signals, in standalone 2.0 most of these tasks were compiled
in a single function for each tank, consisting of multiple inlet/outlet signal ports, as
depicted in Figure 3.10.

3.3 Heat transfer modelling

3.3.1 General notes
In order to simulate heat transfer between the stored gaseous hydrogen, the storage
vessel and the ambient air, (2.6) was employed in a global form, as illustrated in
(3.2). The heat transfer coefficient h, is estimated through the Nusselt and Rayleigh
number as illustrated in (2.7) and (2.11). The current state of the model contains
all the relevant blocks to perform these calculations but they are inactive. This
choice was made to perform simplified calculations as an initial indication. Upon
retrieving some data, those blocks shall be activated and complexity will gradually
be introduced in the HSS. The current state of the simulations consists of two ex-
tremes selected in order to provide the whole operation spectrum of the heat transfer
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Figure 3.9: Main quantities retrieved from Volvo Group drive-cycles

Figure 3.10: Updated tank model with a single function solving thermodynamical
quantities
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Figure 3.11: GT-Suite simulation of tank pressure as a function of time, imple-
menting different heat transfer models

model. This operation spectrum will lie between two processes, the adiabatic and
the isothermal process, similar to the compressor operation.

Q̇ = hA (Tw − Tg) (3.2)

In order to extract some initial results regarding the real vessel discharge process and
to validate the developed Simulink model, a simplified tank model was developed
in GT-Suite, employing real gas equations and type IV tank technical properties.
The results of these simulations are presented in Figure 3.11. The simplified GT
model constructed is shown in Figure 3.12. With more realistic wall heat transfer
estimations, the gas pressure during the discharge process tends to fall between the
adiabatic and isothermal results, as expected. However, initially when the temper-
ature drop is not large, the real heat transfer case tends to follow the adiabatic
curve, whereas later in the drive-cycle when the temperature drop is larger, the heat
transfer increases and the process moves closer to the isothermal discharge. Gener-
ally, this exercise shows that, as an initial simplification, the real discharge process
can be assumed to be an average between the isothermal and adiabatic processes.
However, it also demonstrates the need to develop accurate heat transfer models,
which is further presented in Section 3.3.2. Regarding the simulated adiabatic and
isothermal processes, they were applied in the heat transfer by substituting h in (3.2)
with the value of 0 W/(m2K) for the adiabatic and 105 W/(m2K) for the isothermal
case.

3.3.2 Application-specific modelling
As illustrated in Figure 3.11, the real discharge process is much closer to the adia-
batic emptying process than to the isothermal one in the beginning of the process,
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Figure 3.12: GT-Suite domain, property of Volvo Group AB

while the situation is reversed towards the end of the emptying process. It is also
clear that the isothermal discharge process is the most advantageous, since for the
same discharge time it is responsible for a higher remaining pressure inside the stor-
age vessel. In Figure 3.13, a quantification of this difference in tank utilization
is provided. In this illustration, a constant mass discharge rate was employed for
the two processes. A 12% difference is noted in terms of state of charge in the
tanks, upon comparing the two extreme cases for the two corresponding empty-
ing processes. With the isothermal process, the tanks reach the target pressure of
300 bar having used around 47% of the stored hydrogen mass. The corresponding
tanks utilization with the adiabatic process reaches approximately 34.5%. With the
isothermal discharge process, more hydrogen mass is consumed before the target
pressure is reached, thus making this type of process more advantageous from the
compression energy preservation standpoint, where the compressor can be used less
which leads to improvement of the overall system efficiency and fuel consumption.
The x-axis of Figure 3.13 represents the tanks state of charge and is calculated as
the initial hydrogen mass over the instantaneous mass during discharge.
In order to fully grasp the heat transfer mechanism employed to simulate tank
discharging, refer to Figure 3.14. The gas inside the tank was treated as bulk and
the inner aluminium layer and the outer CFRP layers were treated as the inner and
outer walls, respectively. Between the gas and the inner wall, heat is exchanged
through convection. The same is true for the ambient air and the outer wall. In the
case of the inner to outer wall, heat is exchanged through conduction and it was
assumed that the connecting point of these 2 surfaces has a zero-contact thermal
resistance, which means that no air layer exists between the two material surfaces.
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Figure 3.13: Tank pressure as a function of state of charge during isothermal and
adiabatic discharge processes

In the simulations performed for the scope of this thesis, ambient air temperature
was held constant, which is quite realistic since a truck would not travel for more
than 4 or 5 hours at a time and, during that time, the environment temperature
would be somewhat steady. In spite of that, it had to be established that the model
could handle a varying ambient temperature scheme in its calculations and indeed it
was proven that a varying scheme loaded through prerecorded data in the workspace
did not pose a problem for the model.
The experimental nature of the tank discharging application requires a different
expression for the Nusselt number to simulate heat transfer between the gas and the
inner tank wall. The expression in (2.8) might be sufficient for certain applications,
but, for this project, it is not considered sufficient since it does not incorporate
forced convection. Instead, it only incorporates natural convection with the use of
Rayleigh number and, for this reason, (3.3) was employed to simulate the Nusselt
number between the gas and the inner tank wall [31]. In (3.3), Ri is the Richardson
number and it expresses the ratio of buoyancy term over the flow shear term. In
the simulations performed in the progress of this thesis, the Richardson number
was almost always found to have values much higher than 0.1, thus convective heat
transfer between the gas and the inner tank wall is always mixed: natural and forced.
The Richardson number is expressed by (3.4), with the Prandtl number expressed
by (3.5) and the Reynolds number given by (3.6). Regarding the Prandtl number,
µ represents the dynamic viscosity with units [Pa·s], cp represents the specific heat
capacity with units [J/kg/K] and k is the thermal conductivity with units [W/m/K].
Regarding the Reynolds number, since it is a 0D model, the stored gas is treated as
bulk and velocity V is given by (3.7). In the case of Reynolds number calculation,
the characteristic length L is the tank diameter.

Nui =
{

Nuforcedx , Ri < 0.1
Numixed, otherwise (3.3)
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Ri = Rayleigh
Prandtl Reynolds2 (3.4)

Pr = µ

cpk
(3.5)

Re = ρV L

µ
(3.6)

V = ṁ

ρr2
innerπ

(3.7)

Rayleigh number in (3.4) is given by (2.11), provided in the previous chapter. The
Nusselt number terms in (3.3) are provided analytically in (3.8) and, as mentioned
previously, mixed convection is prevalent during tank discharge [31]. Apart from
(3.2) which describes convective heat transfer between the gas and the inner tank
wall, it is also required to model conductive heat transfer between the two tank lay-
ers, as well as convective heat transfer between the outer tank layer and the environ-
ment. Employing the resistance-based heat transfer model, it is possible to write the
corresponding differential equations for the calculation of inner and outer tank wall
temperatures, in each time-step, given by (3.9) and (3.10), respectively. Subscripts i
and o refer to the inner and outer tank wall layers, which correspond to aluminium
and carbon fibre, respectively. In (3.9) and (3.10), t, ρ and c represent layer thick-
ness, density and specific heat capacity, respectively. Heat transfer coefficient h for
the inner layer is provided in (2.7), while, for the outer layer, this parameter was
tested in a range of values rather than estimated by analytical calculation and will
be analysed further in the Results chapter. Tamb is the ambient temperature and is
held constant during the simulation and k is the thermal conductivity with units
[W/m/K]. All of the above values connected with material properties were retrieved
from data circulating within Volvo Group and will be withheld from publishing in
this thesis.

Nuforcedx = 0.7Re0.67

Nunatural = 0.104Ra0.352

Numixed = (Nuforcedx
n + Nunatural

n)1/n

n = 4

(3.8)
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Figure 3.14: Heat exchange between the gas and ambient air takes place via 2
different methods: convection and conduction

3.4 Compressibility modelling

Upon examining the divergence between ideal gas modelling and real gas modelling,
it was concluded that the simulations should be performed under the real gas as-
sumption. This choice is also strongly connected with the high storage pressure
of hydrogen. As it is illustrated in Figure 3.15, above a given pressure value, the
Joule Thomson coefficient becomes negative. This means that, while the coefficient
is negative, temperature rises while the pressure drops. Thus, while the gas ex-
pands, it is heated instead of cooled during a Joule-Thomson expansion process.
This counter-intuitive action takes place for negative values of the Joule-Thomson
coefficient and the way this coefficient acts on the gas is summarized in Table 3.2
[10]. In Figure 3.15, 3 different areas can be discerned. The area where µJT is
positive, which is located below the inversion temperature, the area where µJT is
negative, which is located above the inversion temperature, and the line where µJT
is zero, which is the case for ideal gases where the Joule-Thomson effect does not
take place. The inversion temperature for hydrogen is low compared to other gases,
around 190K [12]. Equation (3.11) can be used to estimate the JT coefficient which
is expressed as the rate of change of temperature with respect to pressure, under
constant enthalpy. For ideal gases, temperature does not exhibit any variation with
pressure, under the isenthalpic assumption. The contribution of the JT coefficient
is not taken into account in the model constructed, since it is not considered to
have a significant impact and it is intentionally disregarded. The explanation lies
on the fact that the JT effect only takes place during the so-called Joule-Thomson
expansion, which is an isenthalpic process of passing a higher pressure gas through
an orifice and expanding it to a low pressure on the other side of the orifice without
any heat transfer. Basically, it means that the JT effect may only occur over the
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Figure 3.15: Joule-Thomson coefficient

Gas temperature µJT is ∂P is ∂T must be gas
below inversion temperature >0 <0 <0 cools
above inversion temperature <0 <0 >0 heats

Table 3.2: Joule-Thomson coefficient behaviour [10]

pressure regulator valve, and its effects are known to be quite minor compared to
the normal turbulent sonic discharge effects.

µJT =
(

∂T

∂P

)
H

(3.11)

For the compressibility coefficient modelling, the set of equations in (2.5) was em-
ployed in the HSS. For the purpose of calculating the value of z, which represents
compressibility, had to be evaluated on each time-step. The first version consisted of
employing an algebraic constraint block in Simulink. As illustrated in Figures 3.16
and 3.17, this tactic consists of constructing a feedback loop. The loop is created
due to the fact that compressibility calculation requires pressure, while pressure
calculation requires compressibility. This creates an interconnection between the
two variables and increases computational time. The algebraic constraint block in
Figure 3.16 is internally provided with an initial estimate of compressibility so that
it can direct its solution through that. It was concluded that this guided estimation
does not play a significant role in terms of saving time or accurately calculating the
solution.
Upon compiling the GSP-integrated model, the algebraic loop proved to be prob-
lematic for the integrity of the model, especially when trying to run multiple cases
in batch mode. The solution arrived by employing numerical methods and, specif-
ically, the Newton-Raphson method. The principle is identical as presented above:
the goal is to estimate the compressibility, but this time through an iterative process.
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Figure 3.16: Algebraic constraint block solving for compressibility as in (2.5)

For this purpose, as done before, an initial estimate for compressibility was provided
and a value for tolerance was set to 10−11. With the use of a while loop inside the
main tank function depicted in Figure 3.10, the numerical method was employed in
order to obtain the solution. A break was placed inside the loop to avoid countless
iterations that would slow down and possibly cause the model to crash. Neverthe-
less, it was found that convergence was achieved after 2 to 5 iterations, which proves
that this method is suitable for the problem at hand. The applied Newton-Raphson
method for the compressibility equation in (2.5) is presented in (3.12).

z1 = zest

f(z1) = z3
1 − z2

1 + z1(A∗ − B∗ − B∗2) − A∗B∗

f ′(z1) = 3z2
1 − 2z1 + (A∗ − B∗ − B∗2)

znew = z1 − f(z1)/f ′(z1)
tol = abs(z1 − znew)

(3.12)

Typical values of compressibility during full tank discharge implemented in a rela-
tively demanding drive-cycle with low gross cargo weight is presented in Figure 3.18.
It is illustrated that the compressibility trend is very similar to the one depicted in
Figure 2.1.

3.5 Compressor & Buffer modelling
Hydrogen pressure in the storage vessels drops non-linearly with its consumption.
It is also illustrated in Figure 3.11 that the real discharge process will lie closer to
the adiabatic process, which reaches the target injection pressure of 300 bar faster
than the isothermal process does. In a simplified case with just one storage tank, or
multiple tanks contributing equally in the engine mass flow demand, the compressor
would be required to raise hydrogen pressure up to the requirement of the engine
when the hydrogen storage pressure falls below 300 bar, without accounting for
system losses. With losses, the compressor would need to begin operating even
sooner in order to be able to deliver the required pressure levels to the engine
cylinder.
The above system constitutes a simplified configuration of what an HPDI engine
might incorporate. In reality, to be able to meet the engine demand for flow rate
and pressure in such a direct manner, a very large compressor would be needed. This
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Figure 3.17: Compressibility parameters calculation

Figure 3.18: Hydrogen compressibility profile during complete tank discharge
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would bring manufacturing cost as well as volume cost upwards for such vehicles,
thus a more viable solution is considered necessary. The way to counter this issue
is to use some type of buffer storage, which is what this thesis incorporated. The
integration of the buffer in the system is as follows: the hydrogen gas tanks are
connected either with the compressor or with the engine directly. If the connection
is established with the engine directly, it means that the tanks are able to meet the
engine requirements and no compressor or buffer is needed. On the other hand, if
the gas tanks are connected with the compressor, it follows that the buffer will be
utilized along with it. That means that the only route from the compressor to the
engine is through the buffer. The working principle of the buffer is its discharging
and reducing its internal pressure while providing the fuel pressure and flow rate the
engine requires, for as long as possible. There exists a user-defined buffer pressure
range, during which the tank is used to cover the engine requirements. When the
buffer pressure drops below the lower limit of the predefined range, the compressor
is activated thus supplying gas to the buffer and raising its pressure. When the
buffer pressure exceeds the upper limit of the range, the compressor operation is
stopped, thus cutting off the fuel inflow into the buffer and allowing its pressure to
start reducing again. The stop function created for the model contains this condition
check to avoid endless buffer discharge and, also, to remain realistic in simulating
the process. The exact methodology and strategy implemented on the buffer will
be defined in a later section of this chapter.
Regarding the compressor modelling, this project was concerned with compressor
data available from 2 external suppliers that Volvo Group is in cooperation with, who
shall, remain nameless, for intellectual property protection reasons. For the scope
of presenting the findings with these two compressors, a naming convention will be
established and they will simply be called Compressor 1 and Compressor 2. More
information on the findings regarding these 2 compressors will be provided in the
Results chapter of this thesis, but for now it is sufficient to briefly comment on the
general characteristics of those 2 compressors, to the extent that the IP protection
rules allow. Compressor 1 is much smaller in size than Compressor 2 and it is the
one that operated in conjunction with the buffer. It was found that the design limits
of Compressor 2 were sufficient to cover both flow rate and injection pressure the
engine demands, in the drive-cycles data that were tested for the purpose of this
thesis. A simple sketch depicting the whole HSS with the interconnections between
the different parts simulated is presented in Figure 3.19.
Compressor 1 design was assumed to include only 2 values of injection pressure.
To simplify the compressor control, only 2 injection pressures were selected to rep-
resent the varying injection pressure in the real engine map. The logic that was
implemented to dictate the operation of the compressor is described with the help
of Figure 3.20. The intake pressure, which is the pressure at which hydrogen is
stored in the vessels, is a decisive factor on the compressor load calculation. The
importance of the intake pressure is supported by the fact that, through density,
it defines the maximum hydrogen mass flow rate that can be achieved and, thus,
dictates whether the engine operation point can be met or not. It should also be
noted that the compressor operates only when pressure drops below a certain level
and is useful until the vessel pressure reaches 50 bar, which constitutes around 90%
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Figure 3.19: Different pipeline routes assumed in order to cover the operating
spectrum with Compressor 1

hydrogen mass utilization for the isothermal process and around 78% for the adia-
batic process. Mass utilization is defined as the ratio of remaining mass to initial
mass of hydrogen stored in the HSS.

3.6 Strategy
In order to put the interconnections and the system described in Compressor &
Buffer modelling section into perspective, Figure 3.19 will be used. In this thesis,
the tank configuration examined was that of a bank consisting of 5 tanks, equally
contributing to the engine requirements in terms of flow rate. Both pipeline routes
correspond either to Compressor 1 or Compressor 2, depending on usage stage.
There are 4 different strategies implemented in this thesis and these are: simple
tank discharging (sd), discharging with the use of Compressor 1, discharging with
the use of Compressor 2 and "smart" tank discharging.
Simple discharge is the most simple solution one can come up with upon dealing with
the issue of achieving maximum utilisation of fuel in HPDI engines and it involves
discharging the tanks until they reach 350 bar pressure which signifies the end of
the simulation. It is expected that this strategy will not lead to competitive results,
but it serves as a reference for the rest of the simulations, where the compressor will
be introduced in the system.
Compressor 1 is the least capable of the 2, as mentioned. Incorporating this compres-
sor in the system is accompanied by inability to either match the injection pressure
or the engine flow rate, in certain route points and tank pressure levels. For this
reason, the buffer recharging technique was simulated, as described in Section 3.6.
This recharging technique is simulated in parallel with the tank discharging in the
form of a function in Simulink model and it consists of a simple set of rules:
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Figure 3.20: Compressor operation strategy implemented in HSS-GSP

• while tank pressure is above 350 bar, stage is 1
• if tank pressure is between 250 and 350 bar and the engine load at this time-

step is low, stage is 1
• if tank pressure is between 250 and 350 bar and the engine load at this time-

step is high, stage is 2
• if tank pressure is lower than 250 bar, stage is 3

In the case of Compressor 1 strategy, before the bank pressure drops below 350 bar,
the secondary pipeline is used in both Compressor 1 and Compressor 2 configura-
tions Therefore, the bank feeds the engine directly, bypassing the compressor/buffer
system. In the case of Compressor 2, once the pressure limit is met, the main
pipeline is constantly used until the end of the simulation and the buffer is assumed
to remain in charged state throughout the simulation. Since Compressor 1 has more
limited capabilities than Compressor 2, the need arises to establish a more complex
gas path in the HSS, otherwise the engine requirements in terms of flow rate and
pressure would not always be met. Therefore, in the case of Compressor 1, the
main pipeline starts being used once the pressure limit is met, with the parallel
recharging/discharging of the buffer, as described previously. Apart from the buffer
recharging technique, which does not account for any usage in the main pipeline,
the difference in the case of Compressor 1 is that, until the bank meets 250 bar
pressure, the secondary pipeline is used to cover low engine loads. That means that,
between 350 and 250 bar, the gas path alternates between the main and secondary
pipeline depending on the engine load. Figure 3.21 depicts the implemented strategy
in the case of Compressor 1. The limits of 350 and 250 bar are elected in order for
losses to be accounted for and the engine to be able to receive the assumed injection
pressure, for high and low loads, of 300 or 200 bar, respectively. These losses of 50
bar correspond to the route from the gas bank to the engine and they are mainly
attributed to expansion. The purpose of the regulator just before the engine is to
be able to alternate between the two pipelines and is a component consisting of a
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Figure 3.21: Stages are defined by tank pressure level and engine load

valve system responsible to deliver gas to the engine.
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Results

4.1 General comments
The general findings of simulations performed on Volvo proprietary drive-cycles are
presented in this section. In order to protect sensitive information, some of the vari-
ables such as distance or power have been normalized. The dimensionless form was
obtained for these two variables by dividing them with their corresponding maxi-
mum value throughout all cycles. The results produced in this chapter utilized 3
different drive-cycles that are integrated in GSP. For intellectual property reasons
the drive-cycles shall remain unnamed, although data describing the general prop-
erties of these cycles shall be presented, since this will make the figures easier to
examine, as well as provide some background so that conclusions can be drawn.
Figures 4.1, 4.2 and 4.3 illustrate the properties of the different drive-cycles imple-
mented. Uphill drive-cycle is a very intensive cycle with a very significant percentage
of its route consisting of inclined road, especially going uphill. Light and Normal
drive-cycles are very similar regarding the percentage of inclined road the vehicle
encounters, with their main difference being that the inclination on Normal cycle
variates more abruptly, constituting the Light cycle the easiest of the three cycles
studied and simulated. Therefore, "normal" and "light" refer to the drive-cycle in-
tensity in terms of inclination differences encountered in the route, which, in turn,
translates to engine load. Having introduced the main drive-cycles relevant to the
simulations performed, it is useful to mention a variable that strongly influences
the fuel consumption. This variable is gross combination weight (GCW) and it is
the gross weight of the vehicle plus the load. Once again, since these scalars con-
stitute sensitive information for Volvo Group, the exact GCW values are withheld.
However, the order of magnitude of the GCW values is several tens of tonnes.

4.2 Drive-cycles presentation
The results discussion will focus on the 3 drive-cycles that were described above,
since it is assumed that they are capable of providing general insight on what may
be encountered in a wide range of driving conditions. The figures presented in this
section aim at providing a general idea of the properties and the results expected
in each route. All variables except tank pressure and temperature are provided
in a normalized manner, in order to protect company IP. The normalized variables,
which are total hydrogen mass, engine flow rate, brake torque and compressor power
were normalized with their corresponding max value encountered in all 3 cycles.
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Figure 4.1: Road data for Uphill drive-cycle

Figure 4.2: Road data for Light drive-cycle
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Figure 4.3: Road data for Normal drive-cycle

Since the results shown in this section all assume isothermal tank discharge, 11%
remaining hydrogen mass is the maximum fuel utilization achieved in all 3 routes.
This hydrogen quantity corresponds to 50 bar pressure in the tank, which is assumed
to be the cut-off value, below which the tanks are considered "empty". Further
simulations results along with the rest of the configurations and discharge processes
will be reported later in the Results chapter, but, for simplicity and introduction to
the simulations, Figure 4.4, Figure 4.5 and Figure 4.6 are considered sufficient.

For every route, the gas compressor begins its operation once the tank pressure hits
350 bar, which corresponds to around 61% tank state of charge. This means that
only 39% of the fuel mass is consumed before the compressor becomes necessary to
match the demanded injection pressures. The Uphill DC (drive-cycle) is the most
demanding of the 3, judging from the road profile depicted in Figure 4.1, since the
altitude climb is around 700 meters, much more than the other 2 routes. Another
reason the Uphill is the most demanding of the 3 DC’s is that it incorporated
the highest cargo weight. This can also be observed from the average fuel flow rate,
which is 58% of the maximum value, and the cycle-average compressor power, which
is 13% of the overall maximum value. For comparison, the cycle-average compressor
power for the Light and Normal DC is 5 and 4%, respectively. The calculation of
the cycle-average compressor power refers to the whole cycle, including the initial
stage when the compressor is inactive, as its title suggests. The brake torque plots
appear to receive negative values in all routes. This can be explained by the fact
that torque measurement includes engine braking and these values are included in
the DC properties provided by Volvo Group.
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Figure 4.4: Uphill drive-cycle - High GCW - Isothermal discharge - Compressor 2
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Figure 4.5: Light drive-cycle - Medium GCW - Isothermal discharge - Compressor
2
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Figure 4.6: Normal drive-cycle - Low GCW - Isothermal discharge - Compressor
2

40



4. Results

4.3 Effects of strategy
Before proceeding with the results, and having introduced the main configuration of
the HSS in Figure 3.19, it is important to analyze in depth the different discharging
techniques, with or without the compressor. Apart from the discharging process,
which can be isothermal, adiabatic or real, the model also incorporates 4 different
strategies to discharge the tanks and aim at achieving maximum driving distance
with minimum parasitic losses. Parasitic losses refer to the auxiliary equipment that
are assumed to drain power from the engine and as far as this thesis is concerned,
on the basis of the powertrain, the only additional source of parasitic losses is the
gas compressor.
It was always assumed that buffer recharging initiates when the buffer pressure falls
below the target of 310 bar and does not stop recharging until it reaches 350 bar.
The stages were given reference numbers in order to visualize the process and draw
conclusions on which stage the simulation spends most of the time, depending on the
drive-cycle and the discharging process. Figure 4.7 depicts the complete simulation
implementing real heat transfer with Compressor 1, for the Uphill DC with high
cargo weight. All variables presented in this figure are related to pressure, except
for stage which represents the different pressure-load combinations as described in
the bullet section above. Buffer recharging starts once the tank gas pressure reaches
350 bar, as expected. The detailed version of the recharging is presented in Figure
4.8, where it can be noted that the recharging is usually slower than the discharging,
especially during intensive parts of the cycle where the buffer has to be used to cover
the engine flow rate, while it is recharging. This specific simulation terminates with
almost 200 bar remaining pressure in the main tanks. At this point, the buffer
pressure in Figure 4.7 seems to fall below the lower limit of 310 bar, which dictates
that the buffer is not able to cover the engine requirements in terms of fuel flow
rate.

4.4 Effects of payload weight
The results presented in this section perform a comparison on the Uphill drive-
cycle with different GCW implementation. As mentioned, the distance and the
compressor power are presented in their normalized form and, in order to scale these
values accordingly, the overall maximum of each of these two variables is obtained.
The overall maximum distance value achieved was noted in the Normal DC with
low GCW and isothermal discharge assumption, whereas the maximum compressor
peak power was achieved on the Uphill DC with high GCW implementation and
isothermal discharge assumption. Table 4.1 contains this information and the cor-
responding drive-cycles and their properties. With the Low GCW corresponding to
the reference value, the Medium GCW case corresponds to 2x the GCW-reference
and the High GCW corresponds to 5x the GCW-reference. An indication of the
way in which fuel consumption varies with GCW is provided in a normalized form
in Figure 4.9 where significant differences can be observed. This is a very broad
indication concerning the expected values for gross weight and the results provided
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Figure 4.7: Gas pressure as a function of distance. The compressor inlet pressure
matches the tank gas pressure when buffer is recharging.

Figure 4.8: Buffer pressure as a function of normalised distance. Buffer recharging
is much quicker than the discharging.
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Figure 4.9: Normalised hydrogen massflow for different cargo weight implementa-
tions. Higher GCW can raise fuel consumption up to 3 times in certain parts of the
drive-cycle.

Maximum values Drive-cycle Process GCW
Distance achieved [-] Normal Isothermal Low

Compressor power consumption [-] Uphill Isothermal High

Table 4.1: The drive-cycles used to obtain dimensionless values

in Figure 4.9 only refer to a small percentage of the route. Typically, initial stages
of drive-cycles tend to have elevated consumption due to acceleration. The average
consumption might not exhibit such deviation from low to high GCW, although it
is still significant.

In the context of the simulations performed for this thesis, the only weight-related
results presented will be with the Uphill DC, paired with Compressor 2 and discharge
implemented as real process. With these properties, results from two different cargo
weights are compared and discussed. Figure 4.10 compares the two cases by normal-
ising the values by the overall maximum obtained values, as shown in Table 4.1. The
Low GCW case achieves significantly larger range, around 52% of the maximum,
compared to the 22% achieved by the High GCW case. Gas temperature drop is
steeper for the High GCW case, which can be explained by the fact that mass and,
therefore, pressure drops faster as well.
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Figure 4.10: Comparative data for uphill drive-cycle with two different payload
configurations. Significant range advantage is noted on the Low GCW implementa-
tion.

4.5 Effects of the inner convection coefficient

In Figure 4.11, the minimum heat transfer coefficient value towards the end of the
cycle is very similar for the two cases simulated. Heat transfer coefficient depends
on Nusselt number, thermal conductivity and characteristic length. Characteris-
tic length is the same for every simulated case since it is a geometrical property
connected to the tank. Thermal conductivity depends on temperature and Nusselt
number depends mainly on Rayleigh number, which is a function of multiple other
variables.
Figure 4.12 depicts the gas, inner wall and outer wall temperatures for the Low
and High GCW cases. The upper part of the plot refers to the Low GCW case, in
which temperature is retained higher compared to the High GCW case, due to the
slower discharge of fuel, slower temperature drop and hence more time for the heat
transfer from the ambient to the colder gas. This allows more heat to be transferred
to the fuel, hence higher temperature to be maintained. The temperature trend
depicted places the gas temperature lower, the inner wall temperature follows and,
lastly, the outer wall temperature. This trend can be explained by the fact that
the inner and outer walls appear to have some delay in sensing the gas temperature
drop and it is in line with what the heat transfer mechanism applied. In Figure
4.13 the gas temperature and pressure is presented for the "real discharging process"
for the case of GT against the developed Simulink model, the so-called "GSP".
There is a maximum gas temperature difference of 18K, with the Simulink model
over-predicting the temperature and, thus, under-predicting heat transfer. Under-
prediction of the heat transfer means that the inner heat transfer coefficient has
been under-predicted with the value of 5 W/m2/K.
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Figure 4.11: Heat transfer coefficient as a function of normalised distance. Mini-
mum inner heat transfer coefficient is similar for the two different payloads.

Figure 4.12: Gas and wall temperatures as a function of driving distance. Inner
and outer wall temperatures follow the gas temperature trend for both cases.
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Figure 4.13: Gas temperature and pressure as a function of time (plots re-
trieved from Simulink model). Gas temperature differs by a max of 18K - hinner =
5 W/m2/K

4.6 Effect of external convection coefficient

As mentioned in Section 3.3.2, the modelled heat transfer mechanism applied does
not include analytical calculations of the external heat transfer coefficient. For this
reason, a range of values was tested and the simulation results will be presented and
discussed in this section.

All of the simulations performed for this thesis used a constant value of 5 W/m2/K
for the external convection coefficient and the results presented throughout this re-
port refer to this value, except for this section. The simulation tests performed in
this section used the simple discharge method, which does not assume any compres-
sor and uses the tanks until they reach 350 bar pressure. This method was selected
as the simplest and quickest method to provide insight on the effect the external
convection coefficient has on the range achieved. Figures 4.14, 4.15 and 4.16 depict
the distance-to-max achieved with 3 different values of external convection coeffi-
cients and for the isothermal discharge process implementation which assumes an
overall heat transfer coefficient of 105 W/m2/K. Distance-to-max represents the
range covered by the vehicle in relation to the overall maximum distance achieved
by any GCW, DC or discharge process, combined. Other values tested for the ex-
ternal heat transfer coefficient are 20 and 100 W/m2/K. In all 3 drive-cycles tested,
the coefficient value that causes the most significant deviation in terms of the range
achieved is the smallest one, 5 W/m2/K. For the other 2 coefficient values, the range
does not deviate significantly, especially with the value of 100 W/m2/K. Studies
performed both during filling and emptying of hydrogen tanks, report a constant
value of 6 W/m2/K for the external convection coefficient in Type IV gas tanks,
which is similar to the value used in the simulations of this thesis [8], [32]. The value
used for the external convection coefficient of h = 5 W/m2/K is also chosen based
on the GT-Power simulation results compared to the test data from the literature.
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Figure 4.14: Uphill DC external convection coefficients test

Figure 4.15: Light DC external convection coefficients test
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Figure 4.16: Normal DC external convection coefficients test

4.7 Compressor power estimation
The model currently assumes the use of a reciprocating mechanical compressor. The
engine is assumed to provide the necessary power for the compressor to operate, thus
one may think of the compressor as an energy sink or a parasitic loss segment in our
model.
Figures 4.17, 4.18 and 4.19 present the parasitic losses for all 3 drive-cycles, with
all discharge process implementation and all strategy configurations. With simple
discharge, parasitic losses are zero for all cases, since the compressor is inactive
throughout the simulation. There is an extra segment in the figures presented in
this section, named "SMART STRATEGY" and it constitutes the strategy developed
within Volvo Group. For reasons connected with intellectual property protection,
the details and methods governing this strategy cannot be revealed, but the results
are posted here for reference. The parasitic losses calculation in the figures provided
in this section, is described in (4.1). Compressor power is calculated through data
provided for the 2 compressor configurations, whereas torque and engine speed are
given by the GSP. In order to calculate the parasitic losses, the cycle-average values
of both the compressor power and the denominator’s product are calculated for each
time-step in the model.

parasitic losses = mean (compressor power)
mean (torque · engine speed) · 100% (4.1)

In all drive-cycle cases, the isothermal discharge showed the lowest losses, followed
by the real discharge process and the adiabatic. This trend is expected from theory,
since the pressure is held higher for the isothermal discharge which means that more
percentage of the drive-cycle can be completed before the compressor starts oper-
ating. Apart from that, once the compressor does start operating, higher pressure
means that less power is required to bring the injection pressure to the required
levels and, thus, lower parasitic losses are exhibited in this case. For the Uphill DC,
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Figure 4.17: Normalised parasitic losses - Uphill DC

Figure 4.18: Normalised parasitic losses - Light DC
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Figure 4.19: Normalised parasitic losses - Normal DC

the configuration incorporating Compressor 2 presents the largest parasitic losses,
amounting to 90 to 100% of the max losses, whereas the smart strategy exhibits
losses of about 50% of the overall maximum value. The same trend is true for the
Light DC, with the smart strategy showing values closer to the Compressor 2 sim-
ulations. The only drive-cycle in which smart strategy gives greater losses is the
Normal DC with Low GCW. This irregularity stands because the smart strategy is
a set of rules that ideally would be able to adapt to the drive-cycle encountered, but
this thesis focused on developing an all around package that can cope with most
of the duty cycles that might be encountered. The parasitic losses connected with
Compressor 1 are very low in all cases, showing ranges of 10 to 45%. This infor-
mation is not sufficient to judge whether Compressor 1 is the most suitable for the
purposes of this study, since the driving range has to be studied in parallel with the
losses in order to draw firm conclusions. Figure 4.7 is an example of this behaviour,
as the simulation is terminated with upwards of 200 bar of remaining pressure, as
Compressor 1 is not able to meet the engine flow rate. For this purpose, Figures
4.20, 4.21 and 4.22 are presented here as well.
In the Light and the Normal drive-cycles, Compressor 1 configuration might be an
appealing choice as, in many cases, it achieves comparable range to the Compressor
2 or the smart strategy configurations, with much smaller losses. This statement
is not true for the Uphill drive-cycle, where the range achieved with Compressor 1
is close to half of what the Compressor 2 or smart strategy configurations achieve.
In this case it would be much simpler and economic to apply the simple discharge
without the need for a gas booster and an elaborate mechanism that would apply
complex sets of rules. Compressor 2 range advantage is visible throughout the
different drive-cycles, although in the case of the Normal drive-cycle, the results are
comparable with every configuration except for the simple discharge.
It is difficult to definitely state that one strategy is advantageous over another one,
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Figure 4.20: Normalised range achieved - Uphill DC

Figure 4.21: Normalised range achieved - Light DC
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Figure 4.22: Normalised range achieved - Normal DC

since this is strongly connected with the drive-cycle and cargo weight combination
implemented for each route. The selection of the compressor size and HSS operating
strategy will depend on the applications that any particular truck is planned to be
used in. Thus, a careful techno-economic assessment will have to be performed
before making the selection.
The cases provided here are assumed to be compared in a direct manner. Direct
comparison means that it is clear which configuration required more compressor
power and how much more. Although the peak power achieved by the compressor
defines its size and capabilities, the average power is also a very important quantity
because it dictates the mean mechanical energy the compressor will require during
its operation. It is always the case that higher GCW configurations and adiabatic
discharge process yield higher average compressor power and, thus, parasitic losses
for the system as a whole. It should be noted that the parasitic losses refer to the
whole of the cycle, so it takes into account the initial stage of the simulations when
the compressor is inactive.

4.8 Effects of the drive-cycles
In this section, pressure and compressor power will be discussed for all 3 drive-cycles
and the different strategies implemented. In order to maintain simplicity and make
figures more understandable, only results connected with real discharging process
will be presented. This choice is also supported by the fact that the "real discharging
process" is attempting to reflect how the tanks would discharge in a realistic scenario.
Figures 4.23, 4.24 and 4.25 show the tank pressure as a function of the normalised
range achieved in the simulation. In the case of Compressor 1, where a buffer
tank was also used, in Figure 4.23, the buffer pressure variation is also presented.
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Figure 4.23: Compressor 1 implementation includes buffer pressure variation

In Figure 4.24, with Compressor 2 implementation, it can be observed that tank
pressure reaches similar values at the end of the simulation for each drive-cycle. On
the other hand, this does not seem to hold with Compressor 1 where, in Figure 4.23
it can be seen that the Uphill drive-cycle terminates with the highest remaining
pressure, followed by the Light drive-cycle and the Normal one. The explanation
behind this inaccuracy is that Compressor 1 cannot provide enough mass flow rate
and maintain the injection pressure. For the simple discharge case in Figure 4.25,
final tank pressure is always 350 bar because there is no compressor and the model
terminates the simulation once the pressure falls below 350 bar - the maximum
required injection pressure. Throughout the different strategy implementations, it
is a rule that the Normal drive-cycle achieves the higher range, followed by the
Light drive-cycle and the consumption-intensive Uphill drive-cycle, which achieves
the lowest range by far. The explanation behind the Light drive-cycle not achieving
the longest range is that it incorporates medium cargo weight. If this cycle was
tested with low cargo weight similar to the one in Normal drive-cycle, the results
would be reversed. Out of all 3 strategies, the one using Compressor 2 provides
maximum tank utilization, emptying the tanks down to the low limit of 50 bar. In
terms of state of charge, this limit of 50 bar corresponds to approximately 89% tank
utilization.
Figures 4.26 and 4.27 depict the compressor power for the different drive-cycles with
the model using Compressor 1 and Compressor 2, for the real discharge process.
Compressor 1 power consumption increases, moving from the Uphill drive-cycle
to the Normal drive-cycle. With Compressor 2, on the other hand, the situation
is reversed and moving from the Uphill drive-cycle to the Normal drive-cycle the
normalised compressor power seems to receive continuously reducing values with
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Figure 4.24: Maximum fuel utilization achieved with Compressor 2, emptying the
tanks down to 50 bar

Figure 4.25: Simple discharge set of rules imposes simulation termination at 350
bar tank gas pressure
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Figure 4.26: Compressor 1 achieves limited range in the Uphill drive-cycle - limited
power consumption exhibited as well

lower peaks. The two gas compressor systems exhibit opposing behaviour looking
at the normalised power consumption from one drive-cycle to another. Again, this
fact alone is not enough to draw firm conclusions and the range achieved in each case
has to be examined as well. Despite that, it is safe to assume that Compressor 1 is
not a suitable choice for the Uphill drive-cycle, since the compressor only operates
for a limited amount of the cycle and, in combination with the bar plots of Figure
4.20, it is clear that this assumption stands. The compressor power exhibits a
steep increase with the distance travelled and the trend is also non-linear. This
shows that increasing the vehicle range results in the increasingly large parasitic
loss and penalty on the powertrain efficiency, as well as requires increasingly larger
compressor size. This observation is also in agreement with the results presented in
Section 4.7 and specifically Figures 4.17, 4.18 and 4.19. The parasitic power figures
show very large fluctuations, and peaks do not tend to last for prolonged periods of
time. This suggests that a smaller compressor with lower mass flow rate capacity,
and hence smaller maximum power consumption, can be used in combination with
a buffer tank. In such scenario, the peaks in the fuel flow demand can be covered by
discharging the buffer tank, while compressor would recharge it during the periods
of lower demand which are more prevalent, thus simultaneously allowing to reduce
the parasitic losses and meet the engine fuel flow demand at all times.
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Figure 4.27: Similar normalised power consumption estimated for the Light and
Normal drive-cycles
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5
Future work

At this point, there are indications regarding the capabilities and general proper-
ties of the HSS and the compressor, since the model explores the complete working
range. These indications point to the suitable strategy that should be implemented,
depending on the route and the vehicle configuration. This was partly achieved
by setting up the 2 extreme discharging processes governing the discharging and
receiving an indication through GT regarding which one best describes a realistic
scenario. Also, various factors were studied in the Results chapter, such as strategy,
payload weight, convection coefficients, compressor power requirements and drive-
cycle encountered. Since it was found that the compressor choice plays a significant
role in the range achieved by the vehicle, it is suggested that future work focuses
on gathering compressor map data from multiple companies or assuming different
compressor sizes. This will point to the optimal design of the HSS, taking into ac-
count the dependencies mentioned previously and studied in Results. Below follows
a list of the most important steps for future work:

• work towards developing a strategy that would adequately and conveniently
fit all or most of the drive-cycles available in order to reduce the need to adapt
complex sets of rules and mechanisms to the needs of the route

• exploring different discharging strategies is an essential part of this operation,
since this will reduce the parasitic losses through the compressor and, in turn,
increase the driving range achieved

• further work on the buffer tank development
• integrate a heat exchanger model into the system, since there will be a need

for one, judging from the temperatures encountered during operation
• strive to calibrate against all relevant data available, which are limited
• connect the existing model with GT-Power, either by developing from scratch

in GT or by coupling with the existing model
• perform engine performance simulations in GT-Power
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A
Appendix 1

The analytical calculation of the 1st Law of Thermodynamics, leading to the expres-
sion presented in (2.1) is provided in this section, in (A.1).

dU

dt
= dH

dt
− dQ

dt
⇒ dugmg

dt
= dhgmg

dt
− Q̇ ⇒

ug
dmg

dt
+ mg

dug

dt
= hg

dmg

dt
− Q̇ ⇒

ugṁg + mg
d(cv(T )Tg)

dt
= hgṁg − Q̇ ⇒

cv(T )mg
dTg

dt
= (hg − ug)ṁg − Q̇ ⇒

dTg

dt
= 1

cv(T )mg

(ṁgpgvg − Q̇)

(A.1)

Some of the Simulink model shots are presented here for further insight in the
structure and format of the model.

Figure A.1: Outside view of the Bank & Buffer blocks
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Figure A.2: Outside block view of the HSS

Figure A.3: The main menu structure
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