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ABSTRACT

Driving simulators play an important role in the automotive field, especially in the
research about human factors and in the development of driving assistance systems.
For this reason, driving experience should be as close as possible to reality. The
mathematical model, describing vehicle dynamics, plays a fundamental part in
providing this “reality feel”, since it is used by the simulator to compute vehicle
motion.

This Master’s thesis has the aim of refining an existing vehicle dynamic model for a
driving simulator, developed in Modelica ® programming language, in order to make
the driving experience closer to reality. In particular, this work is focused into two
areas: the first concerns the development of vertical dynamics, in order to extend the
degrees of freedom of the vehicle model from ten to fourteen. The second is related to
the development of a more accurate steering system model, for both improving the
steering feel and the steering dynamics.

The vehicle model has been validated through different steps. First of all, its response
to different manoeuvres has been compared with the one provided by a real car. This
comparison has been made by confronting the model data with the real vehicle ones,
coming from test track measurements. Then the model has been tested in the
simulator by different drivers, who had to evaluate its behaviour.

Key words:

Vehicle dynamics, vertical dynamics, non-linear suspensions, friction models,
steering feel, steering system modelling, driving simulator, Modelica ®, model
validation.
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Notations

Romans upper case letters

A Assistance coefficient.

Agervo Area of the piston in the servo
assistance cylinder.

Apqq Brake pad area.

CF Dahl model coulomb friction level.
C Normalized thread stiffness.

C, Vehicle drag coefficient.

Cservo Servo assistance coefficient.

CompMz, Self-aligning torque
compliance rear wheels.

CompMz, Self-aligning torque
compliance front wheels.

CompFy, Lateral force compliance rear
wheels.

CompFyy Lateral force compliance front
wheels.

Cinpue Clutch position.

Ct paa Disk-pad friction coefficient.
D;¢cn Pitch axis torsion damping.
D,.qy s Front axle roll damping.

D, .11~ Rear axle roll damping.

D, Steering wheel damping coefficient.

Dy, s Fast bump damping coefficient of
front shock absorbers.

Dgy,, Fast bump damping coefficient of
rear shock absorbers.

Dy, ¢ Fast rebound damping coefficient of
front shock absorbers.

Dy, Fast rebound damping coefficient of
rear shock absorbers.

Dgp, ¢ Slow bump damping coefficient of
front shock absorbers.

D, Slow bump damping coefficient of
rear shock absorbers.

D, .. Slow rebound damping coefficient
of rear shock absorbers.

D, ; Slow rebound damping coefficient
of front shock absorbers.

D,..cx Rack damping.

D Steering wheel and column
damping.

Dgpock  Damping coefficient of shock
absorber in front suspension.

Dhock» Damping coefficient of shock
absorber in rear suspension.

Fgymi Force on suspension i in full
weight vehicle configuration.

F hump stop i FOrCe on suspension i due
to bump stopper
intervention.

F.urpi FOrce on suspension i in curb
weight vehicle configuration.

F; Heave natural frequency of the front
sprung mass.

F,, Force acting on the pinion.
F¢ervo Servo assistance force.

FX; Total tire force in longitudinal
direction.

FY; Total tire force in lateral direction.

F gntironni FOrce produced by the anti-
roll bar in suspension i.

Fpank Bank resistance force.

F.; Force transmitted by suspension |

to the chassis.

F,4; Force produced by the damper in

suspension i.
F4rqg Drag resistance force.

F.., Lateral external forces.

Fext» Longitudinal external forces.
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F, Heave natural frequency of the rear
sprung mass.

F,; Force transmitted by the road to wheel
I.

Fr; Resistant force on the rack.

Frouing i RoIling resistance force at wheel
I.

Frouing Rolling resistance force.

F,; Force produced by the spring in
suspension i.

Fgope  Slope resistance force.

in
Fx; o r1x Tire longitudinal force without

taking into account relaxation
length.

Longitudinal force tire i.

Fy; Lateral force tire i.

Fy; wo rix Tire lateral force without taking
into account relaxation length.

Fz; Tire vertical force.
I, heer Wheel and tire moment of inertia.

I, Vehicle moment of inertia with respect
to x axis.

Lantirou g Frontanti-roll bar inertia.
I antirou+ Rear anti-roll bar inertia.

I, Vehicle moment of inertia with respect
to z axis.

J Steering wheel and column inertia.
Jsw Steering wheel moment of inertia.
Kpitcn Pitch axis torsion stiffness.
K,ou s Frontaxle roll stiffness.
K,.u - Rear axle roll stiffness.

K, Stiffness of the spring of front
suspensions in normal operative

K aniirorr» Rear anti-roll bar torsion
stiffness.

K, Stiffness of the spring in front
suspension.

K, Stiffness of the spring in rear

suspension.
K, Tire vertical stiffness.

K, Stiffness of the spring of rear
suspensions in normal operative
area.

Kpump 5 Stiffness of bump stopper of
front suspensions.

Kpump » Stiffness of bump stopper of
rear suspensions.

K, Dahl model spring constant.
L, Distance between CG and front axle.

L, Distance between CG and rear
axle.

Lieyer ¢ Front anti-roll bar lever arm.

Liever» Rear anti-roll bar lever arm.

Mr; Resistant torque produced by the
tire forces around the steering axis
of wheel i.

Mz; Self-aligning torque of tire i.

Mz; o rix  Tire self-aligning torque

without  taking  into
account relaxation length.

Pg.rvo SEIVO assistance pressure.

P,; Front brake pressure at master
cylinder.
Py umic Rear brake limit pressure at
master cylinder.
Py, Rear brake pressure at master

cylinder.

R,om Tire nominal radius.

area.
: . Roll st Front wheels roll steer
Krg Torsion bar stiffness. f .
compliance.
K gnii Front anti-roll bar torsion
antiroll f ) Rollst,  Rear wheels roll steer
stiffness. .
compliance.
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SAL Steering arm lever length.
S; Tire combined slip.

S,.i Tire longitudinal slip.

S,; Tire lateral slip.

T,; Braking torque at wheel i.

T4 Driving torque at wheel i.

T, Steering wheel friction torque.

T, Steering wheel torque.
T+ Torque acting on the torsion bar.

Internal variable in the
transmission model.

Tengine,int

Tenginemax Maximum engine torque.
Tenginemin  Minimum engine torque.
Tengine ENgine torque.

T

input 1 Orottle position.

Roman lower case letter

a Vehicle lateral acceleration.

y
a, Vehicle longitudinal acceleration.

d,,n; Distance between CG and roll axis.
d, Rear anti-roll bar diameter.

dyiccn  Distance between CG and pitch
axis.

ds Front anti-roll bar diameter.
dqy Front brake disk diameter.

dg,- Rear brake disk diameter.
dyiston Caliper piston diameter.

fr  Rolling resistance coefficient.
fsw steering column filtering coefficient.
g  Gravity acceleration.

hgc Frontroll centre height.

h,... Rear roll centre height.

hc; Centre of gravity (CG) height.
ir Total transmission ratio.

i; Transmission ratio of gear i.
ifina Final gear transmission ratio.
L., tire relaxation length absorber.
m Total vehicle mass.

mg vehicle sprung mass.

m,, vehicle unsprung mass.

mg; Fraction of vehicle sprung mass
laying on suspension i.

m,,; Fraction of vehicle unsprung mass
laying on wheel i.

m, . Rack mass.

mgy ; Fraction of the gross vehicle mass
laying on suspension i.

T, Pinion radius.

Trgp Scrub radius.

r. caster trail.

ty Fronttrack.

t, Reartrack.

toey Front wheels toe angle.
toe, Rear wheels toe angle.

v, Absolute lateral velocity.

v,; Tire longitudinal velocity.

v, Absolute longitudinal velocity.

v,  Absolute lateral acceleration.

v,  Absolute longitudinal
acceleration.

v,; Tire lateral velocity.

v Tire slip velocity.

Vpump f Transition velocity between

slow and fast bump for front
shock absorber.
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Vrebound f 11aNSition velocity between
slow and fast rebound for
front shock.

Transition velocity between

slow and fast bump for rear
shock absorber.

vbump r

Vyeboundr Yransition velocity between
slow and fast rebound for
rear shock absorber.

Xrack Rack displacement.
X,ack Rack velocity.
Xrack Rack acceleration.

z; Displacement of the sprung mass in
the attachment point with suspension
I.

z, Sprung mass displacement.

zz; Velocity of the sprung mass in the
attachment point with suspension i.

Z¢; Acceleration of the sprung mass in
the  attachment  point  with
suspension i.

z,; Displacements of the unsprung mass
(wheel hub) of wheel i.

z,, Unsprung mass displacement.

Z,; Velocity of the unsprung mass of
wheel i.

Z,i Acceleration of the unsprung mass of
wheel i.

z,; Road profile under wheel i.

zce CG vertical displacement.

zgeymi Displacement of the spring of
suspension i in full weight
vehicle configuration.

Zpump stopi Maximum displacement of
the spring of suspension i
during the intervention of
the bump stopper.

Greek lower case letters

a,neer Wheel acceleration.
¥ King pin angle.

6 Steering wheel angle.
Owi

6;ne Internal variable for steering
model.

Road angle of wheel i.

Nerans Tansmission efficiency.
0 Roll angle.

6 Roll rate.

6 Roll acceleration.

0rp Torsion bar angular velocity.
0,.,2a Road bank angle.

¢ Pitch rate.

@ Pitch acceleration.

61 Torsion bar angular displacement.

Wi F(icti_on coefficient between road and
tire i.

Wy Sliding friction constant.

&; Brush model internal variable.

Pair Air density.

o Dahl stiffness coefficient.

T Caster angle.

¢ Pitch angle.

Proaa ROad slope angle.

P Yawangle.

Y Yaw rate.

Y Yaw acceleration.

Wengine ENGine rotational velocity.
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0, Pinion angle. Wengineine INternal variable in the
®yneer Wheel velocity. transmission model.

Greek upper case letters

AFz,,;, Rearaxleroll load transfer.

AFz,,;; Frontaxle roll load transfer.

AFZzy,;cp,  Pitch load transfer.
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1 Introduction

This report describes the activity devoted to refine an existing vehicle dynamic model
(VDM) for driving simulators, used to compute in Real-time the dynamics of a
passenger car. This mathematical model has been implemented in the Sim IV, an
advanced driving simulator located at the Swedish Road and Traffic Research
Institute, known also as VTI, in Géteborg.

As a research institute, VTI deals with different themes related to the automotive
world such as: passive safety, roads and infrastructures maintenance, tyre testing, air
quality and noise measurement, traffic and driving simulation. In particular, VTI has
more than forty years of experience using driving simulators and is a leading authority
both in conducting simulator experiments and in developing simulator technologies.

Driving simulator experiments are very important because they allow understanding
the driver response in different conditions. For example, a simulator can be used both
to investigate how the driver reacts to new technologies related to active safety (i.e.
line keeping devices, stability control systems, etc.) and to investigate the effect of
drug, alcohol and tiredness on the driver. Since the main target of driving simulator is
to analyse driver behaviour, the driving experience should be as close as possible to
reality, in order to produce accurate and credible results.

1.1  Driving simulator

A driving simulator, whose structure is shown in Figure 1.1, is made by different
subsystems, which must work in synchrony in order to guarantee the best performance

of the simulation.
Driving
simulator

Vehicle Graphic Sound Motion Vef-ucle
bi Dynamic Model
cabin system system platform
(VDM)

Figure 1.1: driving simulator structure.

The vehicle cabin is the main interface between the driver and the simulator. Sim IV
can host both a car cabin (Volvo XC-60) and a truck cabin (Volvo FH 16-700): they
are shown in Figure 1.2. The graphic system consists of a 180 screen surrounding the
vehicle cabin and covering the entire driver vision field. The scenery is represented on
the screen using projectors. Furthermore, all the rear view mirrors (both internal and
external) have been replaced by LCD screens to represent the environment behind the
vehicle, as shown in Figure 1.3.

CHALMERS, Applied Mechanics, Master’s Thesis 2013:10 1



Figure 1.2: vehicle cabin of Volvo XC-60 and Volvo FH 16-700.

The sound system is formed by several speakers inside the cabin. The sound model,
used by the speakers, reproduces the car sound in function of different factors such as
velocity, engine load, road characteristic etc. Furthermore, a microphone allows the
communication between driver in the simulator and engineers in the control room.

Figure 1.3: graphic system.

The motion system is the responsible of reproducing the vehicle dynamic states,
present in real driving, through several actuators. The cabin is mounted over a motion
platform through a Hexapod architecture. The motion platform can move both in
longitudinal and lateral directions, to generate longitudinal and lateral accelerations.
Vertical displacement, yaw, pitch and roll are generated by the Hexapod system,
shown in Figure 1.4. The aforementioned structure allows simulating both lateral and
longitudinal accelerations for a maximum value of 0.6g. The VDM s the file
containing the set of equations describing vehicle physics. It is used by the simulator
to reproduce the dynamic of the vehicle, depending on inputs coming both from the
driver (i.e. throttle position, steering wheel angle etc.) and from the road (i.e. road
profile, road-tire friction coefficient, etc.).

2 CHALMERS, Applied Mechanics, Master’s Thesis 2013:10



1.2

Figure 1.4: Hexapod system.

Project definition

VTI and Chalmers University of Technology developed in 2012 a VDM for driving
simulator using Modelica® as programming language.[11] The model works well, but
it can be improved in different areas. The aim of this thesis is to refine this existing
VDM. In particular, the work is focused on:

Developing vertical dynamics in order to get vehicle response from road
roughness.

Improve the model to compute in a more accurate way roll and pitch response
in quick transient manoeuvres.

Developing a new steering system model to improve the steering feel
provided by the VDM.

The refined model has then to be validated using the Sim IV.

1.3

Model characteristics

The refined model must satisfy the following characteristics:

It must compute the vehicle motion considering 14 degrees of freedom. In
particular the sprung mass has 6 degrees of freedom: 3 rotations (yaw, pitch
and roll) plus 3 translations. Each wheel has 2 degrees of freedom: 1 rotation
and 1 vertical translation.

It must provide a more realistic steering feel.

It must be parameterized in a realistic and flexible way, so that it can be used
to represent different cars.

The model must be as simple as possible (according to the targets that it has to
reach), in order to be easily modified and to avoid numerical problems that
cause instability while tested.

CHALMERS, Applied Mechanics, Master’s Thesis 2013:10 3



1.4

Model limitations

The VDM developed in this Master’s thesis has some limitations, which are listed

below:

It is validated to perform in linear conditions because this is the range of usage
of the simulator. So it represents the behaviour of a car driven in normal
conditions, but it is not reliable in representing car behaviour in non-linear
conditions, that is when the vehicle is driven up to its limits.

It is developed assuming the hypothesis that the wheels are always in contact
with the ground. So, wheel lift phenomenon is not captured by the model.
Furthermore, camber angle is not considered.

Wheels can move only in vertical direction, since the suspension geometry has
been neglected.

The work of this thesis does not involve a NVH (Noise, vibration and
harshness) analysis for the vertical dynamic model.

The steering model developed in this work has some limitations itself: it does
not represent steering dynamics in parking conditions, the rack friction is
constant over rack displacement and the rack damping is assumed to be linear.

The refined model uses the previous driveline, brakes and tire models, with
their own limitations.

All these limitations can be seen as a starting point for future works devoted to
improve the model.

CHALMERS, Applied Mechanics, Master’s Thesis 2013:10



2 Background

This section aims to give an overview on the previous work, done in 2012 to develop
the VDM used as a starting point of this thesis. In particular, the motivations that led
to the development of the VDM are explored. Furthermore a brief description of the
model is given.

2.1  Motivations

The vehicle dynamic model currently used in the simulator was initially developed in
1984 and it was implemented using FORTRAN 77 as programming language. This is
a complete vehicle model which has been validated in different conditions and the
results correspond well with field test data. The drawbacks of this model are several:
first of all the programming language, which has a code that becomes more and more
difficult to read when the model is updated or some changes are applied, if compared
with newer programming languages. (For example the FORTRAN 77 code allows a
maximum length of the variable name of 8 characters). Furthermore this model has
been parameterized using the data of an old Volvo (V40), which has a dynamic
behaviour that differs from more recent cars.

The use of FORTRAN code was probably the best option in 1984, but a lot of new
programming languages have been developed in the last 25 years. Most of them
provide simpler codes and more user friendly environment.

Since VTI performs a wide range of experiments in its simulator, the vehicle dynamic
model should describe contemporary cars and should be easy to adjust properly, to
perform different experiments. These are the reasons that led to the development of a
new VDM, using a new programming language.

2.2  Programming language

Nowadays there are different programming languages for Real-Time applications.
One of the most used software is Matlab Similink ®. It is a well-known tool for multi-
domain simulation and model-based design for dynamic and embedded systems and it
has extensions to run in Real-time simulations, like XPC Target available in Sim IV.
But its block-oriented programming language has limitations in term of flexibility and
ease of use. Furthermore the model implementation requires some initial
mathematical work to obtain the required variables in the proper order. For these
reasons Modelica ® has been chosen as programming language. It is a non-
proprietary, object-oriented and equation-based language developed by a non-profit
organization. It is used to model complex physical systems and there are different
commercial software using it, such as: CATIA Systems, Dymola, JModelica,
AMEsim, MapleSim, MathModelica, OpenModelica, SimulationX, etc. The one used
in this thesis is Dymola 2013, developed by Dassault system. A physical system can
be modelled in Dymola by simply writing the equations describing it and the software
deals internally with the system of equations to obtain a conventional form that can be
solved numerically. Furthermore, Dymola provides feature that allow exporting the
model in Simulink to run it in Real-time. So the vehicle dynamic model can be edited
and modified easily and quickly in Dymola environment and can be exported to
Simulink whenever it has to perform a Real-time simulation. Figure 2.1 shows the
workflow of this thesis and the software used in each step:
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Figure 2.1: Thesis workflow.

So, the objective of VTI is to have a complete vehicle model, written in Modelica,
that can be used to replace FORTRAN model in the Sim 1V. In 2012 the first Modelica
VDM was implemented at VTI by Jorge Gomez Ferndndez, [11]. It has been
implemented in the Sim 1V and it has been parameterized according to the data of a
Saab 9.3 vehicle. Now there is the need to refine this model, to make it closer (in
terms of completeness) to the FORTRAN one. This is the context in which this
Master’s thesis is written in.

2.3 Description of the starting VDM

A vehicle dynamic model is made by different subsystems: chassis, wheels, tires,
suspensions, steering system, driveline and brakes. In the following paragraphs only
the chassis, suspension and the steering models are described, because these are the
areas on which the refinement is focused. The remaining subsystems are described in
the Appendix B.

2.3.1 Chassis

The equations describing chassis motion are reported below. They are computed using
as a reference Figure 2.5.

The equilibrium along x direction gives:
Fx, - cos(8,,1) — Fy; - sin(8,,1) + Fx, * cos(6y2) — Fy, - sin(6,,2)
+ Fxs - c_os(6W3) — Fys3 - sin(8,,3) + Fx, - cos(6,,4) 2.1)
- Fy4 ’ Sln(6w4) + Fdrag + Frolling + Fslope + Fext,x
=m-a,

The longitudinal acceleration is computed as:
Ay = Uy — Uy * P (2.2)

The aerodynamic resistant force is:

. 2.3
Fdrag = _E “Pair " Cx U,? - sign(vy) @3)

6 CHALMERS, Applied Mechanics, Master’s Thesis 2013:10
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Figure 2.5: external forces acting in the X-Y plane.
The force generated by tire rolling resistance is expressed by:
Froning = —fr -m - g - min(1,vy) - sign(vy) (2.4)
The longitudinal force due to gravity when a road slope is present is given by:
Fsiope = —m* g * sin(@rqq) (2.5)
The equilibrium along y direction gives:
Fx, -sin(6,,,) + Fy, - cos(8,,1) + Fx, - sin(8,,2) + Fy, - cos(8,,3)
+ Fx3 - sin(8,,3) + Fy; - cos(6y,3) + Fxy - sin(d,,4) (2.6)
+ Fy, - cos(Sya) + Fpank + Fexey =m- a,
The lateral acceleration is computed as follows:
ay =V, + vy Y (2.7)
The lateral force due to gravity when a road bank is present is given by:

Fponek = —m-g - Sin(groad) (28)
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The equilibrium to rotation around z axis gives:

[Fxq * sin(8y1) + Fyy - cos(6w1)] - Ly
+ [Fxy - sin(6y,2) + Fy, - cos(d,,,
— [Fx3 - sin(6y,3) + Fy; - cos(8,3
— [Fxy - sin(6yy4) + Fy, - cos(Oy4
—[Fx

1 €08(8y1) = Fyy -sin(6y1)
+ [Fx; * cos(8y2) — Fy; *sin(6,,)] -
— [Fx3 * cos(Sys3) — Fys *sin(6,3)] -

+ [Fx4 ' COS(8W4) —Fy, 'Sin(6w4)]

]
]-
]
1

(2.9)

NI%"N|$N|\?NI\‘?L~ L~ h

+Mz, + Mzy + Mzs + Mz, = 1, -

Newton notation will be used for time derivatives. So, the yaw acceleration and the
yaw rate are expressed as follows:

. dy (2.10)
Y=

. d 2.11
w__w (2.11)

The equilibrium to rotation around x axis allows computing roll angle. In particular, if
the roll angle is small enough, it can be assumed:

cos(0)~1 and sin(6)~0 (2.12)

(I +m: droll) 6 +m:- droll Qay + (Krollf + Kyoyr —m-g- droll) 0 (2'13)
+ (Drollf + Drollr) 9 =0

The equilibrium to rotation around y axis allows calculating pitch angle. Again, pitch
angle is assumed to be small:

cos(p)~1 and sin(p) ~@ (2.14)

This gives:

(Iy +m: dzzyitch) "p—m:- dpitch "ay t (Kpitch +tm-g- dpitch) P (2.15)
+ Dpitch 9 =0

The vertical displacement of vehicle CG is expressed by:

Z = heg + dpieen * [cos(@) — 1] + dyoy - [cos(8) — 1] (2.16)
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Limitations

For sake of simplicity, aerodynamic drag is the only aerodynamic force considered in
the model. It generates a longitudinal resistance force, which is not applied to the
centre of pressure, but to vehicle CG. The vehicle rolls around the roll axis, defined as
the axis joining the front and rear roll centres. Roll motion is studied considering
suspensions as two torsion springs located in the front and rear roll centres, and so the
roll angle is determined through vehicle rotational (roll) stiffness, according to
Equation 2.13. Pitch is studied in a similar way, Equation 2.15, by considering a pitch
axis with a torsion spring, located on it, generating pitch stiffness. The pitch axis is
located below vehicle CG. Vertical dynamics is only affected by pitch and roll, since
the road is considered as a smooth surface, horizontal or sloped. No heave is
considered. Furthermore the model adopts both linear springs and dampers in the
suspensions.

2.3.2 Suspensions

The suspension system is made by solid axle suspensions. Each wheel has only the
rotational degree of freedom. Roll and pitch dynamics are modelled using pitch and
roll axis. The distance between vehicle CG and the roll centre is:

hfrc - hrrc (2-17)
L+ L,

dron = heg — {hrrc + L, - sin ltan_1 (

Figure 2.9 shows the roll axis in the vehicle plan:

Figure 2.9: roll axis representation, adapted from Jorge Gémez Ferndndez (2012).

The equivalent roll stiffness of the front axle is the sum of the contribution of the
springs and of the torsion bar.

K.;-t? (2.18)
i
- + Kantiroll f

Krouys =
The anti-roll bar stiffness is given by:

_ G " Lantirou f Lantiron f (2-19)
Kantirollf - Lz
lever f
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_r (2:20)
Iantirollf = ?

The equivalent roll stiffness produced by the rear axle is computed in the same way:

J G (2.21)

Kantiroll r

Krour =

The rear anti-roll bar provides a roll stiffness computed as:

_ G * Lantirott + * Lantirou r (2.22)
Kantirollr - 12
leverr
- d? (2.23)
Lantirour = 3—2

The equivalent roll damping of the two axles is computed as follows. This variable
depends mainly on the value of the damping coefficient of the shock absorbers in the
suspension system.

Drollf = Dshockf ) t]g (2.24)

Drotir = Dspock r * t? (2'25)

The lateral load transfer due to roll is computed, both for front and rear axle with
Equations 2.26 and 2.27:

Krollf m: droll

t
_ r 2.26)
AFzZyoy 5 = (
rotts Krollf + Kroyr —m-g- droll

Koy -m:- droll
tr
Krotir + Krouir —m-g- droll

AFZpoyr = (2-27)

The pitch stiffness and damping generated by the suspensions are computed in a
similar way with respect to roll stiffness and damping. Figure 2.10 shows the pitch
axis, located at a distance d .., below vehicle CG.

The pitch stiffness generated by the front and rear axles, is computed through an
equivalent torsion spring located on the pitch centre:

st . L% + K, - L% (2.28)
Kpitch = 2

In a similar way, the pitch equivalent damping is computed:
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Dshock r L21 + Dsnocke r * L% (2-29)

D, : =
pitch 2

Figure 2.10: pitch axis representation, adapted from Jorge Gomez Fernandez
(2012).

The vertical forces acting on each tire are then computed, using Equations 2.30 to
2.33. They are function of the load transfer in static condition and of the load transfer
due to road slope, road banking, pitch and roll.

FZl =
m-g . Ly - COS((proad) + Ruom * Sin((proad) —hee Sin((proad)
2 B Liot - COS(¢r0ad)
1-— - tan(@
. CG ( road) _ AFZf ‘a, (2.30)
ty
Ksr ) D Ly g
_T' 1'tan(¢)+ shock f L1 @
2
FZZ =
m-g . Ly - COS((proad) + Ruom * Sin((proad) —hee Sin((proad)
2 B Liot - COS(¢r0ad)
1+ - tan(6@
— Broad) | AFz; - a, (2.31)
f
st L. - . >
_ M tan((p) + Dshockf Ll @
2
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FZ3 ==

m-g 1— Ly - COS(QDroad) + Ruom * Sin((proad) - hCG ’ Sin((proad)
2 Liot - COS((proad)
1— hge -tan(O
_ c " tan(Broaq) AFz, - a, (2.32)

(2%

K .
% Ly tan((P) + Dsnockr "Lz - @
+ 2

FZ4_ =

m-g 1— Ly- COS((proad) + Rpom Sin((proad) - hCG ) Sin((proad)
2 Lioe - COS(QDroad)
1+ hee - tan(6

L . (Broaa) | AFz, - a, (2.33)
T
K .
% Ly - tan((p) + Dsnockr * Lz = @

+ 2

Limitations

The geometry of the suspension has been simplified to the maximum and the vertical
displacement of the wheels is not considered. No camber angle is present. The tire is
considered always in contact with the ground with ideal camber angle. With a similar
description of the suspension system, the front and rear roll centres are considered as
fixed points, while actually they move according to the suspension geometry.

2.3.3 Steering system
The actual steering system model describes a rack and pinion steering. The pinion
angle 8, is computed through an internal variable &;,,,.

1
fsw

Equation 2.34 is basically a first order filter that models the steering column
compliance. Then the pinion angle is computed:

(8 = in0) (2:34)

Oine =

By = Sin + Do+ 6 (2.35)

The road wheel angles §; are function of the pinion angle, the steering ratio, the
compliance introduced by lateral force and self-aligning torque and of the roll steer.

0
Oy1 = —toer + i — CompFy; - Fy, + CompMzs - Mz, + Rollsts - 0 (2.36)

6, (2.37)
Sz = toes + SR CompFyy - Fy, + CompMzs - Mz, + Rollsts - 0
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Sz = —toe, — CompFy, - Fy; + CompMz, - Mz + Rollst, - 6 (2.38)
Oyws = —toe, — CompFy, - Fy, + CompMz, - Mz, + Rollst, - 6 (2.39)

The torque on the steering wheel is computed as function of the front tire self-
aligning torque, on the steering wheel damping and on the steering system friction.
The effect of the servo assistance is also taken into account, through the
coefficient Cgpppo- AS a result:

Tow = [(le + MZZ) - SAL - T — Dgy, - ) + Tf] * Cservo (2.40)

1.75 241
Tf = —tanh20-6-min(1.75,m- |6|) ( )

Figure 2.11 shows the friction torque in function of the steering wheel angle:

Figure 2.11: friction torque in function of the steering wheel angle.

Limitations

This steering model is very simple, but it has some limitations. So the “feel” that it
provides, can be enhanced. First of all the steering resistant torque is computed only
in function of the self-aligning torque. Neither the contribution of the longitudinal
force nor of the vertical forces is taken into account. The steering axis inclination is
not taken into account in the model, in fact neither King-pin nor caster angles are
present. The friction torque computed through Equation 2.41 does not take into
account hysteresis, but it rather describes friction in term of elasticity. The effect of
servo assistance is simplified. Actually neither torque dependence nor speed
dependence of the assistance are modelled. The way in which the pinion angle is
computed, does not relate it with the resistant forces coming from the tires. It is only a
function of the steering wheel angle (which is an input) and of the intermediate
variable §;,.. Furthermore, it is true that Equation 2.34 has been introduced to take
into account steering column compliance, but the same equation implies that in
steady-state the steering wheel angle § is equal to the pinion angle 8,, but this is not
true if compliance is taken into account (for example by modelling a torsion bar on
the steering column).
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24  Summary

The vehicle dynamic model used as a starting point for this thesis has been briefly
analysed. As it has been said, the aim of this Master’s thesis is to improve this model
in different areas. The focus on the limitations has been made, essentially, for two
reasons:

e In order to better understand the work of refinement behind this thesis
e To have an overview of the ways in which the model can be improved with
future works.

From now on the author will refer to this starting model with the acronym VDM-10
(vehicle dynamic model with 10 degrees of freedom), to distinguish it from the
refined model developed in this thesis, which will be identified as VDM-14 (vehicle
dynamic model with 14 degrees of freedom). In the next chapter the work will be
analysed, from the development of new mathematical models for vertical dynamics
and steering system up to the validation of the model.
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3 Model for Non-Linear Vertical Dynamics

The development of a non-linear vertical dynamics model is described in this section.
The aim of this work is to add four degrees of freedom to the VDM-10, in order to
take into account the vertical displacements of the automobile due to road
irregularities, Figure 3.1.

Vertical s

displacement /_\
:
| 2 WB .
—={WB2 |a— l._2ws3 |

Figure 3.1: displacements of the car due to road irregularities. Adapted from Jorge
Gomez Fernandez (2012).

3.1 Vertical dynamics: an overview

The aim of vertical dynamics is to determine the response of the vehicle, both in terms
of vibrations (not analyzed in this thesis) and in terms of exchanged forces, induced
by the road irregularities. Vertical dynamics is important in the design of a ground
vehicle because it affects the controllability and the stability of the automobile. In
studying vehicle dynamics, three essential components are considered for typical
ground vehicle:

e Sprung mass (m): is the mass of all the parts of the vehicle that lean on the
suspension system (i.e. chassis, engine, transmission, etc.)

e Unsprung mass (m,): is the mass of all the parts of the vehicle that can be
considered as “concentrated” in the wheel hub (i.e. wheel hub, brake disk and
caliper, axle, tire, wheel rim, etc.).

e The suspension system: it is the set of components connecting the sprung mass
to the unsprung mass (i.e. spring, shock absorber, bump stopper, elastic
bushings, etc.). The suspension plays an important role both in terms of
comfort and handling. In the first case it helps to isolate vehicle cabin from the
vibrations coming from road disturbances. In the second case the suspension
has the task of both keeping the tire in contact with the ground and controlling
wheel kinematics, to guarantee that the tire is positioned properly with respect
to the road surface.

The vehicle’s kinematics and dynamics can be described from the interaction among
those elements. The incorporation of road-tire interaction is also an essential part of
vehicle dynamics. All the cars have non-linear characteristics of the suspension, both
for comfort and handling reasons: a non-linear spring which always include a bump
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stopper, and a non-linear shock absorber, with different characteristics in bump and
rebound stroke. Therefore, it is important to construct a mathematical model that
includes the nonlinear characteristics of the system, the general three dimensional
motion of the sprung and unsprang masses and the required inertial coupling between
sprung and unsprang masses. Many vehicle models have been developed and their
governing equations were derived by considering energy equilibrium or dynamic
equilibrium. In general, these models can be classified into three types: the quarter-
car models, the half-car models, and the full-car models.

3.1.1 The quarter car models

The simplest representation of a ground vehicle is a quarter-car model. Actually,
different quarter-car models with different degrees of freedom have been developed.
The quarter car model is used only when the heave motion needs to be considered.
The aim of this section is to give an overview on these models.

The first one, which is also the simplest, is the quarter-car model with one degree of
freedom. The hypotheses at the base of this model are several:

e Since the tire vertical stiffness is much higher than the one of the suspension,
connecting wheel hub to the sprung mass, it is possible to neglect the vertical
displacements of the four wheel hubs (unsprang mass).

e Tire compliance is not taken into account. Tire is stiff and massless.

e The roll and pitch motions are considered negligible with respect to the
vertical motion due to road irregularities. This is true, with a good
approximation, for the roll motion, which is not excited by road irregularities,
but it does not always hold for the pitch motion, which cannot always be
neglected.

With these hypotheses the vehicle is described by the system in Figure 3.2:

" 1.

=
S|

Figure 3.2: quarter car model with one degree of freedom.

The vertical equilibrium for the sprung mass gives:

m-z=F, (3.1)
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E—-F.=0 (3.2)
The force exerted by the suspensions on the chassis is:
F.=K-(z,—z)+D-(Z,—2) (3.3)

This model works well in describing motions that take place at low frequencies, in the
range of the sprung mass natural frequency (in most cases up to 3+5 Hz, so in the
range defined as ride by SAE) [7].

The quarter car model with two degrees of freedom is used to describe the motions
taking place at frequencies up to the natural frequency of the unsprang mass and
slightly over (up to 30+50 Hz including ride and shake according to SAE) [7]. The
hypotheses at the base of this model are:

e Tire is not considered as stiff anymore. The compliance between road and
unsprang mass is modeled. Tire is considered as a massless suspension, made
by a spring and a damper in parallel.

e The displacement of the four wheel hubs are taken into account.

e The roll and pitch motion are considered negligible with respect to the vertical
motion of the due to road irregularities.

In the vertical dynamic models (quarter cars, half car and full car) with more than one
d.o.f, usually the tire is modeled as a massless suspension, i.e. as a spring with a
damper in parallel. The damping coefficient of the tire is usually very small, if
compared to the one of the suspension. The VDM is thought to be run in real time at
200 Hz, and at that frequency the tire damping does not affect very much the dynamic
behavior of the vehicle. For this reason it has been neglected in the original
suspension model developed in this thesis. Actually, the refined model is being tested
at 1 KHz: at that frequency the presence of the tire damping affects tire oscillations,
which need to be damped. So, a version of the VDM with tire damping has been
prepared internally at VTI, to study vehicle dynamic by running the VDM in real time
at 1 KHz.

The 2 d.o.f. model is shown in Figure 3.3. The sprung mass vertical equilibrium is
expressed through:

mg - Z;, = F. (3.4)
The unsprung mass vertical equilibrium:
my - Zy = F. — F; (3.5)

The forces F., and the ones exerted by the tire due to road irregularities F;, are
expressed by Equations 3.6 and 3.7.

Fe =K, (Zr - Zu) (36)

E:zK'(Zu_Zs)‘I'D'(Z.u_Z.s) (37)
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Figure 3.3: quarter car model with two degrees of freedom.

The last quarter car model analyzed is the one with three degrees of freedom. It is
shown in Figure 3.4.

Figure 3.4: quarter car model with three degrees of freedom.
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The hypotheses at the base of this model are:

e The roll and pitch motion are considered negligible with respect to the vertical
motion of the due to road irregularities.

e Tire is not considered massless anymore, but it is modeled by a mass-spring-
damper system. Furthermore, tire damping is not considered.

e |t takes into account the compliance of the frame that connects the suspension
system to the body. In fact, in many vehicles, the suspensions are not directly
assembled to the body, but they are mounted on a secondary frame with a non-
negligible mass. This auxiliary frame is then connected to the chassis with a
secondary suspension, made with elastomeric mounts.

The equation governing the dynamics of the tire is:
me - zi = Fy — Faux (3.8)

Tire force F, is still expressed by Equation 3.6. F,,, is the force exerted by the
auxiliary frame both on the tire and on the unsprung mass.

Foux = Kaux * (Z¢ — 2y) + Dayx * (Ze — Zy) (3.9)
The vertical equilibrium for unsprung mass gives:
my " Zy = Fpux — F; (3.10)

For the sprung mass equilibrium Equation 3.4 holds.

This model is used to study the behavior of the system at frequencies higher than the
first natural frequency of the tires (up to 120+150 Hz in the range of harshness) [7].

3.1.2 Half car model

All the models that have been introduced up to now, take only into account the
vertical displacement of the sprung/unsprung mass, while they don’t take into account
the effect of pitch, which is not negligible for vehicle comfort. Actually, the heave
motion of the vehicle is strictly coupled with pitch motion. A model for studying the
heave-pitch coupling is the half car model. Also in this case, different models are used
on the basis of the variables one wants to take into account. The simplest half car
model is the one shown in Figure 3.5. The vehicle body is considered as rigid, its
dimensions are not negligible and it lies on two suspensions. The hypotheses behind
this model are:

e The overturning moment due to weight —m, - g - d,;;c, has been neglected,
because no assumption has been made on the height of the pitch center with
respect to the ground.

e Tires are considered stiff. No compliance is considered.

e The longitudinal position of the springs and of the shock absorber is assumed
to be the same.

e No aerodynamic forces are considered.

e The values of stiffness K,, ; and damping D,, ; are the ones referring to the
whole axle and so they are of a single spring or shock absorber.

e Mass m, and moment of inertia 1, are referred to the whole sprung mass.
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Kaxl Daxl

Ly L,

Figure 3.5: half car model.

The equation of motion describing the physics of the system is that of a beam on two
elastic and damped supports.

[ms 0] . {Zs} + [ Dax1 + Doy —L1*Dgyx1 + Ly * Dgyxs . {Zs}
0 Iy ¢ —L1 " Dgyx1 + Ly * Dgyx L12 "Dgy1 + LZ2 *Daxz @ (3.11)
n [ K1 + KZ _Ll . K1 + LZ ' KZ {ZS}
—L1 - Kgx1 + Ly - Kaxo L12 "Kgx1 + LZ2 " Kaxz P
-
Fc2
Where:
{Fc } _ { Dax1*Zy + Doxz " Zp + Kax1 * Zg + Kaxz * Zp } (3.12)
Fey —Lq1*Dgy1"Za+ Ly " Doxy Zp + Ly " Kgx1 " 24 + Ly - Koxo * Zg

The relationship between the coordinates zg, @, z4, zg IS expressed by:

. 1 _ 3.13
= 1) e

The different kind of mode shapes for heave and pitch are shown in Figure 3.6:
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Figure 3.6: heave and pitch mode shapes, adapted from Genta, Morello (2009)
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For cases a,b,c and d pitch and heave motion are coupled. If the displacements of
nodes A and B have the same sign, the node (the point with zero displacement) lies
outside the wheelbase and the motion is primarily translational (a). If the
displacements of nodes A and B have opposite signs, the node is inside the wheelbase.
The motion is mainly rotational, but the rotation is not about vehicle CG (b). Cases ¢
and d represent two particular cases of motion mainly translational (c) and mainly
rotational (d) that occur when:

L, _ Ly
s W+ L) 7 Ly + Ly (3.14)

But it is still impossible to distinguish between pure bounce and pure pitch. This can
be done in a particular case, when:

L1 Kax1 = Ly " Ky (3-15)

In this case bounce and pitch uncouples, and the resulting motion is shown in case e
and f.

If the tire compliance has to be taken into account the model must contain also the
unsprung masses. So the heave-pitch half car model becomes the one of Figure 3.7.
The models described in this section do not allow taking into account the effect of
roll. It can be taken into account by introducing a full car model. By the way, roll
rotations have a minor effect on the comfort with respect to pitch ones. For a deeper
description of this topic the author suggests to refer to [7].

chz

L L,

Figure 3.7: half car model with tire compliance.

3.1.3 Full car model

A more complex model is the full vehicle model, which is a four wheel model with
seven degrees of freedom done for studying the heave, pitch and roll motions. It is
shown in Figure 3.8. The vehicle body is represented by a three degree of freedom
rigid cuboid. The heave, pitch and roll motions of the sprung mass are also
considered. The four unsprung masses are connected to each corner of the rigid
cuboid and they are assumed to be free to bounce vertically.

CHALMERS, Applied Mechanics, Master’s Thesis 2013:10 21



The model developed in this thesis is a full car model equipped with non-linear
springs and dampers. It will be described in details in the following paragraphs.

3.2

Taking into account the limitations of VDM-10 described in Sections 2.3.1 and 2.3.2,
a non-linear vertical dynamics full vehicle model has been developed, in order to take
into account the effect of road irregularities and the coupling between vertical heave,
pitch and roll. The model adopted is similar to the one described in Section 3.1.3, but
with the further addition of front and rear torsion bar. It is shown in Figure 3.9.
The hypotheses at the base of this model are:

22

Figure 3.8: full car model.

Non-linear vertical dynamics model

Each independent suspension is modelled using the quarter car model with two
degrees of freedom, with all the annexed hypotheses.

Each wheel has two degrees of freedom: a rotation and a vertical translation.
The assumption of symmetry between left and right suspensions holds and this
places the roll center symmetrically between the wheels.

Suspension geometry is unknown and the springs are considered applied to
the centre of the wheels.

The unsprung mass is considered located at the height of the wheel hub, so at a
distance R,,,,, from ground level.

Springs and dampers in each suspension have non-linear characteristics. The
wheels are assumed to be always in contact with ground with ideal camber. No
camber angle is considered.

No wheel lift phenomenon is considered.

Roll and pitch angles are considered small enough to linearize their
trigonometric functions.

The roll axis is located at a distance d,.,; under CG and this distance varies
according the vertical displacement of the centre of gravity, and so of the
suspensions. The same for the pitch axis, located at a distance d;¢cp-
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Figure 3.9: full car model with anti-roll bars

According to these hypotheses, it is possible to compute the vertical displacements of
the sprung mass in the points where the suspensions are connected, i.e. points 1,2,3
and 4. Equations 2.12 and 2.14 still hold, and so:

t
Zsi = Zcg — Ll QP + Ef -0 withi= 1,2 (316)

t
Zsi = Zcg + LZ QP + 37' -0 withi = 3,4‘ (317)

Each displacement z; depends on heave motion (z.¢), on roll motion (it’%- f) and

on pitch motion (xL; - ¢). Once these displacements are known, the equations of
motion for each suspension can be written.

According to Figure 3.10, the sprung and unsprung masses lying on the generic
suspension depend on the vehicle geometry. For the front suspensions mg; and my;
become:

= 2 (3.18)
s1 s2 s 9. Ltot
And
L, (3.19)
My1 = My :mu'ﬁ
tot
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Figure 3.10: free body diagram of the suspension.

For the rear suspensions mg; and m,,; are computed as:

o (3.20)
s3 — !lts4 S 2. Ltot
And:
Ly (3.21)
My3z = Myy =My - ﬁ
tot

The free body diagram of Figure 3.10 shows that the tire is subjected to the vertical
load Fz;, due to vehicle weight. The effect of Fz; is to generate a preload on the
suspension springs due to the weight of the car. This preload “affects” both the sprung
and the unsprung mass positions, and must be taken into account. In order to
understand how to do it, it is useful to introduce Figure 3.11, where a generic system
made of two springs and two masses is represented:
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Figure 3.11: generic suspension in static condition

This system represents the suspension in static condition, i.e. when the car is stopped
and its wheels are in contact with ground. In this situation, the unsprung mass is at a
distance from the ground equal to the tire nominal radius R,,,,,, wWhile the sprung mass
is at a distance equal to the centre of gravity height h.¢. It is important to understand,
that when the car is leaning on the ground the springs in the system of Figure 3.11
have experienced a compression due to the vehicle weight and as a result have
shortened. So a preload is present on these springs. Its effect on the tire spring, is
shown in Figure 3.12.

Fz

Figure 3.12: effect of the pre-load on the unsprung mass

First of all it is important to notice that the tire spring “feels” a mass which is the sum
of sprung and unsprung mass. When the wheels of the car are not in contact with the
road, the tire spring in an initial position equal to z,;. When the wheel is placed on the
ground, the tire spring shortens of a quantity Az, due to the effect of Fz. If the road is
completely flat, and neither banking nor slope are present:

m-g (3.22)
K

Fz =

Otherwise Fz includes terms that describe the load transfer due to road banking and
slope. From the tire spring equilibrium one gets:

Fz=F, - Fz=K, Az, (3.23)

Where F; is the spring force. When the spring reaches it equilibrium under the
compression of E, it is located on a distance R,,,,, With respect to the ground.
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Az, = zy; — Rpom (3.24)
Substituting Equation 3.23 in 3.24 the initial position of the spring is computed:

Fz 3.25
Zyi = E + Ruom ( )

The initial position of the suspension spring (and so of the sprung mass laying on it)
can be computed in a similar way, starting from Figure 3.13.

- — ms --------------
¢AZS
mg I —

Figure 3.13: effect of the pre-load on the sprung mass.

Again, when the wheels are not in contact with the ground, the suspension spring (of
stiffness K) is at its initial position zg;. Once the wheels are placed on the ground the
suspension spring shortens of a quantity Az, due to sprung mass weight. The sprung
mass at the static equilibrium is located at a distance h.; from the ground. It is
important to notice that this spring “feels” only the sprung mass weight. It is also
important to notice that the lower extremity of the suspension spring is connected to
the unsprung mass (located in the wheel hub), so is at a distance R,,,, from the
ground in static equilibrium condition. As a result:

mg-g 2
Zsi + Rpom = ST + heg (3.26)
And so:
mg- g 27
Zsi = SK + hee — Rnom (3 )

Now that the sprung and unsprung masses lying on each suspension have been
computed and their initial positions are known, it is possible to write the vertical
equilibrium at the four wheel hubs.

. Fz; (3.28)
Foy = —my; " Zy; + Ky - [(Zri —zy) + (71 + Rnom)] —My g
t

withi =1, ... ,4.

According to Equation 3.29, the total force acting on each tire is:
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Fz; 3.29
Fti = Kt ) [(Zri - Zui) + (71 + Rnom)] withi = 1' .4 ( )
t

So, the total force coming from the tires acting on the unsprung mass is the sum of
two contributions: the term K, - (z,; — z,;) represents the force generated by the
tire, F,;, considered as a spring, when counteracting the displacements coming from
road irregularities. The term K; - z,,; that describes the preload to which the spring are
subjected in static equilibrium conditions.

The forces F_; are the forces applied by the suspension system to the chassis. They are
the sum of the forces coming from springs (F;;), dampers (F;) and anti-roll bars

(Fantirot £ r)-
Fy = Fg+ Fy & Fanpiron s withi=1,2 (3.30)
F. = Fg + Fgi + Fontivour wWithi =34 (3.31)
The anti-roll bar force is:
Fontirou f = Kantirou f * (Zs1 — Zs2) (3.32)

Fontirour = Kantirour * (Zsz — Zsa) (3.33)

Now that the vertical forces acting over the chassis have been computed, it is possible
to rewrite the equations of roll, pitch and vertical equilibrium along z axis, in a way
that takes into account the presence of the suspensions and their dynamics due to road
irregularities. For what concerns vertical equilibrium along z axis, Equation 2.20,
which does not take into account heave, is replaced by Equation 3.34.

Fep+ Foy+Feg+Fop —mg-g =mg " Z¢g (3-34)

Now, the displacement of the centre of gravity depends on heave, pitch and roll
(according to Equations 3.16 and 3.17) and can be calculated integrating twice Z.; .
Equations 2.13 and 2.15 for describing roll and pitch motions do not hold anymore.
The basic assumption behind Equation 2.13, in fact is that:

t
Zy = fz/r 0 withi=1,..4 (3.35)

And for Equation 2.17 is that:
Zgi = L1/2 P withi = 1,. .,4‘ (336)

As a consequence all the equivalent stiffness and damping of the axles used in
Equations 2.13 and 2.17 cannot be used anymore. Now Equations 3.16 to 3.17 hold.

The difference with respect to VDM-10 is that the roll centres move due to vertical
displacements of the wheels, and so the distance between the vehicle CG and the roll
axis is no more constant. Figure 3.14 shows this concept:
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Figure 3.14: difference in the suspension model between VDM-10 and VDM-14.

As a consequence Equation 2.56 must be rewritten:

hyre —h 3.37
dTOU(ZCG) =Zcg — hrrc + L2 * sin tan_l u ( )

The sprung mass still rotates around the roll axis, so the new equations describing roll
can be obtained starting from Figure 3.15. This figure represents the roll free body
diagram for the front axle. In a similar way the free body diagram of the rear axle can
be obtained. Once all the forces and the constraining reactions are known, the
equations of motion can be written.

) M My hyre
Toll Myz- g *

T Ry e i >
Fsz Fcl

Figure 3.15: roll free body diagram.

The mass m for the front axle is the sprung mass laying over it:
m=mg = Mg + My, (3.38)

So the equilibrium to rotation around the roll centre for the front axle gives:
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t
f
Mx+(Fc2+mu2'g_FZZ)'5+(_F01_mu1'g+le i

+ (Fy; + Fy;) *hgpe = 0 ? (3:39)
Knowing that:
Fo=Fz;—my;* g (3.40)
The Equation 3.39 becomes:
My = =(Fy1 + Fyz) - hye (341)

Once that the constraining torque M, is known it is possible to write the equilibrium
to rotation for the sprung mass:

Mx+(1x+m'd7%oll)'é+

t (3.42)
(Fez — Fe1) 'Ef_msf'ay'droll_msf'g'droll'e =0
Substituting Equation 3.41 into 3.42 one gets:
N t
(Ix+m'd12”oll)'6 = [(Fcl _FCZ)'Ef'i' (Fyis+ Fyz) - hye| +
(3.43)
Mgy~ Ay drou + Mgy 9 - T

The total torque generated by the front axle to counteract roll is then:

(3.44)

b
Mroll,f = (Fez — Feq) ? — (Fy, + Fy,) - hfrc

With a similar procedure the roll resistant torque generated by the rear axle can be
computed:

t 3.45
Mroll,r: (Fc4_Fc3)'Er_(Fy3+Fy4-)'hrrc ( )

Now it is possible to write the equilibrium equation to roll for the whole vehicle:

(Ix +mg - d12‘oll) -0 .

t
= |(For = Foa) 5+ (Fyr + ) hype + (Fes = Foy) - (346)
+ (FY3+Fy4)'hrrc +ms'g'droll+ms'g'droll'9

This equation now replaces Equation 2.13. In fact Equation 3.46 allows computing
the roll angle in function of the forces that the suspensions exchange with the chassis,
so the relation between roll angle and heave is now modelled.

In a similar way the new pitch equilibrium equation can be computed, starting from
considering that the pitch distance varies according to the vertical displacements of
the vehicle:
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dpitch(ZCG) = Z¢e — hpc (3.47)

Figure 3.16 shows the free body diagram for pitch (considering half of the car).
Starting from this figure one gets:

M, + (Feu+my-g—Fzy) L+ (Fzz3 —F3 —my3-g) L, (3.48)
+ (Fy1 + Fx3) - (hpc) =0

PC
dpwch(zcs) My g R, My g

L Ly

Figure 3.16: pitch free body diagram.

Substituting Equation 3.40 into 3.48 the constraining torque M, on the pitch centre is
known.

My, = —(Fyxq + Fx3) - (hpc) (3.49)

Equation 3.48 refers to one half of the vehicle. If the total vehicle is considered and
the expression of M, is rewritten, the pitch resistant torque is computed.

Mpitch = (Fey +F) Ly — (Fez+ Fey) " Ly + (3.50)
_(Fxl + sz + Fx3 + FX4_) - (hpc)

And the equilibrium of the sprung mass gives:

(Iy +ms - dzzoitch) K%
= —(Fe1 + Fep) " Ly + (Fes + Fey) - Ly (3.51)
+ (Fx1 + sz + Fx3 + Fx4,) " (hpc)

+Mmg - ay - dpitch tmg-g- dpitch Q

This equation replaces Equation 2.15.

The load transfer due to roll is computed as:

Myou,f (3.52)

AFZpoy r = ”
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Mroll,r (3-53)

AFzZpoyr = t
r

In this way the load transfer takes into account also the heave motion of the wheels.
For what concerns pitch, the load transfer is:

AFz on = Mpitch (3-54)
pitch —

Ltot

According to these changes in the models, also Equations 2.30 to 2.33 have been
rewritten. Now the vertical loads on the tires are computed as follows:

FZl -
m-g . Ly - COS((proad) + Ruom * Sin((proad) —hg - Sin(‘/)road)
2 L Ltzg' COS)(QDroad) AF
1-— - tan Zoi
. G . road _ AFZrollf + L2 . - pitch (3.55)
f tot
FZZ ==
m-g . Ly - COS((proad) + Ruom * Sin((proad) —hg - Sin(‘/)road)
2 L Ltog' cos(@roaa) AR
1+ - tan Zoi
. G : ( road) + AFZm”f + L2 . . pitch (3.56)
f tot
FZg ==

m-g . ll _ Ly - COS(Qoroad) + Ruom * Sin(@road) - hG ' Sin((proad)l (3-57)
2 Liot - COS(¢road)
1— h;-tan(@
. G ( road) _ AFZroll,r _ L1 .
t, Iy

Aszitch

FZ4_ =

m-g . [1 _ Ly - COS((proad) + Ruom * Sin((proad) - hG ' Sin((proad)l (3'58)
2

Lioe - COS(@road)
1+ hg - tan(6,o44)

tr

Aszitch

+ AFzroll,r - Ll ' I
tot

3.3  Non-linear springs

In this paragraph the implementation of a non-linear spring is analysed. The springs
connect the wheel to the body elastically and store the energy produced by an uneven
road profile. They also determine body position as a function of payload entity. Non-
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linear springs have been modelled in the suspension system in order to take into
account the presence of the bump stoppers.

The bump stopper serves as a buffer in both cases of bump and roll and is designed to
control the maximum height of the bump. It also supplements the function of a spring
to absorb shocks when an excessive load from the road surface is transferred to the
suspension. In the case of a vehicle's turn, it controls roll of the vehicle. To this end,
conventional suspension has a bump stopper in the upper end of a shock absorber
damper. The introduction of a bump stop generates a force-displacement characteristic
in the suspension which is no more linear, but it similar to the one in Figure 3.17.

Wheel force [kN]

18,0 +

16,0

o Bumpstop

250 300

Suspension travel
[mm]

Figure 3.17: characteristic curve of a spring with bump stopper.
Adapted from Olsson, Jacobson (2013)

The stiffness of the spring is computed by imposing certain values of spring
displacement in different load conditions. In particular three conditions are
considered:

e Curb weight: is the total weight of a vehicle with standard equipment, all
necessary operating consumables (e.g., motor oil and coolant), a full tank of
fuel, while not loaded with either passengers or cargo. This definition may
include or not the driver. According to European Union manufacturers the
weight of a 75 kilogram driver is added, to follow European Directive
95/48/EC.

e Gross vehicle weight rating, known also as gross vehicle mass (GVM): is the
maximum operating weight/mass of a vehicle as specified by the manufacturer
including the vehicle's chassis, body, engine, engine fluids, fuel, accessories,
driver, passengers and cargo but excluding any trailers.

e Full rebound: it is the condition in which the bump stopper acts.

So, for each of this load condition it is possible to compute the force acting on the

suspension, and by imposing a maximum value of displacement, the spring stiffness is
obtained.
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3.3.1 Frontsprings

In this paragraph the characteristic curve F-z for the front suspensions is computed.
The starting condition of the vehicle is exactly the curb weight condition (the total
mass, driver included, is 1750 Kg. This is the configuration used for this simulation).
So, the sprung mass acting on each of the front springs is known, and it has been
computed with Equation 3.18. Also the force on each spring is known (preload). So
each spring of the front axle has shortened of a quantity Az,; with respect to the free
length condition (i.e. when the wheels are not in contact with ground).

Mei *
LY ithi = 1,2 (3:59)

Az =
i
This configuration is set as a reference condition and the displacements of the spring

under a full weight and during full rebound are computed relatively to the curb weight
displacement (which is set to 0, since it is a reference condition, see Figure 3.18).

The gross vehicle weight is given by adding 4 passengers (each of them weighting 75
Kg) and 150 Kg of luggage to the curb weight. So the GVM is 2200 Kg. Using GVM
instead of mg in Equation 3.18, it is possible to compute the fraction of weight
(mgy ;) and the force (Fgy ;) acting on each front spring in the full load condition.
The maximum displacement allowed in this condition is set t0 zgy .

The full rebound condition is computed starting from the GVM condition and
considering a vertical acceleration of 3g. With such acceleration, the wheel vertical
displacement is too high to be counteracted only by the ordinary spring and the stop
spring intervenes. So:

Fyump stopi = 3 g " Mgy withi = 1,2 (3.60)

The maximum displacement allowed in this case is assumed to be zpymyp seop- Figure
3.18 helps to understand better.

T -
4 1
;
i
;

FGVMi <

Fewrp i = Preload /

Zewrpi =0 ZgvM i Zpump stop i

z

Figure 3.18: spring curve with different values of payload.
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The ability of the human body to withstand vibration and related discomfort has been
the object of studies and several standards on the subject have been stated. ISO 2631
standard, shown in Figure 3.19, distinguishes among vibrations with a frequency in
the range between 0.5 Hz and 80 Hz.

2 16 h
24 h
0.1 I I T TTTT] I I T T T TTI1
2 4 6 8 2 4 8 &
1 10  o[H 100

Figure 3.19: root mean square value of vertical acceleration in function of
frequency. Adapted from Genta, Morello (2009).

Standards refer to the acceleration due to vibration and suggest weighting functions of
the frequency to compute the root mean square values of the acceleration. Such
functions depend both on the point of the body where the acceleration is applied and
the direction along which it acts. The r.m.s. value of the acceleration causes, in a
given time, a reduction of physical efficiency. From the plot it is clear that the
frequency range in which humans are more affected by vibrations lies between 4 and
8 Hz. Frequencies lower than 0.5 — 1 Hz produce sensations that may be associated
with motion sickness. Between 8 and 80 Hz this tolerance increases again in a
practically linear law with frequency. In practice, what creates discomfort in that
range, is not so much acceleration, but the ratio between acceleration and frequency.

[7]
As a result the lower natural frequencies, those linked with the motion of the sprung
mass, and so related with spring stiffness of the suspension, must be high enough to

avoid motion sickness, but low enough to be well below 4 Hz. A common choice is to
locate them in the range between 1.2 and 1.6 Hz.

So, the stiffness of the front springs in normal operating conditions can be computed
by imposing a certain frequency of the sprung mass, as shown in Equation 3.61.

Kop=mg- (27 frrone) withi=1,..4 (3.61)

34 CHALMERS, Applied Mechanics, Master’s Thesis 2013:10



And:

Fovms (3.62)
ZgyM f = Ko s

The value of z,ymp stop ¢ IS iIMposed by knowing some values for experience (Table
3.1). Typically, a wheel in full bump has an absolute displacement which is not higher
than 250 mm.

The stiffness in the region where bum stopper intervenes is given by:

Fbump stop ~ FGVM (3.63)

Zpump stop f — ZGVM f

Kbump f=

Once the two stiffness coefficients are known, it is possible to compute the expression
of the force generated by each spring Fj;.
Fg=ifz<zgymy
mgi* g
0f

(3.64)

then K, s - (zui — Rpom — Zsi + + hca) else
Mg " g

X + hee — ZGVM,f) +KorZoym s
bump f

Kpump 1 ° <Zui — Ryom — Zsi +

withi = 1,2.

3.3.2 Rear springs

The stiffness of the rear springs can be computed in a similar way. The curb mass
laying over each spring is expressed by Equation 3.20. Starting from this point, the
procedure to compute all the forces and the masses in the different load conditions is
the same as the one used with the front springs. The only difference is in the natural
frequency used to compute rear springs stiffness. In fact the natural frequency of the
rear suspension should be higher than that of the front, at least if the weight
distribution is not such that the rear wheels are far more loaded than those in front.
The importance of having a lower natural frequency for the front suspension may be
explained by observing that any road input reaches the front suspension first and then,
only after a certain time, the rear one. If the natural frequency of the latter is higher,
when the vehicle rides over a bump the rear part quickly “catches up” to the motion of
the front and, after the first oscillation, the body of the vehicle moves in bounce rather
than pitch, a favorable factor for ride comfort.

2
KOr =Mmg; " (2 "I ffrear) (365)
withi = 3,4 and ffrear > fffront

_ Foymr (3.66)

ZeyMr = —
Ky
T
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Fbump stop — FGVM (3-67)

Zpump stopr — ZGVM r

Kbump r

And finally:
Fsi = if z; < zZgymr
m ..
thenk,, - (Zui — Ryom — Zs; + Msi' 9 + hCG) else (3.68)

KOr

Msi * g
Kpump r * | Zui = Rnom — Zsi + T hee = Zovmyr | + Kor " Zovm,r

bump r

withi = 3,4
Figure 3.20 shows an example of characteristic curves of the front and of the rear
springs:

— Front spring force [N] —— Rear spring force [N]
2.0E4

1.8E4+

18E4+

1.4E4+

1.2E4+

1.0E4

8.0E3

6.0E3+

4.0E34

2.0E

T T T T T T T
0.00 0.02 0.04 0.06 0.08 0.10 01z 0.14
z

Figure 3.20: characteristic curve of the suspension implemented in Modelica for
VDM-14.

3.3.3 Spring tuning

Table 3.1 resumes the value used to tune the spring stiffness. The values of
displacements related to full bump conditions are computed relatively to the curb
position displacement, starting from data available in [2].

Table 3.1: spring model parameters.

PARAMETER VALUE
frront [1.2,1.3 HZ]
frear [1.5,1.6 Hz]
Zbump £+ Zbump r [0.12,0.15m]
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3.4 Non-linear shock absorber

This paragraph describes the development of non-linear shock absorbers. Apart from
the nonlinearities in the behavior of the shock absorbers and those due to the
geometry of the suspension, along with asymmetries purposely built in, other
unwanted nonlinear effects, such as dry friction and cavitation, are often present in a
real shock absorber. The latter phenomenon is primarily felt at high temperature, and
consists in the vaporization of the fluid or the expansion of the gasses dissolved in it.
Moreover, even in cases where shock absorbers are assumed to act in the same
direction as other forces, some deviations may occur in practice, introducing further
nonlinearities that should be accounted for. The model of shock absorber developed in
this thesis takes into account only the non-linearities coming from the different
damping coefficients in bump and rebound. Neither cavitation effects nor dry friction
are taken into account. Shock absorbers are provided to absorb the elastic energy
stored by the elastic members and to allow the oscillation damping of the vehicle
body, avoiding stationary vibrations or resonances. This means that they are employed
both to improve handling and comfort, but these two exigencies are in contrast: to
increase handling a stiffer shock absorber is needed, in order to reduce the variation of
the dynamic component of the tire force. But too high damping coefficients penalize
comfort. So a compromise is found between handling and comfort, in tuning the
force-velocity (F-V) curve of a shock absorber. In particular, shock absorbers work in
two conditions: bump (compression) and rebound (extension). In extension, the
damper dissipates the high values of energy stored in the spring in order to reduce
oscillations of the sprung mass. In compression, the damper has the task of reducing
the velocity of the wheel during its motion over an obstacle. The non-linearity of the
F-V curve comes from the fact that shock absorbers have a different damping
coefficient in bump and rebound. During compression, the spring and the damper act
“together”, both producing a force directed “upwards” on the frame. The damping
force should not be high, in order to avoid an excessive load on the suspension when
the wheel travels on an obstacle, especially at high speeds. During the extension the
main contribution for reducing the wheel movement comes from the damper, while
the spring mainly works in compression. This causes the damping coefficient to be
higher in rebound and lower in bump.

A typical characteristic of a non-linear damper is shown in Figure 3.21:

—F

nnnnn

Fast
rebound

+ Slow
: rebound

Slow
bump

Fast
bump

Rebound

Vrebound

Vbump

Bump

Figure 3.21: characteristic curve of non-linear damper.
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Four main areas can be identified:

Fast Bump: controls the rapid upward movement of the suspension following bumps
and curbs. This Bump is described as “fast” because the damper is moving up
(compressing) in a rapid motion, usually above 0.100 m/s. So this adjustment controls
how the suspension conforms to the road as the car it’s negotiating a bump or road
undulation (in compression). The fast bump damping coefficient is D;,.

Slow Bump: controls the mild upward movement of the suspension corner caused by
a driver input (steering, braking, throttle, etc.). In other words, it controls the velocity
at which the suspension will compress under turning, braking, and/or acceleration.
This Bump is described as “slow” because the damper is moving up (compressing) in
a slow motion, usually below 0.100 m/s. The slow bump damping coefficient is Dy, .

Slow Rebound: acts in the same way of the slow bump, but when suspension is
extended due to a road profile or a porthole. The slow rebound damping coefficient is
Ds,.

Fast Rebound: acts in the same way of the fast bump, but when suspension is
extended due to a road profile or a porthole. The fast rebound damping coefficient is
D¢,.

fr

Vpumyp 1S the velocity at which there is the transition between slow and fast bump.

Vrepouna 1S the velocity at which there is the transition between slow and fast
rebound.

The bump setting determines how fast the damper absorbs the spring energy when the
spring compresses. With a soft setting, the damper allows the spring to compress
more, and it takes longer to absorb all the spring energy. With a hard one, it doesn’t
allow the spring to compress as much and absorbs its energy quicker.

The rebound setting determines how fast the damper absorbs the spring energy on the
extension stroke. So a soft rebound setting will allow the spring to extend quickly (or
push the wheel back down), this can give the car a bouncy feeling as the spring
extends to quickly. A hard rebound setting will not allow the spring to extend too
quickly and will absorb the spring energy quicker. This can give the car a more stable
feeling.

Basically, the value of the force generated by the shock absorber depends on the shape
of the curve F-V. There are several ways to model F-V curves, as Figure 3.22 shows:

F F . F

0 Voo v o0 v
Digressive Linear Progressive

Figure 3.22: different F-V curves.
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3.4.1 Shock absorber modeling

The modeling of the shock absorber F-V characteristic has been done by linearizing
the curve in the different areas, i.e. fast and slow bump and fast and slow rebound, as
shown in Figure 3.21. In this way, by simply tuning the damping coefficients in the
different areas, it is possible to obtain a progressive, linear or digressive characteristic
curve. Since the characteristic curves of Saab 9.3 shock absorber were not available,
the reference values of damping (and of velocities) in the different areas were taken
from [2], [3], [7], [12], and then they were tuned in order to improve the realism of the
model. It is known from experience that the damping coefficient in rebound Dy, is
from 1 to 5 times higher than the bump damping coefficient Dy;,. Also this rule has
been taken into account while tuning the shock absorber. Table 3.2 resumes the range
of values used in this thesis:

Table 3.2: parameters of the shock absorber model.

PARAMETER VALUE
m
Vbump 0.07,0.2 ?]
Vrebound |-0.07,-02 ?]
N-s
Dsr [800,9000 —]
m
1
Dsv - D with T=15
Dfr < Dsr
be < DSb

Once having imposed the values of the parameters in Table 3.2 both for the front and
rear shock absorbers, it is possible to compute the force produced by each damper,
F;;. The four shock absorber velocities are expressed as:

Vi = (Zui - Zsi) withi = 1,..4 (369)
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The four forces are given by:
If Ui < vreboundf then

Fai = Dpp s - (vi ~ Vrebound f) + Dsr 5 * Vrebound f
else if vreboundf < Ui <0 then
Fai = Dgrr - v (3.70)
elseif 0 < v; < Vpymy s then
Fai = Dsp r - v;
else
Fg; = bef ) (vi — Vbump f) + Dsbf "Vbump f

withi =1,2

If Ui < Vrebound r then

Fgi = Dpyp e - (Vi = Vyebounar) t Dsrr * Vrebound r
elseif Viepounar < v; <0 then
Fgi = Dy " v;
. di srr i (3.71)
elseif 0 < v; < Vpymy, then
Fai = Dgp " vy
else
Fgi = ber ) (vi — Vbump r) + Dgp - - Vbump r
withi = 3,4

Figure 3.23 shows the curves F-V for the front (blue) and rear (red) shock absorber
adopted for the model, according to the parameters of Table 3.2:

1000 —

Figure 3.23: characteristic curve of front and rear shock absorbers implemented in
Modelica for VDM-14.
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3.5 Suspension model: summary

A vertical dynamics model has been added to theVDM-10, allowing it to take into
account also heave motion. As a result, now the vehicle motion is influenced by the
road profile and has 14 degrees of freedom. Figure 3.24 shows an example of how
VDM-14 reacts to a road disturbance, in particular when wheel 1 is excited by a
sinusoidal disturbance.

Figure 3.24: response of VDM-14 due to road irregularities.

Table 3.3 and 3.4 show an overview on the main variables and parameters used in the
suspension model.

Table 3.3: main variables in the suspension model.

SUSPENSION VARIABLES

F, Force transmitted by the suspensions to
the chassis
o Spring force
Fy Damper force
Fantiroul Anti-roll bar force
ZgirZsirZsi Displacement, velocity and acceleration

of the sprung mass

ZyirZosir Zui Displacement, velocity and acceleration
of the unsprung mas

Zyg Road profile at wheel i
Z; Displacement of the spring
v; Velocity of compression/extension of the
damper
AFZ,.o Roll load transfer
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AFZpitcn Pitch load transfer
0,0,0 Roll angle, roll rate and roll acceleration
®,0,¢P Pitch angle, pitch rate, pitch acceleration
0ro0ad Road banking
Proad Road slope

drollv dpitch

Distances between vehicle CG and roll
and pitch axis respectively

Table 3.4: main parameters of the suspension model.

SUSPENSIONS PARAMETERS

mg Vehicle sprung mass
my, Vehicle unsprung mass
Meyrp Vehicle curb mass
mey Gross vehicle mass
Rerey Pprc Front and rear roll centers heights
hpc Pitch center height
Ly, L, Distances between vehicle CG and front
and rear axles respectively
tr,ty Front and rear track
fr fr Heave natural frequencies of front and

rear sprung masses

ZGVM frZGVM r

Maximum vertical displacements of front
and rear suspensions in full load
condition.

Zbump fr Zbump r

Maximum vertical displacements of front
and rear suspensions in full bump
condition.

Fpump stop ]Ic\/lﬁxgmum load on the suspension during
ull bump
Fevm Maximum load on the suspension in full
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load condition

Vpump Transition velocity between slow and fast
bump
Vrebound Transition velocity between slow and fast

rebound

Dsr fi/r Dfr fIr

Slow and fast rebound damping
coefficients for front and rear shock
absorbers

Dsp, £ /rs Db g/

Slow and fast bump damping coefficients
for front and rear shock absorbers

Ko /v

Stiffness of front and rear springs

Kbump f/r

Stiffness of front and rear bump stoppers
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4 Steering system

In this section the modeling of a new steering system, which replaces the one
described in Section 2.3.3, is analyzed. The model receives as input the angular
position of the steering wheel and provides as output the reaction torque on the
steering wheel. The aims of the work are:

e To develop a more realistic steering model
e To improve the steering feel

The first point implies the development of a model that overcomes the limitations
described in Section 2.3.3. For what concerns the second point, the steering model of
VDM-10 was compared last year with the FORTRAN one, considered as a reference,
showing a lack of steering feel and so an improvement in this area is needed. A very
important part of this activity has been played by Sim 1V: a strong correlation between
modeling and simulation is required. In fact, a key point for this work is to test the
steering model in the simulator in order to tune it properly. Furthermore, simulations
help to find bugs that cannot be seen while working on Dymola environment.

4.1  Steering: an overview

The main function of the steering system in a vehicle is to assure directional control,
by converting the steering angle into wheel angle. The steering wheel angle is
transmitted to the steerable wheels through a mechanical system composed by a series
of linkages rods, pivots and gears. The steering linkages, connecting the steering box
and the wheels, usually conform to a variation of Ackermann-Jeantaud steering
geometry, shown in Figure 4.1
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Figure 4.1: Ackermann-Jeantaud geometry.

In a turn, the inner wheel is actually travelling a path of smaller radius than the outer
wheel, and so:

6w2 > 6w1 (41)

But modern cars do not use pure Ackermann-Jeantaud steering architecture, mainly
because it ignores important dynamic and compliant effects that can affect road wheel
angles.
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For what concerns steering compliance, many efforts have been made to minimize it;
nevertheless it must be considered that:

« A wheel side slip angle is always present, by steering.

* Most suspensions cause an additional steer angle with roll.

« In most cases steering wheels must have a slight toe-in angle.

+ Additional steering angles are caused by suspension stroke and deformation.

In a road car, both front and rear axles are always set with a small toe angle (see
Figure 4.2). This characteristic improves the vehicle stability when driving straight
and also has an influence in the vehicle response when entering in a turn. Typically,
the toe-out for the front wheel is used for front wheel drive vehicles (like the Saab 9.3

used to parameterize the VDM) and a toe-in for rear wheel drive vehicle.

A
]

Direction of
travel

Toe-in Toe-out

Figure 4.2: toe angles, adapted from Jorge Gomez Ferndandez (2012).

The suspension compliance comes from the fact that the wheels of the car are
mounted to the body through the suspension linkage which is not a completely stiff
system, but it presents a compliance due to the flexion of the suspension arms, the
rubber bushes and ball joints used to connect the different links, generating additional

(added or subtracted) steering angles in the wheels, Figure 4.3.

v

Steer angle due to
steering wheel angle

" JTOTALSTEER ANGLE

Mz Steer angle due to
compliance
5

Figure 4.3: suspension compliance, adapted Nordmark S., (1984).

An effective way to evaluate the suspension compliance is to consider the steering
angles generated by compliance proportional to the forces and aligning torques
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produced by the tires. An additional term added to the suspension compliance is the
usually called roll steer or bump steer. Roll steer is the change in the steering angle of
a wheel when the wheel moves in its 3D movement of bump and rebound. This
change in the steering angle with the wheel vertical displacement can be considered as
a function of the vehicle’s roll angle and definitely has an influence in the vehicle
behaviour.

For what concerns the dynamic effects, the Ackerman-Jeantaud model doesn’t take
into account that, if the steering occurs at a speed which is not vanishingly small, the
wheels must move with suitable sideslip angles to generate cornering forces in order
to balance the centripetal force. As a result, Ackerman-Jeantaud model works for very
low speeds (kinematic steering), but when the velocity increases it is does not provide
an accurate description of steering dynamic. In fact, during dynamic steering, the
point O of Figure 4.1 is not anymore aligned with rear axle, but it moves depending
on the side slip angles, as shown in Figure 4.4:

Figure 4.4: dynamic steering.

This means that when designing the steering wheel architecture, it must be taken into
account that the minimum radius of curvature available in normal driving depends
mainly on the road wheel angles, and so on the steering system geometry. But at
higher speeds the limit of path curvature is rather related to the maximum centripetal
force that can be generated then to the road wheel angles. This is governed by the
limiting friction coefficient between road and tires, u;. For typical passenger car, the
region in which geometry dominates the steering behavior is small, until 20 Km/h,
[13].

The steering model developed in this thesis takes into account all these phenomena,
and the road wheel angles depend on suspension compliance, roll steer and toe angles,
as expressed by Equations 2.36 to 2.39.

The other important function of the steering system is to provide to the driver a good
“feel” of the behaviour of the car on a road. Subjectively, impressions of vehicle
behaviour are gathered to a significant extent through the hand wheel, whether
consciously or subconsciously. A great deal effort is concentrated in modern cars on
the manner in which torque is transmitted back to the driver up the steering column.
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Steering feel is correctly given a great deal of importance in road car design since it is
the primary mean by which the driver comprehends the dynamics of the vehicle.
Accurate modelling of the steering feel is difficult and requires a great deal of data
about friction in the individual joints plus a good characterization of the electrical or
hydraulic power assist. In particular steering torque feedback helps the driver reduce
steering variability and locate on centre position more quickly following a manoeuvre.
It is also thought that the driver can respond more quickly to kinaesthetic cues than
those perceived through vision [13].

Changes in the steering torque are a primary input for drivers to detect vehicle
behaviour. When driving normally, the tires generate forces by distortions in the
contact patch that result in a moment attempting to return the tire to zero slip angle
condition. As the front tires get close to their frictional limit (i.e. when the lateral
forces are maximized), the deformed shape of the patch changes so that the self-
aligning torque falls to its minimum, Figure 4.6.
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Figure 4.6: Self aligning torque and lateral force. Adapted from Genta, Morello
(2009).

This phenomenon generates some changes in the resistant torque perceived by the
driver, who is then aware of the fact that the car is reaching limit conditions. If this
drop in the self-aligning torque occurs abruptly the driver can have the impression of
losing control of the vehicle. For a more detailed description of these topics, see
[6]1,[7], [13] and [14].

4.2  Rack and pinion model

The steering system modelled in this thesis is a rack and pinion one. This steering
mechanism is widely used on nowadays cars: its advantages are:

e |t tends to be more precise because there are fewer parts and pivot points.
Because of this, the steering is more responsive and easier to control.

e The reduced number of components reduces the weight and makes it easy to
repair.

e [t gives a good "road feel" not only in terms of “feedback”, but also in terms of
quickness of response.

Figure 4.7 shows the rack and pinion steering system with all the main components:

CHALMERS, Applied Mechanics, Master’s Thesis 2013:10 47



Steering Wheel

Steering Column

Lower Shaft
Pinion Gear

Lower Shaft

Rack and pinion assembly

Steering Box

Power Steering Module Torsion Bar

Tierod

Figure 4.7: rack and pinion steering model.

The system comprises of a steering wheel turning a steering column. The steering
column is connected to an intermediate shaft through a universal joint. The universal
joint transmits torque to a lower shaft. It is mainly used for “packaging” reasons. In
fact, thanks to the fact that it allows transmitting a torque to an inclined shaft, the
lower shaft can be properly arranged in order to optimize the space in the engine
compartment. A pinion at the end of the lower shaft mates with the rack and converts
the column rotary motion into translatory motion of the rack. In power assisted
steering usually a torsion bar is present. It is connected between the lower shaft and
the pinion. Its torsion is used to compute the degree of assistance needed by the
driver. A ball joint is used to connect the end of the rack to the tie rod, which is
connected, on the other end, to the steering arm lever (SAL). The steering axis is the
axis around which the wheels rotate during steering. It is defined by the line that runs
through the upper and lower steering pivots, depending on the geometry of the
suspension. Generally, the steering axis is inclined in the space. This inclination is
important because it affects the entity of the torque perceived by the driver, and is
defined by two angles: the king pin and the caster, as shown in Figure 4.8.

Direction of Travel

<
Caster Angl
King Pin Angle asterAngie
! 1 T ’
' ¥ ,_r ;/—\,-

! . . Steering Axis
Steering Axis S ahhk

kP T
Scrub Radius

Caster Trail

Figure 4.8: steering axis inclination.
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The main purpose of the caster angle is to create a self-centring effect in the steering.

The consequence of a caster angle different from zero is the presence of a caster trail
which can be positive or negative. The caster trail can be:

e Zero: when caster angle is equal to zero.

e Positive: if the centre of the tire contact patches lies between the steering axis
projection and the frame, on side view.

e Negative: if the projection of the steering axis on the ground lies between the
frame and the centre of the tire contact patch, on side view.

Caster affects directly the steering feel in terms of toughness of steering and self-
aligning torque. If the caster trail is positive, when the wheel is steered, the lateral
forces will generate a torque around the steering axis, counteracting the wheel
movement. As a result the self-aligning torque of the steering will be higher and the
steering wheel will align quickly. This worsens a little the behaviour of the vehicle
while entering in a turn, but reduces understeering in the exit and the vehicle will
maintain the turning trajectory better. The drawback is that the steering wheel will be
tougher to move. Vice versa, with a negative caster trail, when the wheels are steered,
the lateral forces will produce a torque that helps them steering. As a result, the entry
of the turn is improved as well as the directionality in low-speed turns, but more
oversteering will be present while exiting from a turn. Furthermore the steering will
become more unstable at high speed. The advantage is that the steering wheel will be
less tough to move. One can say that the first solution improves handling while the
second comfort. The value of the caster trail is a compromise between these two
exigencies.

The purpose of a kingpin angle is to set the scrub radius of the steered wheel. This is
the offset between the tire’s contact point with the road surface and the projection of
the steering axis on the ground. The value of the scrub radius is generally on the order
of some millimetres. In particular, the scrub radius can assume three values:

e Zero: when the distance between the central point of the tire contact patch and
the point P is equal to zero (Point P is given by the intersection of steering axis
projection with ground).

e Positive: when the central point of the tire contact patch is external to the
steering axis (with respect to the frame).

e Negative: when the central point of the tire contact patch is internal to the
steering axis (with respect to the frame).

A zero scrub radius doesn't transmit any reaction to the steering, improving the
comfort. But this configuration is never used. In fact, since no reaction is transmitted
to the steering, the driver is not able to perceive the change of attitude of the vehicle,
which becomes “undrivable”.

In case of negative scrub radius, when the wheel is steered, the longitudinal forces
will produce a torque that "helps"” the wheel to steer more. As a result the vehicle
becomes more "oversteering”. This configuration can be used on front wheel drive
vehicles in order to attenuate their natural understeering behaviour. The comfort is
improved, but the drawback is that the steering is less reactive, in particular in terms
of self-aligning torque.

If the scrub radius is positive, the longitudinal forces will produce a torque around the
steering axis that will counteract the steering of the wheel. As a result the vehicle
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becomes more "understeering”. This configuration is used on rear wheel drive
vehicles, in order to improve their natural tendency to oversteering. With this
configuration the steering becomes more reactive, especially in terms of self-aligning
torque. This helps the driver to understand and evaluate better the limits of the
vehicle, but it reduces comfort, because the steering becomes more sensitive to tire
forces.

The value of the scrub radius is defined during the design phase. Its value is a
compromise between the aforementioned exigencies and depends on the desired level
of sensibility of the steering with respect to the forces exchanged between tire and
ground during motion.

4.3  Mathematical modelling

The steering system shown in Figure 4.7 has been modelled on the base of the
following hypotheses:

The variation of angular ratio of all universal joints has been neglected.

The torsion bar is modelled as a massless spring.

Both rack (D,,.«) and torsion bar (D,;) damping are considered,

The length of the steering arm lever is considered constant.

The damping and the inertia of steering wheel and of the steering column are
included in the terms J,, and Dy,,,.

With these assumptions the model can be represented as the one in Figure 4.9
Steering Wheel

]SW DSW

Torsion Bar

Kip Doy
\ Steering Arm Lever (SAL)

Pinion
TN
I “Rack
Myack Drack

Figure 4.9: mathematical model of the steering system.

The starting point is to compute the resistant torque produced by the tire forces around
the steering axis, taking into account both caster and king pin angles. This has been
done by following 1SO 8855 regulation.

The total forces acting along x direction in the front tires are:

FX; = (Fx; = Fropingi) - €08(8y) — Fy; - sin(8,;) withi = 1,2 (4.2)
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The total forces along y direction are:
FYl = Fyl ' COS(awi) + (Fxl — Frollingi) ' Sin(6wi) withi = 1,2 (43)

The total torque produced around the steering axis by the generic force FX can be
computed starting from Figure 4.10:

Txp * COSY
Figure 4.10: scheme used to compute the resistant torque produced by FX.
So the resistant torque produced by force FX is:
Mrgy = FX - cos(t) - [rgp - cos(y) + Rpom " sin(y)] 4.4

The resistant torque due to FY is computed by taking into account that the lateral
force is not applied directly to the centre of the tire contact patch, but at a distance ¢
from it, as shown in Figure 4.11.

Rnom

Figure 4.11: scheme used to compute the resistant torque produced by FX.

This gives:

Mrgy = FY - cos(y) - [Rpom - Sin(t) + t - cos(7)] (4.5)

CHALMERS, Applied Mechanics, Master’s Thesis 2013:10 51



The total torque produced by Fz is computed starting from Figure 4.12 and adding the
contribution due to caster and road wheel angle:

N (rKP t Rpom * tan y) - cosy

(TKP + Rpom - tan }’) rcosy

nom

Fz-siny -sind,

Figure 4.12: scheme used to compute the resistant torque produced by FZ.

As a result:

Mrgp, = Fz - sin(y) - sin(6,,) - cos(7) - {[rxp + Ryom - tan(y)] - cos(y)} (4.6)

The total resistant torque produced by each wheel around the steering axis is then:

Mr, =
—FXy - cos(7) - [rgp - cos(¥) + Ruom - sin(y)] + FY; - cos(y) (4.7)
* [Rpom = sin(t) + t - cos(t)] + Fz; - sin(y) - sin(6,,1)
+cos(7) * {[rkp + Rnom - tan(y)] - cos(y)}
Mr, =
FX3 - cos(7) - [rgp - cos(¥) + Ruom - sin(y)] + FY; - cos(y) (4.8)
* [Rpom * sin(t) + t - cos(t)] + Fz, - sin(y) - sin(8,,5)
- cos(7) " {[rkp + Rnom * tan(y)] - cos(y)}

The resistant forces acting on the rack are then:

Mr; (4.9)
Fr; = SAL withi=1,2

When the steering wheel is turned, the torsion bar twists of an angle equal to:

Xrack (4.10)

p

Orp =6 —

The twisting on the torsion bar produces a torque acting on the pinion, which makes
the rack to translate of a quantity x,.,.,. This torque depends both on the stiffness of
the torsion bar and on its damping properties and is equal to:

Trg = Krg * Orp + Drg - 015 (4.11)
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The rack-pinion free body diagram is shown in Figure 4.13.
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Figure 4.13: rack and pinion free body diagram.
The total force transmitted by the pinion to the rack is equal to:
By = Myger * Xrack + Drack * Xrack + (Fr1 + F13) — Foerpo (4.12)

From the free body diagram Equation 4.13 holds:

T.
p, = Tro (4.13)
o

Now that the forces acting on the rack are known, it is possible to compute the torque
acting on the steering wheel, which depends on the torsion bar torque, on the damping
and inertia properties of the steering wheel and steering column and on the servo
assistance.

Tow=F, 1 +Tr+D-8+]4 (4.14)
The pinion angle is:
6, = Xrack (4.15)
T

Equation 4.15 replaces Equation 2.35. Now the pinion angle is directly influenced by
the forces coming from the tires. The road wheel angles are computed starting from
Equations 2.36 to 2.39 using the value of 6,, coming from Equation 4.15. So they are

function of the pinion angle, of the roll steer and of the compliance produced by
lateral force and self-aligning torque.

In the next sections the friction torque and the servo assistance forces are computed.

4.4  Friction modelling

Friction has an important influence on steering feel, especially in the so called on-
centre driving. This driving condition is the one in which the vehicle is driven with
small steering angle, for instance when it is driven in a straight line and a small
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movement of steering is needed to change trajectory. Friction mainly comes from the
rack-pinion contact and through the bearings of the different components and can be
modeled in different ways. An overall view on this topic can be found in [19]. For this
thesis a Dahl friction model has been adopted, mainly because it is simple,
computationally fast and it offers a good description of the phenomenon.

The Dahl model was developed for the purpose of simulating control systems with
friction. The starting point for Dahl’s model is the stress-strain curve in classical solid
mechanics. When subject to stress, the friction force increases gradually until rupture
occurs. Dahl modeled the stress-strain curve by the following differential equation:

Ff(t) =
(4.16)

2
o-|1— Ff;t) -sign(x(t))l - sign <1 — Ff;t) . sign(x(t))) - x(t)

Where:

Fy(t) is the Dahl friction force

F. is the Coulomb friction force

o is the stiffness coefficient

A is the shape parameter

x(t) is the relative velocity between the two surfaces

The Dahl friction model is a generalization of ordinary Coulomb friction and so it
does not capture the Stribeck effect. Anyway, the Stribeck effect in a steering wheel is
usually too low that the driver does not perceive it, so there is really no need to model
it. What is important is to model the hysteresis in the system. This model expresses
the friction force only in function of the displacement: this means that the force is
position dependent. In the steering system, instead of having Fr(t), F. and x(t), the
correspondent variables are the steering wheel friction torque Tr(t), the steering
wheel angular velocity & and the Coulomb friction torque level T,. In particular, the
Dahl model used in this thesis has, for sake of simplicity and for computational
reasons, a shape parameter A = 0. So Equation 4.16 becomes:

Ty = 0 - sign (1 — ;—: : sign(S)) ¥ (@17

The Sim IV has a dedicate computer that controls steering wheel, reproducing friction,
damping and vibrations. The Dahl friction model developed in Dymola has to
reproduce the one used by the simulator: for this reason, K, Ds,, and T, were set to
the same reference values used by Sim 1V and then they were tuned around that values
to find the proper steering feel. As a result, the stiffness coefficient is computed as:

2Dy, - Ky

o=
JE (4.18)
.]SW
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Table 4.1 resumes the parameters used in the friction model:

Table 4.1: parameters of friction model

PARAMETER VALUE

Spring constant K [5,40]
Steering wheel damping Dy, 0.5
Steering wheel moment of inertia J,, 0.05
Coulomb friction torque level CF [-5,5]

The coulomb friction torque has been modeled in function of CF and §:
T, = CF - sign(5) (4.19)

In order to reproduce hysteresis and saturation in Dymola, the following code was
used to compute the friction torque:

Tr=if Tr>T.and$ >00rT; < —-T,and § < OthenOelseK;-5  (4.20)

This equation substitutes Equation 2.41. The trend of the friction torque in function of
the steering wheel angle is no more the one shown in Figure2.11 since now hysteresis
has been introduced. As a result, the T — & curve is shown in Figure 4.15:

/

/
/

. i

] /

Figure 4.15: Dahl friction torque.

In Figure 4.16 the time trajectories of the steering wheel torque and the steering wheel
angle are plotted against each other. In this way the relation between the steering
wheel torque and the steering wheel angle can be seen.
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Figure 4.16: steering wheel torque in function of steering wheel angle.
Adapted from Linden,Geluk. Nijmeijer (2007).

From this plot three parameters are determined: the steering friction, steering stiffness
and torque deadband. The steering friction is the vertical distance between the two
lines in the plot at a steering wheel angle of zero degrees. This is the torque that is
required to overcome the (dry) friction in the steering system at a steering wheel angle
of zero degrees. The steering stiffness is the average gradient of the upper line and the
lower line over a range of + 10 % of the peak steering wheel angle [20]. In modern
vehicles this stiffness is mainly determined by the characteristics of the torsion tube in
the steering gear. The torque deadband is defined as the horizontal distance between
the two lines at a steering wheel torque of zero Nm. Figure 4.17 shows some different
T,,, — O characteristics of VDM-14, varying CF:

—— Tsw with CF=02 —— Tsw with CF=0.7
2

5

4

34

24

T T T T T
1.0 05 0.0 0s 10
Delta

Figure 4.17: steering wheel torque in function of steering wheel angle, for
different values of friction, implemented in Modelica for VDM-14.

The value of CF has to be carefully chosen, because not only it affects the global
friction torque perceived by the driver, but also the deadband. In particular, the
driving condition in Sim 1V require for the majority of the time an on-centre driving,
so it is important to find a value of CF which is a good compromise between friction
torque and torque deadband.
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4.5  Power steering modelling

The reason for which power steering is needed is mainly to take out the effort during
parking and slow speed manoeuvring, and to reduce efforts when completing a severe
cornering or correction of a car’s attitude at medium speeds. Power steering has now
become a positive necessity on many large modern cars which have high front axle
weights, large section tyres, and now more frequently, front wheel drive. It also
improves safety by enabling the car to be rapidly manoeuvred out of difficulties and
helps the car to be controlled in unexpected situations. Good PAS reduces driver
fatigue and contributes to safety in this sense also. It is obvious that power steering
plays a key role in steering feel by limiting the maximum amount of torque exerted by
the driver. There are several ways in which this additional power can be supplied,
such as with a hydraulic system or an electric one. In this thesis, a hydraulic power
steering has been modelled.

An engine driven hydraulic pump delivers fluid to a valve which is used to control
this fluid and direct it to either side of a ram, which supplies the required steering
assistance. To satisfy the conditions discussed above, it is necessary that the power
should be available at all vehicle speeds and it is vital to introduce this power into the
steering system in a way that is completely controllable by the driver, and without
surges or fluctuations in the assistance torque as the power comes into, or goes out, of
operation. The best way of exercising this control is by a servo valve which is
operated by the driver through a direct mechanical linkage from the steering wheel.
This is obtained by having one part of the valve directly operated by the steering
column, though a torsion bar, thus putting the driver in direct control of its movement.
A typical rotary valve is shown in Figure 4.18:

Y ] reservor

POWER ASSISTED STEERNG GEAR

Figure 4.18: scheme of hydraulic power assisted steering system.

The inner member (A) is controlled directly by the steering column, and it therefore
faithfully follows steering wheel movements. This input valve member is connected
to the pinion (B) by the torsion bar (C) which transmits torque between the two
members. Fluid taken from a power steering pump (K) is supplied to this. A typical
characteristic of the rotary valve is shown in Figure 4.19, where the pressure is
expressed in function of the input torque (coming from the driver).
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Figure 4.19: relation between servo pressure and steering wheel torque.

The fluid is then sent to a double-acting hydraulic cylinder, where a piston uses it to
generate a force applied to the steering gear. The characteristic curve of Figure 4.x is
the basis for determining the magnitude of assistant torque. So it is particularly
important to tune it in order to get a proper steering feel. The tuning process is not
easy, because the final characteristic curve will depend on many factors. Different
vehicle types, different driving environments and different driving styles, etc. all tend
to suggest that different ‘feels’ are required. For instance, a large vehicle that spends
much of its “life” in town, at moderate speeds on straight roads can be satisfactorily
steered with a system which uses large quantities of power and that only requires
small forces from the driver to operate the valve. However, high speed straight line
driving on highways or driving on twisting roads requires accurate placing of the car
and demands a system which ‘tells’ the driver much more about the car’s response,
enabling him to exercise the precise steering control that is necessary. At high speeds,
in fact, the steering forces for corrections or lane changing maneuvers are quite low
and power assistance is not necessary. So the characteristic curve is tuned trying to
find a compromise between these exigencies and for these reasons a typical
characteristic between boost pressure and steering wheel torque has the trend shown
in Figure 4.20:

15 +

10 +
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Highway

Boost Pressure [MPa]
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15 -
Steering Wheel Torque [Nm]

Figure 4.20: relation between servo pressure and steering wheel torque for
different driving conditions.
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In the “highway” interval the boost pressure is low and low power assist will be
provided, making the steer more “direct”. Vice versa in “parking” interval, the boost
pressure rises and the assistance torque provided since the main aim is to make the
steering wheel as “soft” as possible, to reduce driver efforts..

The following characteristic has been implemented in Dymola, starting from the data
available in [16].The relationship between boost pressure (or servo assistance
pressure) P, and the steering wheel torque Ty, has been modeled using a
polynomial function: after many attempts, it emerged that the best feel was given by a
quadratic function, and so:

Pierpo = A~ (Tsw)z ’ Sign(Tsw) (4-21)

The term sign(Ts,,) was used instead of an “if preposition” because of computational
reasons, in fact the “if statement” created some problems in Dymola. Knowing the
boost pressure, the servo assistance force is computed as:

F'SQTUO = Pservo ) AS@TUO (422)

Agervo 1S the area of the piston inside the double-acting hydraulic cylinder.

The tuning process is the one in which the Sim IV has played an essential role. In fact,
when defining a certain curve, it is impossible to know a priori which will be the feel
provided. The only solution is to test it. Furthermore the feeling is always subjective,
so it could be optimal for one driver and at the same time it can be inadequate for one
other. Different parameters can be tuned, i.e. Aser0, Krg and A. Figure 4.21 shows
different values of boost pressure by changing the servo assistance coefficient A:

—— T_servo with A=15000 —— T_servo with A=35000

Figure 4.21: relation between servo pressure and steering wheel torque for
different driving conditions.

Table 4.2 resumes the values of the parameter used for servo assistance:
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Table 4.2: main parameters of the servo assistance model.

PARAMETER VALUE
Aservo 0.001 mz
A [10000,100000]
Nm
Krs [90,170] —
rad

4.6  Steering system model: summary

A new steering model has been developed for the VDM-14. It receives as an input the
steering wheel angle and provides as output the steering wheel torque. Its aim is to
give a better representation of reality both in terms of physics and in terms of steering
feel. The model should also work as a “standalone” to study topics closely related to

steering.

Table 4.3: main variables of the steering model.

VARIABLES
Mr. Mr Resistant torque produced by tire forces
L2 of wheel 1 and two around the steering
axis
Fr. Fr Resistant forces acting on the rack due to
Lotz resistant torques around steering axis
0. G Torsion bar angular displacement and
TB» ¥THB angular velocity
568 Steering wheel angle, velocity and
Y acceleration
0 Pinion angle
p

Xrackr Xrackr Xrack

Rack  displacement, velocity and
acceleration

Force acting on the pinion

Fse:;o Servo assistance force
Pivro Servo assistance pressure

Sui Road wheel angles

Tow Steering wheel torque

Tr Steering wheel friction torque
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Table 4.4: main parameters of the steering model.

PARAMETERS
y King pin angle
Caster angle
Scrub radius
Tkp
Caster trail
rC
Tire nominal radius
Rnom

Myacks Drack

Rack mass and damping

Pinion radius
™
D,J Steering wheel and column damping and
’ inertia
K, Spring constant
Ds,, Steering wheel damping
Jow Steering wheel moment of inertia
CF Coulomb friction torque level
o Dahl friction stiffness coefficient
Aservo area of the piston inside the double-
acting hydraulic cylinder
A Assistance coefficient
Krg, Drg Torsion bar stiffness and damping
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4.7

Refined VDM: an overview

The Vehicle dynamic model computes, as output, the vehicle response on the basis of
inputs coming both from the driver and from the road. The inputs are listed in the

Table 4.5:

Table 4.5: Refined VDM input.

INPUT

DESCRIPTION

Steering wheel angle §

Steering wheel position. Positive for left
turn. [—6,+6 rad]

Steering wheel velocity &

Steering wheel angle derivative [%]

Steering wheel acceleration &

Steering wheel angle derivative [rsa—zd]

Throttle position

[0,1] Where 1 is full throttle.

Clutch position

[0,1] Where 1 for pedal fully pressed.

Brake pressure at master cylinder

Pressure generated by the driver when
braking. [0,17.000 KPa]

Gear shift position

Gear selected by the driver. O=neutral,
1,...,5 = gear selected.

Road slope Measured in radians. Positive when
driving uphill.

Road bank Measured in radians. Positive when
clockwise.

Road profile under each wheel

4 functions describing road profile.

Tire-road friction coefficients

Friction coefficients between tires and
road. Independent for each tire.

External forces applied to the centre of
gravity

3 components of the external force
applied to vehicle CG

Table 4.6 shows the outputs of the VDM need by the simulator to run an experiment.
In addition to these, any variable or parameter of the VDM can be sent as an output,
depending on the special requirements of the experiment in progress.
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Table 4.6: Refined VDM outputs.

OUTPUT

DESCRIPTION

Vehicle velocities

3 components of the vehicle velocity,
according to vehicle coordinate system

and measured in Sl units, [?]

Vehicle accelerations

3 components of the vehicle acceleration,
according to vehicle coordinate system

and measured in S units, [ 2]

Vehicle angular velocities

3 components of the vehicle angular

velocity, according to vehicle coordinate
rad

system. [T]

Vehicle angular accelerations

3 components of the vehicle angular

acceleration, according to vehicle

coordinate system. [rsa—zd]

Steering wheel torque

Torque generated on the steering wheel
[Nm ]

Engine speed

Engine rotational speed [rpm]

Engine torque

[Nm ]

Displacement of the wheel hubs

4 vertical displacements of the wheel
hubs due to road irregularities [m]

Secondary outputs

Outputs of interest for the experiment in
progress.
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The final structure of VDM-14 can is shown in Figure 4.22:

INPUTS

REFINED VDM

Steeringwheelangle

h 4

Steeringwheelrate

h 4

Throttle position

7?2

MoDELICA

L 4

Brake pressure
{master cylinder)

Tires

OUTPUTS

W

3 componentsvehicle
velochy

4

Clutch position

‘ Gear shift position

| Road slope

‘ Road bank

—>
’—)
—

Tire-road friction
coefficients.

MNew suspensions

New steering system

L

3 compaonentsof vehicle
acceleration

Brakes

W

3 componentsof ve hicle
angularve locity

Chassis

Transmission

h 4

Externalforces
applied at CG

h 4

Steeringwheel
acceleration

h 4

Road profile under
eachwheel

A 4

Figure 4.22: VDM-14 input-output scheme.

The new steering system model computes the resistant torque on the steering wheel
taking into account the inertia, so the steering wheel acceleration is needed as an
input. The refined suspension model, computes the forces transmitted by the
suspensions on the chassis on the base of the road irregularities, so the functions
describing the road profile under each wheel are an input to the VDM-14. In

5
Ca

3 compaonentsof vehicle
angular acceleration

—>

_)| Steeringwheeltorque

_>| Engine speed

Engine torque

Vertical displacements of

“| the 4 wheelhubs

particular, there are 4 independent functions, one for each wheel.
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5 Model validation

The final VDM-14 has been validated into two ways:

e by a comparison with real vehicle data coming from the test track
e Dby testing activity in the simulator

The parameters of the model have been tuned in order to find a good compromise
between matching of the real data and “drivability” in the simulator.

5.1 Comparison with real data

Real data coming from test track were available thanks to the fact that they were
recorded in the previous work to validate VDM-10. Data for different manoeuvres are
available. In the following sections only the most significant results are shown, for
sake of brevity. The other results can be found in [11]. The following paragraphs
report the data in three different conditions: steady state driving, quick transient
manoeuvres and straight driving. It must be noticed that the response generated by
VDM-14 is related to a completely flat road, since it is very difficult and time
consuming to reproduce the test track surface asperities.

5.1.1 Steady state driving

The vehicle’s response in steady-state conditions is studied. The car is driven along a
constant radius circular path, starting from zero speed and slowly increasing until the
stability limits are reached.

Figure 5.3 shows the lateral acceleration

Lateral Acceleration

Acceleration [m/s]

Figure 5.3: steady state lateral acceleration.

For values of lateral acceleration up to 5 m/s* the model (red curve) matches well the
real data (blue curve). Then the real data show values which are a bit higher than the
one coming from the model. The discrepancy reaches its maximum between 6 and 7
m/s®. There are mainly two reasons for these differences. The first one is related with the
measurement equipment. As the vehicle speed is increasing and the lateral acceleration
goes up, the vehicle tends to have a larger roll angle. The sensor used to measure vehicle
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accelerations is attached to the vehicle body and when the body rolls, the sensor
inclination introduces a component of the gravity in the measurement. The second reason
is related with suspension and steering compliance in the VDM. It is necessary to find a
balance between steady-state and transient response of the VDM and the compliances
play an important role in the transient response, so probably the model presents a slightly
more under steer behaviour than the real in steady-state cornering at high speed. Despite
of these considerations, the differences between the test vehicle and the model are small
and acceptable for this application. The frequency response is shown in Figure 5.4:

Lateral acceleration
T T T T

Acceleration [mfszl

——VBOX acceleration
—— MODEL acceleraticn

I

H H i
35 4 45 5

0 05 1 15 2 25 3
Frequency [Hz]

Figure 5.4: steady state frequency response of lateral acceleration.

The yaw rate matches quite well the trend of real data both in term of time response than
in term of frequency response.

Yaw Rate
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Figure 5.5: steady state yaw rate.
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Figure 5.6: steady state yaw rate frequency response.

The pitch rate is shown by Figure 5.7:

Pitch Rate

" [—VBOX Pitch Rate
—— MODEL Pitch rate

Pitch Rate [rad/s]

-0.02

N I"u
-0.03

i i
o] 10 20 30 40 50 60 70
Time [s]

Figure 5.7: steady state pitch rate.

The pitch rate coming from the model has some small discrepancies with the one
coming from real data. Despite of this, one can say that the model captures the pitch
rate trend of the real car, but with a different magnitude. This difference in magnitude
can be explained by the fact that the real track is not a completely flat surface and
some road unevenness is always present, thus the pitch rate is affected by this. On the
other side the model is tested on a completely flat surface, also because it is
impossible to reproduce faithfully the road profile of the test track. Other differences
can be due to suspension geometry. The pitch FRF is shown in Figure 5.8 is useful to
understand at which frequencies are located the main differences.
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Figure 5.8: pitch rate steady state frequency response.
The main discrepancy lies in a range between 0 and 1 Hz. In the remaining part of the
frequency spectrum the real trend is captured in a good way.

Similar considerations hold for roll rate, Figure 5.9 (time response) and Figure 5.10
(FRF)

Roll Rate

Roll Rate [rad/s]

-0.005 “ | u“ v B NN .

-0.01

-0.02

——VBOXRollRate |
——MODEL Roll rate i l i | i |
0 10 20 30 40 50 60 70
Time [s]

Figure 5.9: steady state roll rate.
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Roll rate
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Figure 5.10: steady state roll rate frequency response.

Also the roll rate captures the trend of the model, but with different values of
magnitude. Again the main differences are located between 0 and 1Hz.

5.1.2 Transient response

The vehicle’s response in transient conditions is evaluated by driving the car in a
straight line at constant speed and by introducing sinusoidal steering wheel inputs of
different frequencies, from small frequencies around 0.2 Hz to frequencies up to 2.5
Hz. The response of the vehicle due to a random input at 40 km/h is shown in the

following images.
V ,

Figure 5.11: transient response of lateral acceleration, at 40 km/h.

Figure 5.11 shows the lateral acceleration
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The time response of the model shows a good matching with the real data, being also
in phase with them, until a certain frequency, where the two curves diverge.
According to reality, one can expect that the model response in terms of acceleration
decreases with the increasing of frequency. This is true, in fact if the steering
frequency increases the tire forces decrease, and so the overall roll and lateral
acceleration should decrease. So, the model at a first sight seems not to capture
correctly the trend of the real vehicle. But this is not true if the FRF is considered,
Figure 5.12.

Lateral acceleration
o8 T T

Acceleration [rn/s“]

—— VBOX acceleration i ; : :
—— MODEL acceleration i ; 5 |

L R o | L i
4 6 8 10 12
Frequency [Hz]

Figure 5.12: transient frequency response of lateral acceleration, at 40 km/h.

In fact, through the frequency response one can see that also the lateral acceleration of
the model decreases while increasing the frequency. The VDM-14 matches well the
real data in the whole frequency spectrum a part from a frequency interval around 2
Hz. For that particular frequency the VDM-14 presents a peak. This can be due to
many causes: the actual tire behavior of the real car is more complex than the one
described in the model, the suspension geometry can affect the values of tire force and
the model does not take into account this. The steering geometry also affects the entity
of the lateral forces (and so of the lateral accelerations) through the road wheels
angles: even if the steering model of VDM-14 is a good approximation of reality, it
has some limitations and the peak in correspondence of 2 Hz is due to higher order
phenomena not represented by the model. Anyway, the response in terms of lateral
acceleration of the model is acceptable.

The roll rate is shown in Figure 5.13: the model response tracks well the trend of the
red curve being almost in phase with it. Only at higher frequencies there is a small
delay, but the result is anyway satisfactory. The difference of magnitude that occurs at
high frequencies can be explained in the same way of the lateral acceleration.
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Figure 5.13: transient response of roll rate, at 40 km/h.

Figure 5.14 shows the roll rate FRF. The matching with real data is one more time
emphasized. The roll rate magnitude of the VDM-14 differs from the real data around
a frequency of 2 Hz, exactly as the lateral acceleration. But this is not a case: it is
reasonable to expect a similar trend since the lateral acceleration is the cause of roll.
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Figure 5.14: transient frequency response of lateral acceleration, at 40 km/h.
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The yaw rate response is shown in Figure 5.15:

Yaw Rate
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Figure 5.15: transient response of yaw rate, at 40 km/h.

-0.3
0

The yaw rate of the model matches in a good way the red curve. A small discrepancy
appears at a frequency of 2 Hz, as shown in Figure 5.16. The reasons of this
difference have already been mentioned when discussing lateral acceleration. Yaw

rate is related to lateral force (and thus acceleration) according to Equations 2.9, 2.10
and 2.11.
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Figure 5.16: transient frequency response of lateral acceleration, at 40 km/h.
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The pitch rate in function of time is shown in Figure 5.17.
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Figure 5.17: transient response of pitch rate, at 40 km/h.

The model represents well the behavior of the real vehicle, and the two peaks in the
blue curve are probably due to road asperities on the test track. The good description
of the phenomenon is emphasized by the pitch rate FRF of Figure 5.18. The
correspondence among data holds for the whole frequency range.
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Figure 5.18: transient frequency response of pitch rate, at 40 km/h.

5.1.3 Straight driving

During straight driving the vehicle is driven on a straight road, performing
accelerations and braking. To control the VDM speed, two PID controllers are used to
generate the appropriate throttle and brake input signals in the model. These PID
controllers will generate the inputs trying to minimize the difference between the
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measured longitudinal velocity and the VDM longitudinal velocity. The gear shift also
will be set equally to the test experiments.

The characteristics plotted are the longitudinal acceleration and pitch rate, in order to

understand how the former affects the latter. The longitudinal acceleration is shown in
Figure 5.19:

Longitudinal Acceleration
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Acceleration [mlsZ]

i
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Figure 5.19: straight driving, longitudinal acceleration.

The VDM is able to generate the same range of longitudinal accelerations when
accelerating and braking. The model of the transmission is very simple and not so
accurate: this is the cause of the main peak between 0 and 5 sec. The longitudinal
acceleration is generated by the PID controllers stating from the measured speed as a
reference signal. The derivative of this signal is noisy and as a result the acceleration of
the VDM is noisy too. It is fair to say that the VDM driveline and braking systems present
a smooth behaviour when these inputs are smooth, like in normal driving conditions.

The pitch rate is shown in Figure 5.20:

Pitch Rate
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Figure 5.20: straight driving, pitch rate.

A part from the peak between 0 and 5 sec, due to the longitudinal acceleration, the
trend with real data is matched in a satisfactory way.
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5.2  Comparison between VDM-10 and VDM-14

As mentioned in Section 1.2, one of the objectives of this Master’s thesis is to
improve the response of the model in terms of roll, pitch and lateral acceleration in
quick transient manoeuvres. In the following paragraphs a comparison of these
variables will be made between the old VDM-10 and the new VDM-14. In particular
the transient response at 40 km/h is compared.

5.2.1 Lateral acceleration
The VDM-10 response is shown in Figure 5.21, while the VDM-14 in Figure 5.22.

Both the trends match well the real data, but the VDM-14 appears to be more on
phase after 15 sec. Furthermore the over-estimation of the magnitude of lateral
acceleration at frequencies around 2 Hz is less marked in the VDM-14.
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Figure 5.21: VDM-10 transient response of lateral acceleration, at 40 km/h.
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Figure 5.22: VDM-14 transient response of lateral acceleration, at 40 km/h.
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5.2.2 Roll rate

The roll rate of VDM-10 is shown in Figure 5.23, while the one of VDM-14 in Figure
5.24.
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Figure 5.23: VDM-10 transient response of roll rate, at 40 km/h.
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Figure 5.24: VDM-14 transient response of roll rate, at 40 km/h.

The roll rate of VDM-14 appears to be more on phase with the real data, from the
beginning of the experiment. The VDM-10 does not seem to catch the trend of the
real data, especially in terms of magnitude, neither it seems to be influenced by the
lateral acceleration trend around 2 Hz.
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5.2.3 Yaw rate

Figure 5.25 shows the yaw rate of VDM-10, while Figure 5.26 the yaw rate of VDM-
14,
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Figure 5.25: VDM-10 transient response of yaw rate, at 40 km/h.
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Figure 5.26: VDM-14 transient response of yaw rate, at 40 km/h.

Both the curves match the real data well, but the VDM-14 seems to be worse between
25 and 35 sec. In this time window, and for these frequencies, the discrepancies with
the real data are a bit higher with respect to the VDM-10. This can be explained by
considering one fact: the yaw rate is connected to the road wheel angles. The road
wheel angles have been computed starting from the pinion angle. But in the case of
VDM-10 according to Equations 2.34 and 2.35 there is no relation between pinion
angle and tire forces. It is true that with this angle there is a better matching with real
data, but the way in which it is computed does not represent reality very well. On the
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contrary the pinion angle used by VDM-14, is related to these forces according to
Equations 4.13 and 4.15. As a result road wheel angles are more influenced by lateral
force and by lateral acceleration trend, which has a discrepancy around 2 Hz which,
according to Equation 2.9, is clearly reflected also in the yaw rate.

5.2.4 Pitch rate

The pitch rate of VDM-10 is represented in Figure 5.27 while the one of VDM-14 in
Figure 5.28.
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Figure 5.27: VDM-10 transient response of pitch rate, at 40 km/h.
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Figure 5.28: VDM-14 transient response of pitch rate, at 40 km/h.

Both the curves match well the real data, a part from the peak in the beginning due to
the transmission model. At a first glance it seems that the VDM-14 captures better the
real data trend both in terms of phase and magnitude. This is actually confirmed by

78 CHALMERS, Applied Mechanics, Master’s Thesis 2013:10



the pitch rate FRF. The one of VDM-10 is shown in Figure 5.29, while Figure 5.30
shows the one of VDM-14.
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Figure 5.29: VDM-10 transient frequency response of pitch rate, at 40 km/h.
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Figure 5.30: VDM-14 transient frequency response of pitch rate, at 40 km/h.

5.2.5 Conclusion

Through the comparison with real data the VDM-14 can be validated, providing good
matching with the behaviour of a car. Furthermore, the expected improvements with
respect to the VDM-10 have been reached. This has an important meaning not only
because the VDM-14 works and describes reality in an acceptable way, but also
because it has the potential to improve the driving experience in the Sim V.
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5.3 Validation in Sim 1V

After having validated the model versus real data, VDM-14 has to be validated in the
simulator, to prove to work properly. The testing activity performed in the Sim IV can
be divided into two parts:

e Tests for evaluating the overall functionality
o Tests for evaluating the steering response

5.3.1 Tests for evaluating the overall functionality

The main aim of these tests is to check the functionality of VDM-14 on the simulator.
During the first part of the validation, the model is simulated and tuned up in a
standalone computer, but when it is downloaded to the simulator and used in real
time, problems and numerical instabilities tend to appear. Some of these problems are
usually related with combinations of inputs that never appear in the computer
simulations. A long debugging process has been done in order to eliminate all these
defects and get the model running in the simulator in the best possible way. After that,
the VDM-14 has been tested successfully with motion on the Sim IV. All these
simulations were performed internally at VTI, without involving volunteers to drive.
The model proved to work well both on flat and uneven roads, but it still needs some
improvements especially for what concerns the transmission model.

Another important aspect related to the “reality of the performance” is the motion
cueing, which is the part of the software that controls the motion of the platform. The
tuning of the motion cueing is essential to reproduce faithfully on the cabin the
accelerations that are present in reality. In the case of Sim IV, the motion cueing is
optimized specifically for the Fortran VDM model. So, if the Modelica VDM is run
with the actual motion cueing settings, the overall realism of the performance can be
affected, even if the model works well and matches well the real data. Some attempts
were made to try to tune the motion cueing with respect to the Modelica model, but
the process appeared to be very long, time-consuming and difficult. A lot of
simulations are needed to find the correct tuning of the platform in order to get the
“right feeling” in terms of accelerations, especially because the “feeling” is subjective
and changes from person to person. For time reasons it has been decided not to tune
the motion cueing algorithm with respect to the Modelica VDM, but this can be the
starting point for a future work.

5.3.2 Tests for evaluating the steering response

After having verified the proper functioning of the VDM-14 in the Sim IV, some tests
with volunteers were used to evaluate the steering feel. The aim of this activity is
double: on one side there is the necessity to understand how far from reality is the
new steering model developed in Chapter 4 in terms of steering response. On the
other side it is important to know how far is, always in term of response and steering
feel, from the FORTRAN one, which is currently used in the simulator and is
considered as a reference point. Furthermore it must be verified if the new steering
model has brought some improvements with respect to the model used in VDM-10,
which was judged to be “inferior” with respect to the FORTRAN.
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These tests were performed without motion of the cabin. In fact if the motion system
Is on, it is much more difficult for the volunteers to focus on the steering response
because their “attention” will be mainly affected by the accelerations, especially if
they have never driven in a car simulator before. Furthermore, since the motion
cueing is not optimized for Modelica model, the overall performance of VDM-14
could be negatively affected, even if the model itself works well, because the driver
perceives accelerations which can be considered excessive, rough or too harsh. Since
no motion is applied to the cabin, some tuning was made on the graphics to improve
the effect of realism of pitch and roll motions. The volunteers had to drive both
FORTRAN and Modelica VDM-14 on an uneven road and to express their judgement
on different aspects. For what concerns the steering they had to judge both models in
terms of:

Steering feel at low speed

Steering feel at medium speed

Steering feel at high speed

Feeling of road irregularities on the steering wheel

Then they were asked to express their judgement on:

e Evaluate the vertical motion of the vehicle when negotiating road irregularities
¢ Evaluate the overall model behaviour in terms of handling

Since the motion system was off, there was no physical vertical acceleration acting on
the drivers when passing over a road irregularity even if the vehicle was moving
vertically. Basically they were asked to evaluate the “entity” of these motions, to
understand if they were too low, excessive or, in general, how far from reality were
them. A similar reasoning was done for overall handling.

5.3.2.1 Description of the experiment

Seventeen volunteers participated to the experiment. Every person drove both models,
each one for ten minutes. The drivers were not told which model they were testing.
Furthermore, to make the comparisons more objective, the order in which the models
were tested was changed every time, to try to reduce the influence of the “learning
effect”. In fact, after a volunteer drives the first model, he learns “something” (how
driving in a simulator is, how the car behaves in terms of handling, etc.): as a
consequence he drives the second model in a “different” way and obviously this will
affect the final judgment of the VDM.

To evaluate the steering response at low speed, they were asked to drive in between
40 and 60 km/h. Then they were also asked to perform some line changes with
sinusoidal steering input, going from one line to the other using big steering angles:

To evaluate the steering feel at medium speed the volunteers had to drive between 70
and 90 km/h. Then they were also asked to perform some line changes (around 80
km/h).

To evaluate the steering response at high speed they were asked to drive between 120
and 140 km/h. Then they were asked to perform some smooth line changes, as if they
were driving on a highway, at 120 km/h.

After the test, people were asked to fill in a questionnaire (see Appendix A), where
they had to rate the model with respect to reality. The rate goes from 1 (very poor) to
7 (very good): this is the same system used in the previous Master Thesis to evaluate
VDM-10 performance.
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In the following sections the results of these experiments are reported. They are
described both in terms of the mean value obtained by the models in the different
areas and in terms of standard deviations.

The average is the average of the sample, and not of the population:

PRE (5.1)
N

X =

Since the average of the population is unknown, the standard deviation has been
computed with respect to the sample average:

(x; — %)?
ST ITN=1 (5.2)
5.3.2.2 Result analysis

The results of the experiments show not only that the new steering model is close to
the FORTRAN one, but also that is slightly better.

In Figure 5.35 the overall steering feel is shown:

Overall Steering Feel

7,00

+E67T T

m Modelica refined VDM
m Fortran VDM

VDM

Figure 5.35: overall steering feel score of VDM-14 (blue) vs FORTRAN VDM
(red).

The VDM-14 has been judged better in terms of steering feel. Anyway this difference
is not big and actually the two models are quite similar. Also the standard deviations
are close, and so the variability of the data is more or less the same for the two
models. The overall steering feel score, is the average mark of the steering feel in four
different conditions:

Low speed

Medium speed

High speed

Feel of road irregularities on the steering

The steering feel result at low and medium speed is reported in Figure 5.36:
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Figure 5.36: low and medium speed steering feel score of VDM-14 (blue) vs
FORTRAN VDM (red).

The difference at low speed is not high, but remarkable. The FORTRAN model has an
aligning torque which is more “elastic”, with a high self-aligning-torque:

“It seems to be rough at low speeds and hence not very realistic. [ feel, for instance,
too much torque response when doing the low speed turning.” [Volunteer on
FORTRAN steering]

The Modelica one appears to be more natural, with the steering wheel returning in
centre position gradually. Many efforts have been put in this area during the pre-test
tuning process of the steering, regulating friction and servo assistance to have a
homogeneous aligning-torque. The standard deviation of the VDM-14 model is lower
than the FORTRAN one, thus indicating that in the new steering model there are more
data closer to the mean value with respect to the FORTRAN model. The responses of
the two models at medium speed are quite close, but if the line-change manoeuvre is
sufficiently harsh some differences emerge. The self-aligning torque in the
FORTRAN model has a drop-off in the first phase of counter-steering (even if the car
is not sliding). There seems to be a delay in the response of the steering for fast
manoeuvres. But this is difficult to perceive, and in fact only a few volunteers noticed
a difference. For the others the models were quite close. Again the standard deviation
indicates a minor dispersion of the data for the VDM-14 than for the FORTRAN
VDM.
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The steering feel at high speed and the perception of road irregularities on the steering
wheel are shown in Figure 5.37:

High speed steeringfeel Road irregularities steering feel
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+1,28 “'
6,00 T *L86 5,00
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1,93 T r +1.83

W Modelca Refined
m Modelica Refined VOM - 4 00 VoM

m Fortran VDM 3,29 3,29 m Fortran VDM

3,00

2,00

VDM e VDM
Figure 5.37: high speed steering feel score and perception of road irregularities of
VDM-14 (blue) vs FORTRAN VDM (red).

At high speed the new steering model brings significant improvements. The
difference in the two models is remarkable: the Modelica steering model is far better
than the FORTRAN one at high speeds and this has a strong affection on the overall
steering feel score. Basically the FORTRAN model becomes unstable at high speeds,
with some excessive oscillations in the self-aligning torque that appears also with
slow steering angles.

“Steering oscillations at high speed are foo much.” [Volunteer on FORTRAN
steering]

The big difference in the standard deviation is explained by the fact that a few drivers
liked these “oscillations” because, according to their opinion, they helped them to
control better the car.

The two models reached the same average score in the perception of road
irregularities on the steering wheel. The two standard deviations are also quite close,
even if they are very big. The magnitude of the standard deviation is explained by the
fact that some drivers really liked the way in which the models were describing this
feeling while other volunteers totally disliked it. Anyway, the overall score is low and
can be object of investigation in future works. Actually the road had some slope,
banking and smooth holes. So the effective forces transmitted to the driver were not
so high. It can be possible that the drivers were expecting to feel more bumps on the
road and so they gave a negative judgement of the models. The author suggest to
verify the two models on a more uneven and bumpy road. It is clear that this area is
the weakest of the new steering system model and affects considerably the final score.
So a further improvement in the steering response when negotiating road asperities
could be object of future studies, in order to understand how to improve the model. In
fact this could lead to even higher scores, making the driving experience with the
VDM-14 closer to reality.

The perception of road irregularities on the motion of the vehicle and the overall
handling behaviour is reported in Figure 5.38.
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Figure 5.38: road irregularities steering feel and overall vehicle handling score of
VDM-14 (blue) vs FORTRAN VDM (red).

The scores of the feeling of road irregularities on vehicle motion are quite close and
there are aspects that can be improved. For time reasons, the suspensions of VDM-14
were not tuned specifically for this test, so maybe with different regulations of springs
and dampers it is possible to obtain a better response. A big factor influencing the
perception of road irregularity in terms of vehicle motion is made by the graphic
system. As mentioned before, some tuning of the graphic was made for both models
(taking into account that no motion of the cabin was applied) but, always for time
reasons, not many efforts were put in this area. The target was to achieve an
“acceptable” performance. Some tuning of the graphic could be made in future also to
try to make the simulation without motion closer to reality. The result in terms of
score is not so high, and according to many volunteers it was difficult to perceive road
irregularities without cabin motion.

In terms of overall handling a small superiority of the VDM-14 emerges, but the two
models are very close. The dispersion of the data for the Modelica model is higher.

5.3.2.3 Conclusions

A slight superiority of the new steering model emerged in these tests. The two models
are very similar at low and medium speeds. There are actually some differences, but
not all the drivers have been able to detect them because they are not easy to find in
normal driving. The new model brought some concrete and improvements at high
speed that were “felt” by the majority of the volunteers.

All the data are characterized by high standard deviation. The steering feel in fact is a
very subjective theme and the scores obtained strongly depend on drivers opinion. As
an example, the following statements report some quotes of the drivers (written in the
final questionnaire) about the VDM-14 steering at low speed:

“The steering wheel return is too soft at low speed”

“At low speed the steering was stiff enough, which was personally ok and better,
because you receive better feedback from the road.”
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Furthermore the different manoeuvres the drivers were asked to perform were not
performed exactly in the same conditions (velocity, steering wheel angle, steering
wheel velocity etc.) because they were very difficult to control. The subjectivity of the
steering feel make 17 people to be insufficient to give an objective judgement. No
statistical study of the data has been made, but at first glance it doesn’t seem that the
difference between the two models are statistically significant. What emerges from
these tests is that the VDM-14 steering model and the FORTRAN one are very close
each other, and for many drivers they are difficult to compare:

“Steering wheel torque is similar in both”
“Difficult to make a difference and compare”
“Very difficult to feel a difference between the two models”

Even if it is difficult to say if the VDM-14 steering model is really superior to the
FORTRAN one, surely they are very close and this is a big improvement with respect
to the Modelica steering model adopted by the VDM-10, which was judged to be
“inferior” to the FORTRAN steering model.

Finally, people feedbacks were important to gather some inputs for future works to
improve both the VDM-14 steering and the reality of the simulations experience. For
what concerns VDM-14 steering some suggestions are:

“On centre driving feels too stiff”

“Torque could be more speed dependant”

“The steer is not as soft as in a real model”

Some suggestions about the overall driving experience in the Sim IV are:
“Develop better graphics for a more real feel drive.”

“Speedometer does not work sometimes. Audio feedback is not enough to control the
speed.”

“It didn't feel as if I was driving as fast as indicated.”

“It would be better a simulation with motion to give a feedback of road
irregularities.”
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6 Conclusions

The objective of this Master’s thesis was to refine an existing VDM used in Sim IV at
VTI, Goteborg. The refinement activity interested two areas: suspensions and steering
system. For what concerns the suspensions the main improvements that are present in
the new VDM-14 are:

o Vertical degrees of freedom of the wheels as a response to road irregularities
e Non-linear springs and shock absorbers

The improvements in the steering area are:

e Development of a completely new steering system model
e Improvement of the steering feel

The VDM-14 has been developed using Modelica as programming language and it
has been validated both with a comparison versus real data (coming from test track
experiment) and with simulations performed in the Sim IV.

The model has been developed for being representative of normal (linear) driving
conditions and it presents good accuracy, but it works in the simulator also for limit
driving conditions, without verified accuracy.

VDM-14 can be seen as an evolution of VDM-10: as a result it maintains the
flexibility of VDM-10 (coming from the adoption of the Modelica programming
language) and at the same time it improves the realism, getting very close to the
FORTRAN model, which is currently used in the Sim 1V, and is the reference model
of a complete vehicle.

The refined VDM-14 represents a solid base for future developments which will
further improve it, in order to have a complete vehicle model developed in Modelica
® ready to replace the FORTRAN one.

VDM-14 has been developed to work for Sim 1V at VTI, but it is possible to run it
(with some minor adjustments) also in Chalmers driving simulators.

Even if VDM-14 has been developed in order to be used in simulators, its flexibility
and accuracy also make possible to use it for standalone simulations, for different
vehicle dynamic studies. For example, VDM-14 is being used in a project carried on
at Chalmers for studying post-impact stability, where it has been parameterized both
as a Saab 9.3 and as a VVolvo V40.
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7

Future work

This section is devoted to some suggestions for future work and developments of
VDM-14. In particular, it would be interesting:

Parameterize the suspensions according to a NVH (Noise, vibrations and
harshness) analysis. This will also be useful when the model is run in the Sim
IV with motion, so that the driver perceives a vertical behaviour of the vehicle
(in terms of accelerations and vibrations), which is closer to the one of a rela
car.

Improve the suspension model, to take into account wheel-lift phenomenon.
Implement some active safety systems, such as ABS (which now is
compulsory on every vehicle) and ESP.

Improve the steering model to take into account the dynamics in parking
conditions.

Model the damping of the rack as non-linear and the friction as variable in
function of the rack displacement.

Model the servo assistance dependency in function of the speed.

Adopt a more realistic transmission model, by introducing flexibility and
damping in the shafts.

Finally, the experiments performed with volunteers were also useful to gather some
pieces of information to improve the overall quality of the simulation inside the Sim
IV, and in particular:

88

Improve the quality graphic of the sceneries in which the car is driven.
Improve the graphic to provide a better feel of velocity.
Improve the audio.
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9 APPENDICES

APPENDIX A: Questionnaire

DRIVER INFORMATIONS

Name (optional):

Gender O Male |0 Female
How many times have you used a simulator O Never O 1-3 O More than 3
before?
How many different cars do you usually drive? O o O 1 I ) O 3 or more
How many km do you drive per year? O 0-10.000 |3 10.000- O More than
20.000 20.000
Do you play car related video games? Never OO QOOOQOO Often
MODEL COMPARISON
How do you perceive the steering response
when negotiating low speed tums? Model 1: Very poor O00oOoOodnO Very good
Model2:  Vervpoor O OO OOOO Very good
How do vou percerve the steering response
when negotiating medium speed turns? Model 1: vervpoor 1O O OOOO Very good
Model2:  Vervpoor O O O OOOMO Very good
How do vou perceive the steering response
when negotiating high speed turns? Model 1: Vervpoor 1O O OOOO Very good
Model2: Vervpoor OO O OOOO Verygood
Can vou feel the road irregularities on the
steering wheel? Model 1: vevpoor OO 0O0OOO0OO wvery good
Model2: Vervpoor O OO OOOMO Very good
Can vou feel road irregularities in the vertical
movement of the vehicle? Model 1: Very poor O00oOoOodnO Very good
Model2:  Vervpoor O OO OOOO Very good
Evaluate the overall model behavior in terms
of handling in normal driving, Modell: Vervpoor OO O OOOO Very good
Model 2: Vervpoor 1O O OOOO Very good
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What should be improved in the models, in vour opimon?

Muaodel 1:

Maodel 2:

Additional comments (thoughts, impressions, suggestions, eic.):
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APPENDIX B: VDM-10
B.1 Coordinate system

The system of coordinates adopted is in accordance to ISO standards, as described in
ISO 8855. It is shown in Figure B.1.

Figure B.1: Vehicle reference frame. Adapted from Jorge Gomez Fernandez
(2012).

In addition to this reference frame, a local coordinate system is used independently for

each tire, also according 1SO 8855. The wheel coordinate system is shown in Figure
B.2.

Normal force (F,)

Spin velocity (Q)

Y\whocl torque (T) y inclination
s . Alignng 4 v Tractive
torque ~ ) force
=2 (M) (Fy)
Lateral foroe (FV'. ¥ o
s r\_\\ = ' Direction of
Roling . 1> Iy < S . wheel travel (vekocity)
resistance P "o .
moment =/ % Negative
M) A T . slipangle
WE e / i B
J W .%

Overtuming
moment (M, )

Figure B.2: wheel coordinate system, as defined by 1SO 8855.

The vehicle model developed is a two track vehicle. Figure B.3 shows the different
forces acting on the vehicle:
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=== \ertical forces

=== |ongitudinal forces
s Lateral forces

Fx2

Figure B.3: Schematic view of a two track vehicle, adapted from Jorge Gémez
Fernandez (2012).

B.2 Wheels
The equation describing the wheel motion is:

Tai = Tpi = FX; " Rnom = Iwneel * @wheel (B.1)
The wheel acceleration is related to the wheel velocity in the following way:

_ dwwheel (B-Z)
Awheel = T

Starting from Figure B.4, wheel velocities are computed:

Figure B.4: relationship between vehicle velocity and wheel velocities. All
velocities are shown as positive.
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.t
Vi = vy + U % withi=1,...,4 (B3
V=1, 2P Ly, withi=1,..4 (B.4)
Tire slip velocities are expressed through the following equation:
Vsi = Wyheeli * Rnom Withi=1,..,4 (B'S)

Limitations

For sake of simplicity, all the calculations referred to wheels and tires use the tire
nominal radius, which is considered constant. Actually the real tire radius is not
constant, but it depends on different factors such as vertical load, inflation pressure,
carcass stiffness, rotational speed, etc. Furthermore no tire damping is considered in
Equation B.1.

B.3 Tires

A tire brush model has been adopted. It his based on six inputs and four parameters,
shown in Table B.1 and Table B.2.

Table B.1: tire model inputs and outputs.

TIRE MODEL INPUTS TIRE MODEL OUTPUTS
Tire vertical load Fz; Longitudinal force Fx;
Tire longitudinal velocity wv,; Lateral force Fy;

Tire lateral velocity v, Self-aligning torque Mz;
Tire slip velocity v Longitudinal slip S,;
Steering wheel angle & Lateral slip  S,;

Tire-road friction coefficient y;
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Table B.2: tire model parameters.

TIRE MODEL PARAMETERS VALUES
Normalized thread stiffness C 30 + 80 [N/m]
Contact path length a 0.1 [m]

Caster trail c; 0.03 [m]
Sliding friction constant u,; 0.8

The longitudinal slip is computed as:

Usi — Uxi g (B.6)
Syi=———= withi=1,..,4
' max(vg, 1) Wit
The form of the denominator of Equation B.6 is due to avoid numerical instabilities.
The lateral slip for front and rear wheels is expressed by Equations B.7 and B.8.

Vyi o B.7

Syr = f(Wxi) - (5wi - ijl)) withi = 1,2 .7
N2

Vyi L B.8

Syt = 1) (myry ~Owt) withi =34 oo

Again the term max(vy;, 1) has been introduced to avoid numerical instabilities. The
same for the function f(v,;) :

tanh(10-v,; —8) +1
2

(B.9)

f(vxl-)=< ) withi=1,..,4

According to Equations B.7 and B.8, if the car is stopped and the steering wheel is
turned, 6,,; # 0 . Then a lateral slip would appear and this is unrealistic. This is the
reason that led to the introduction of f(v,;). So, for low speeds the lateral slip is
multiplied by the hyperbolic tangent function of Equation B.9, represented in Figure
B.5.
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Figure B.5: brush model hyperbolic tangent function, adapted from Jorge Gomez
Fernandez (2012).

The combined slip for each wheel is given by:

B.10
S; = /(S§i+S§i) withi=1,..,4 (B.10)

The variable &; is used to evaluate if the tire is working in linear (§; < 1) or sliding
(¢; > 1) conditions.

C (B.11)
i =—-85; ithi=1,..,4
& 3L S; withi e,

Once the working condition is known, the tire forces will be calculated with
Equations B.12 to B.15.

2
—C-|-1+¢& —&3) Fz <1
F, = < i ) l d (B.12)
- . Fz.
k[nuvi + (1 — pyy) - e OOV E D] % &>1
i
Fxl-_WO_rlx = Fi ' Sxi withi = 1, ‘e ,4 (813)
Fyi_wo_rlx = Fl' ' Syi withi = 1, ‘e ,4' (814)
a-C- Syl' . 3
Mz; o rix = _T - [min(0,§; — D]° - Fz; — .- F; - Sy;
(B.15)
withi=1,..,4

Figure B.6 shows, as an example, the longitudinal force generated by the tire in
function of the longitudinal slip.
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Figure B.6: longitudinal force versus longitudinal slip, for different lateral slip
combinations. Adapted from Jorge Géomez Fernandez (2012).

To take into account of the effect of the relaxation length Equations B.16 to B.18 are
used.

. Vg
Fx, = —max (li' 0.1) - (Fx; — FXi o rix) Withi=1,..,4 (B.16)
rXx
. Vg
Fy, = —max (%,0.1) (Fy; = Fy;worix) Withi=1,..4 (B.17)
X
(B.18)

. Vs B .
Mz, = —max (—,0.1) : (le- - MZi_wo_rlx) withi=1,..,4

L

Limitations

The tire model works well, but has some limitations. First off all the relaxation length
is assumed to be constant, and its effect is described only through a first order filter
(Equations B.16 to B.18) that models the delay by which the tire forces reach the
steady state, after a slip has been applied. Actually the relaxation length is a more
complex phenomenon and the delay depends on the behaviour of the carcass in terms
of stiffness and deflection. Another limitation is that the tire threads are considered as
isotropic. This tire model does not hold for very low speed. In this condition, the tire
behaves like a spring, and the forces exchanged with the road must be evaluated
considering different methods, for instance the friction force between tire and road.

B.4 Driveline

A provisional driveline has been adopted for this VDM. The engine torque
characteristic is the one coming of a Saab 9.3 equipped with a 2.0 petrol engine
performing 175 brake horse power. The torque characteristic is shown in Figure B.7.
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Figure B.7: Saab 9.3 2.0 torque characteristic, adapted from Jorge Gomez
Fernandez (2012).

The maximum and the minimum engine torques have been obtained by
parameterizing the curves of Figure B.7. The resulting expressions for the engine
torques are:

Tongmax = 2:1486 - 1076 - wgng® — 3.7390514 - 1076 - w2, (B.19)
+1.8250297732 * Weny

Tengmin = 2.152813 - 107*- wgng — 0.2413794863 * wepy (B.20)

The total transmission ratio is the product of the ratio of the engaged gear and the
final gear.

i = {igear,i ' ifinal ) withi = 1,..,5 (821)
7l 0, igearo = 0 (neutral)

When the gas pedal is pressed, Cinpye > 0, Or the vehicle is in neutral iy = 0, engine
speed will depend on the throttle input and on the internal inertia of the engine, but it
has been calculated in a simplified way, just as a function of the throttle position. The
intermediate variable w.ng e it is used to compute the engine velocity when it is
engaged with the wheels:

Wyheell + Wyheel?2 (B.22)

2

Weng int = max( ‘i, 73)

This intermediate variable is then used to compute the engine speed, taking also into
account the clutch and neutral influence:

680 — (1 — Tinpue) - (680 — 73) if ir =0 0r Cippye > 0.5 (B.23)
w =
eng min(weng’int, 680), if ig # 0o0r Cippye < 0.5

The clutch input can assume values from 0 [pedal released] to 1 [pedal pressed]. The
engine is considered disengaged from the gearbox for Cy,,,,, > 0.5. The input engine
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torque to the gearbox T,
follows:

ng» 1S computed through an internal variable Tepg ncas

0 if Cinpur > 0.5

Teng,int = (1 - Cinput) * Tonput * (Teng,max - Teng,min) (B.24)
+Tengmax if Cinput <0.5

According to Figure 2.12, when the throttle pedal is released, the engine is generating
a negative torque. If v, < 0, for example on reverse gear or during spin, that negative
torque increases the vehicle negative v, and this is unrealistic. To prevent this kind of
situation the torque will be kept positive also if v, < 0.

T max (0, Tenginc) if Vx <0 (B.25)
ng Teng,int if Uy =0

The driving torque transmitted to the wheels is computed considering an ideal
differential.

Teng " Nerans * it tanh(weng - 677) +1 (B.26)
Ta12 = > o >

Taz4 =0 (B.27)

Limitations

The transmission model adopted does not take into account any dynamics of the
system, for example damping and inertia of the various components (engine,
differential, clutch, gearbox, etc.) are neglected. For these reasons, a new transmission
model is being developed at VTI in Linkdping. Figure B.8 shows a schematic model
of the transmission.
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Figure B.8: schematic view of the driveline model, adapted from Jorge Gémez
Fernandez (2012).

B.5 Braking system

The braking model represents a typical braking system equipped with four disk
brakes. To prevent that rear wheels lock before the front ones during braking, the
hydraulics of the braking system are fitted with control valves that regulates the
pressure on the rear brakes, according to Figure B.9. These valves act by keeping the
rear axle brake pressure constant when the pressure at the master cylinder exceeds the
set limiting value. The pressure applied to the front callipers P, ¢, is an input for the
model.
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Figure B.9: Relationship between master cylinder pressure and brake pressure at
rear callipers, using a rear limiting pressure valve. Adapted from
Jorge Gomez Fernandez (2012).
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The pressure applied to the rear callipers is computed as:

Py g if Ppr < Pprimic (B.28)

PDT = { .
’ Py riimic U Pog = Poriimic

In the simulator, the brake pedal, the booster and the master cylinder from the original
Volvo XC-60 are still in the cabin, and they are used to generate the input brake
pressure, that can be measured.

The braking torque on the front wheels is expressed by Equation B.29:

Tp12 =
T d}%iston 2 (B.29)
V[ Cfpad ' [ddfz — (058 ' ddf) ]

2-0.58-ddf-Pb,f-1o-4A—d
pa
' tanh(wwheel i) withi = 1,2

In the same way the braking torque on the rear wheels is computed:

Tb3,4 =
T 2 (B.30)

2.4z
2058 dgy Pyp-10- 2" 0o+ [dar? — (058 - dgp)?]

Apad
“tanh(wyypeer i) Withi = 3,4
Limitations

This model describes a basic brake system. No ABS nor ESP or any other active
safety devices are taken into account.
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