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Abstract

This thesis investigates whether deep groove ball bearings can be accurately modeled
in Abaqus by replacing rolling elements with non-linear springs. The main focus is on
the transfer of radial, axial, and combined loads. Existing analytical stiffness models,
such as those by Harris and Hamrock, were found inadequate for general use, prompting
the development of a new stiffness model. This was achieved through a curve-fitting
approach that correlates bearing geometry (e.g., ball diameter, pitch diameter, number
of balls, radial play) with displacement data from reference simulations derived using
the commercial gearbox software SABR. The final model showed an error margin of less
than 5% for most load cases and misalignments. The outcome suggests that this method
provides a flexible and accurate tool for simulating bearing stiffness, with potential for
broader implementation and further refinement.
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Notations

Table 1: Table of Notations

Symbol Description

Qi o Radius ratio

a* Dimensionless semimajor axis of contact ellipse
a,b Semi-major and minor axes of elliptic area

a* Dimensionless semimajor axis of contact ellipse
B Contact angle

b* Dimensionless semiminor axis of contact ellipse
C3D20 Second order, 20-node brick element

CCL12 First order, 12-node cylindrical element
CCL24R  Second order, 24-node cylindrical element with reduced integration
C Dynamic Load Rating

CGi, Curvature gain

Cio Raceway’s center point radially

) Deflection

0* Dimensionless contact deformation

D Ball diameter

D,, Mean raceway diameter for inner and outer ring
Dy Outside diameter

d Roller diameter

dy Bearing shoulder diameter

dpm, Bearing pitch diameter

E(K) Elliptic integral of the second kind

E(k) Approximate elliptic integral of the second kind
E Modulus of elasticity

E' Equivalent modulus of elasticity

€io Eccentricity of raceway centers

F(r) Elliptic integral of the first kind

F(r) Approximate elliptic integral of the first kind
F(p) Curvature difference

F; Inner race load

E, Outer race load

fio Raceway conformity’s

v = D‘iio—;(’g), dimensionless parameter
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Symbol Description

IR Inner ring of the bearing

K Elongation of elliptic contact area

K, Ball stiffness

L. Effective length of roller (roller length minus edge radius)
N Number of rolling elements

OR Outer ring of the bearing

Y Azimuth angle

p Curvature

dop Curvature sum

Py Diametrical clearance

Q Force

R Equivalent radius

R, Curvature radii, x: lateral direction, y: rolling direction
r Ball radius

Tio Raceway radius

o Stress

09 Stress at the center of contact

Ssets Spring sets (Springs per ball circumferentially)
SDsets Springs per set (Springs per ball axially)

SPb Springs per ball (Ssets * SPscts)

0 Roller element position in bearing

v Poisson’s ratio

x Distance along roller length

Y Rolling direction
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Introduction

Transportation is a cornerstone of modern life. Society relies on goods and people being
delivered with efficiency and reliability across the globe. Heavy trucks play a significant
role in this regard, and their systems must undergo continuous development to meet
modern demands. Bearings are critical components in these systems, facilitating rotation
and supporting loads in gearboxes and drivelines.

At Volvo Group, finite element (FE) models of bearings have been developed over the
years to improve the accuracy of stress and force distribution predictions. These models
are used to optimize the performance of driveline components. It is crucial that the
bearing models predict forces and stress distributions accurately when a gearbox assembly
is simulated.

1.1 Background

The transmission simulation team at Volvo Group Trucks Technology (GTT) uses the
finite element software Abaqus (n.d.) to model and simulate their gearboxes. The bearings
used for modeling are generated using an in-house Matlab (n.d.) program including an
intuitive graphical user interface (GUI) called Lincoln.

Ball bearings tend to be used more extensively in gearboxes coupled with electric ma-
chines as they cope better with high speeds. In contrast, for conventional drivelines with
combustion engines, gearboxes are designed primarily with cylindrical and tapered roller
bearings, which has led to a situation where the current Lincoln and Abaqus set up for
ball bearings is not as mature as the models for roller bearings. As electric drivetrain vol-
umes are increasing, the need for accurate ball bearing models has increased. See figure
1.1 for a generic deep groove ball bearing.

Do D2 d|d1

Section view A-A

A

L
(a) SKF 6216 deep groove ball bearing il- (b) Drawing of deep groove ball bearing with a section
lustrated from an ISO perspective. Ren- cut highlighting the essential geometry measurements.

dered in CATIA v5.

Figure 1.1: Example of a Deep Groove Ball Bearing
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1.2 Aim

The objective of this thesis work is to develop a ball bearing model that can accurately
describe the behavior of bearings and provide detailed FE results of the bearings’ seats.
This includes investigating different methods of modeling deep groove ball bearings with
Abaqus and identifying the methods that work satisfactorily for different load cases, e.g.,
pure radial load, radial load combined with axial load, and different types of misalignment
between the inner and outer rings. The results of the derived models will be compared
with results from a commercial gearbox software, called SABR (n.d.). The goal is to
identify the factors that influence the behavior and to generalize the modeling parameters
for bearings of different geometries.

1.3 Limitations

The results of the derived models will not be compared with a detailed finite element
analysis (FEA) with solid modeling of the rolling elements. Furthermore, no physical
tests will be conducted as the construction work required for building the test bench and
verification of the results would be too extensive.

1.4 Specification of the Issue being Investigated

The following questions will be addressed throughout the course of this thesis work:

e First, is it possible to accurately model deep groove ball bearings using a set of
linear or non-linear springs?

e If so, is this true for radial, axial, and combined loads with various misalignments?

e Finally, is it possible to find a generalized model that can be used for various sizes
and geometries of deep groove ball bearings?

CHALMERS, Master’s Thesis, June 9, 2025
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Theory

This chapter describes the fundamentals of deep groove ball bearing geometry. It presents
the principles of Hertz contact theory and the mechanics of bearing contact stresses and
deformations followed by two different load deflection relationships defined by Harris and
Hamrock, respectively. The chapter concludes with a review of the modeling of springs
in Abaqus. Table 2.1 contains notations relevant for this chapter.

CHALMERS, Master’s Thesis, June 9, 2025
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Table 2.1: Table of Relevant Notation

Symbol  Description

o Contact Angle

a,b Semi-major and minor axes of elliptic area
a*, b* Dimensionless semimajor /semiminor axis of contact ellipse
CGi, Curvature gain

Cio Raceway’s center point radially

4] Deflection

0" Dimensionless contact deformation

D Ball diameter

d, Pitch diameter

E(k) Elliptic integral of the second kind

E(r) Approximate elliptic integral of second kind
E Modulus of elasticity

E' Equivalent modulus of elasticity

€io Eccentricity of raceway centers

F(k) Elliptic integral of the first kind

F(k) Approximate elliptic integral of first kind
F(p) Curvature difference

fis fo Raceway conformity’s

0 = %, dimensionless parameter

K Elongation of elliptic contact area

K, Ball stiffness

() Azimuth angle

p Curvature

dop Curvature sum

P, Diametrical clearance

Q Force

R Equivalent radius

R, Curvature radii, x: lateral direction, y: rolling direction
r Ball radius

Tio Raceway groove curvature radius

09 Stress at the center of contact

v Poisson’s ratio
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2.1 Macrogeometry of Ball Bearings

A comprehensive understanding of the geometry of a deep groove ball bearing is necessary
to ensure that it is modeled correctly. The subsequent section details raceway conformity,
raceway radius, raceway center, and "play."

Raceway conformity f; ,, detailed in equation 2.1, is closely tied to the contact stresses a
ball experiences under load. It is the dimensional relationship between the radius of the
raceways r;, and the diameter of the ball D, with indices o and 7 referring to the outer
and inner raceway, respectively.

(2.1)

A “perfect” fit between ball and raceway would require a conformity of 0.5, meaning the
radius of the raceway is the same as the ball radius. According to Harris (2001, p.50) and
Bréndlein et al. (1985, p.215) a conformity of 0.5 provides optimal load carrying capacity
but can lead to high friction torque and differential slip (sliding) of the ball. Therefore,
raceways are typically designed with a ball conformity between 0.51 and 0.54, see figure
2.1.

Ball

Raceway

Figure 2.1: Conformity of an inner raceway visualizing the ball diameter and the inner
ring radius, from their respective center points.

To achieve a conformity rating greater than 0.5, it is necessary to increase the radii of both
the inner and outer rings beyond that of the ball radius, as illustrated in figure 2.1. The
raceway radius is calculated by multiplying the ball radius by the curvature gain:

Tio=T1" CGi,o (22)

For example, if a bearing has an outer curvature gain of 6% and the ball radius is 10 mm,
the raceway radius will be r, = r - CG, = 10 - 1.06 = 10.6 [mm]. With the equation for
Ti0 the equation for conformity can be rewritten as the following:

@_T'CGLO_T’OG@O_OGZ',O
D D 20 2

fio = (2.3)
Additionally, there is a slight offset between the ball center and the ring centers when the
ball is in contact with the raceways, which is due to the difference in radius between the
two shapes. The deviation from the ball’s center point is referred to as "eccentricity,"
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which can be calculated using the two radii and any potential gap between the ball and

the raceway:
Fy
€io=Tio—T— Z (24)
The center of the groove of the inner and outer raceway is calculated from the pitch
diameter plus or minus their respective eccentricity.

Cio = dm + €i0 (25)

The gap between the ball and the raceway at any point along the raceway is referred to
as "play" and the play tangent to the radial direction of the bearing through both sides of
the rings is referred to as diametrical clearance or P,. It can be calculated as the diameter
to the outer raceway minus the diameter to the inner raceway minus ball diameters times
two, see equation 2.6 and figure 2.2:

Py=D2—Dl—Dx2 (2.6)

<
a

L <
a

Figure 2.2: Visualization of diametrical clearance with the diameter to the inner and outer
raceway marked as D1 and D2.

As noted by both Harris and Brandlein, this gap is necessary to reduce slip and friction.
It also allows for misalignment of the rings under no load (Harris, 2001, p.58). Conversely,
an excessively large diametrical clearance may result in shocks under vibrations, which
can cause damage to balls and raceways. To mitigate this risk, a small radial preload is
often applied by e.g. removing the clearance during bearing assembly. Applying radial
preload results in more balls under radial load, reducing the maximum rolling element
load and prevents skidding (Harris, 2001, p.375).

2.1.1 Effective Clearance

It is important to note that the diametrical clearance provided by the bearing manufac-
turer changes once the bearing is installed in its intended location. This is due to the fit
between the house, shaft, and their respective raceway, as well as temperature differences
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between the two rings. The clearance when the bearing is in use is known as effective clear-
ance. All models in this thesis work are modeled using the effective clearance as stated
by the commercial gearbox modeling software SABR. Effective diametrical clearance for
all bearings used in this report can be found in appendix E.

2.2 Contact Stresses and Deformations

One of the first researching contact theory was Heinrich Hertz. At 23 years of age, he
presented his theory describing the contact condition between two half spheres which
can be applied to bearings as they are designed to transmit loads from one raceway to
another through rolling elements. The magnitude of the load carried by a rolling element is
determined by the internal geometry of the bearing and its position at any given moment.
Hertz contact theory has been used as foundation for research and development of bearings
(NE Nationalencyklopedin AB, n.d.). This section details the method for calculating the
load-deflection relationship for the rolling-element-race contact initially established by
Hertz and later refined by Harris and Hamrock, among others.

2.2.1 Harris Load Deflection Relationships

Harris (2001) describes the mechanical behavior of point contact between two contacting
surfaces as seen in figure 2.3.

Plane 2

Figure 2.3: Point Contact of two Contacting Bodies. Whilst the radius is always positive,
curvatures may be positive or negative depending on if it is a concave or convex surface
(Harris, 2001).

The curvature sum describes the overall curvature of the bearing raceway profile and is
crucial for calculating the contact dimensions and stiffness. Furthermore, the curvature
difference describes how well the two contacting surfaces conform to each other. A large
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difference implies point contact and conversely, a small curvature difference implies a
larger contact area essentially leading to better conformity. Harris (2001) defines the
curvature sum and curvature difference in equation 2.7 and 2.8 below, respectively.
Curvature sum:

dp=—t——+— (2.7)

Curvature difference:
Flp) = (p11 — p12) + (P21 — p22)

2.0

Whilst the ball geometry is symmetric, the curvatures of the inner and outer raceway
are asymmetric as they differ from each other. The inner and outer contact areas are
therefore calculated separately. Harris (2001) explains that the inner and outer raceway
contact can be described as follows. Inner raceway contact:

(2.8)

2
P11 = P12 = D
-5(%)
P21 = D\1T—~
B 1
P22 = 7D
4
1 1 2y
= —(4— = _) 2.9
Som=plt- g (29)
1 2~y
= _l’_ =1
F(p); = fl# (2.10)
14 2y
4 fi ™ 1—y
v is the ratio between ball diameter D and the pitch diameter d,, times the cosine of
the angle of contact cos(f3), v = Dcdo—;(m. In this project only bearings with a contact

angle of zero will be investigated i.e, 5 = 0°. p;; and p;o represent the ball curvature and
they are equal in both axial and rolling direction. po; represent the raceway curvature
in rolling direction and pys describes the raceway curvature in axial direction. As the
raceway groove is concave, pso has a negative sign. Note that F'(p); is a dimensionless
parameter describing the curvature difference between the ball and raceway, which is used
for bearing stiffness calculations at a later stage.

The outer raceway contact is described similarly to the inner contact but with an opposite
sign at po; as the geometry is flipped:

p
,011:P12:E
-5 ()
P21 = D\11~
o
P2 TRD
I
1 1 27y
O:—4————) 2.11
2.0 D( £ 14n (2.11)
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1 27

° 1
Flp)o= 575 (2.12)
fo 14y

Harris (2001, p.235) describes the stiffness of a steel ball bearing as:
K,=215-10"Y  p '/2(5%) %> (2.13)

Where K, is the bearing stiffness and ¢* is a dimensionless contact parameter (see ap-
pendix A). The load deflection relationship is determined as:

Q=K, 5 (2.14)

The load-deflection relationship stated in equation 2.14 is used in various attempts de-
scribed in section 3.8.1. Other

2.2.2 Hamrock’s Load Deflection Relationships

The deformation within the contact is a function of, among other things, the ellipticity
parameters and the elliptic integral of the first and second kind. The following sim-
plified expressions facilitate straightforward calculations of stresses and deformations by
leveraging the applied load, material properties, and the geometry of the contacting ele-
ments.

According to Hamrock (1983, p.17), the contact area expands when two elastic bodies
come into contact due to an applied load. In the case of the two solids depicted in figure
2.3, the resulting shape of the contact area will be elliptic and the equations for the
curvature radii R, and R, are stated in table 2.2.

Table 2.2: Definition of Curvature Radii

Inner raceway | Outer raceway
_ (1-9)D _ (49D
Rx Rm - + Rxo - T7
By | Bi= iy Ryo = Gi-n

According to Hamrock (1983, p.11) the equivalent radius, R as seen in equation 2.15, is
an important factor in contact stress and deformation analysis, as will be shown later in

this chapter.

1
R=——— (2.15)

R: " Ry
A key parameter in the process of solving for the Hertzian contact stresses is the shape
of the elliptic contact area & :

R=3 (2.16)

With "a" and "b" being the semi-major and semi-minor axes of the elliptic area.

The contact pressure at the center of an elliptical area is:

30
2mab

(2.17)

g9 =
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According to equation 2.17, the stress at the center decreases if the contact area increases,
i.e., if "a" and "b" increases, and vice versa. This is due to the fact that the force is
distributed across a larger surface. The increase in contact area is an effect of deformation
of the two contacting bodies, see figure 2.4.

Figure 2.4: Visualization of Hertzian pressure distribution, deformation, and the con-
tacting bodies elliptic contact area. Please not that the contact surface between the two
bodies is not flat.

The standard Hertzian solution necessitates the calculation of the ellipticity parameter
kappa and the two elliptic integral functions F and &.

/2 1 L, ~1/2
F = /0 [1 — (1 — ?) sin 74 di (2.18)

/2 1 L 1/2
&= /0 [1 — (1 - ?> sin 14 dy (2.19)

The issue with these equations is that they require a solution to a transcendental equation
involving x, F, &£, and the geometry of the contacting solids. This means that they
must be solved using numerical techniques or approximations. There are a number of
approaches to solving this issue. One way, as described by Brewe and Hamrock (1982), is
to use simplified expressions of kappa and the two integral functions by expressing them
as functions of geometry. This was only possible after obtaining some reference results
by using iterative methods as described in the work of Hamrock and Anderson (1973) or
using charts as described by Jones (1946). Table 2.3 compares various curvature ratios p
and their respective x, F, and & values, which are the result of the numerical approach
used in Hamrock and Anderson (1973). Using a linear regression method, Brewe and
Hamrock (1982) came up with the simplified equation for x seen in equation 2.20.

R=a" (2.20)
where a represents the radius ratio:
R,
= — 2.21
“ R, ( )
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Due to the asymptotic behavior of the two integrals, an inverse logarithmic approach was
applied, resulting in the following two equations:

F= g +q-In(a) (2.22)
f=1+14 (2.23)
[0
With:
T
g=7 1 (2.24)

The resulting curve fit values are also presented in table 2.3 along with an error comparison
of the simplified approach vs. the numerical approach.

Table 2.3: Comparison of Numerically Determined Values with Curve-Fit Values, from
(Hamrock, 1983, p.52)

Radius- o Complete Complete
of- Ellipticity s o
elliptic elliptic
curvature parameter, . 1 of . 1 of
ratio o mtegral o Iintegral o
o ’ first kind second kind
Percent | Percent | Percent
K R error, F F | error, E £ error,

e e e
1.00 1.00 | 1.00 | 0.00 |1.57|1.57{ 0.00 |[1.57|1.57| 0.00
1.25 1.16 | 1.15 | 0.66 |1.69|1.69| -0.50 [1.46|1.46| 0.52
1.50 1311129 119 |1.79|1.80| -0.70 [1.39|1.38| 0.76
1.75 145|143 | 161 |1.88]1.89| -0.75 |1.34|1.33| 0.87
2.00 1.59 | 1.55 | 196 [1.95|197| -0.73 |1.30|1.29| 091
3.00 207 | 201 | 287 (219|220 -044 |1.20]1.19| 0.83
4.00 250 | 242 | 335 |2.36(2.36| -0.11 |1.15]1.14| 0.69
5.00 289 (279 | 3.61 (249|249 0.17 |1.12]1.11| 0.57
6.00 3.25 | 313 | 3.74 (260|259 040 |1.10]1.10| 0.48
7.00 3.59 | 345 | 380 |2.70(2.68| 0.59 [1.09|1.08| 0.40
8.00 391 | 3.76 | 3.81 278|276 0.75 |1.08]1.07| 0.35
9.00 421 | 405 | 3.78 285|283 088 |1.07[1.06| 0.30
10.00 450 | 433 | 3.72 [291]289| 1.00 |1.06|1.06| 0.26
15.00 5.80 | 5.61 | 3.32 |3.16/3.12| 138 |1.04|1.04| 0.15
20.00 6.93 | 6.73 | 2.81 |3.33/3.28| 1.60 |1.03]|1.03| 0.10
25.00 794 | 7.76 | 229 |3.47|3.41| 174 [1.02(1.02| 0.09
30.00 8.88 | 872 | 1.79 |3.58|3.51| 1.84 [1.02|1.02] 0.05
35.00 974 19.62 | 132 |3.67|3.60, 190 |1.02]1.02| 0.02
40.00 |10.56 1047 087 [3.75]3.68| 1.95 |1.01|1.01| 0.02
45.00 |11.33|11.28| 044 |3.82]3.74| 199 |1.01|1.01| 0.02
50.00 |12.07]12.07| 0.03 |3.88(3.80| 202 |1.01]1.01| 0.02
60.00 |13.55]12.55| -0.72 |3.91(3.80| 2.06 |1.01|1.01| 0.01

From the elliptical parameter x, the elliptic integrals F & &, the applied load Q, Poisson’s
ratio v, and the equivalent modulus of elasticity E’ the expressions for the major and
minor axes of contact as well as the maximum deformation at the center of contact can
be written, from the analysis of Hertz (1881):

2 1/3
a= (%) (2.25)
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b= <6EQR) " (2.26)

TrkE'

9 0 011/3
5= F 2.27
(QER) (m@E’ ) (227)
Were E’ denotes the equivalent modulus of elasticity of the two contacting bodies, E’:
2
Eq Ep

For an elliptic contact area and from equation 2.27 one can complete the load-deflection
relationship as:

Q = K,0°? (2.29)

where K, represents the ball stiffness:

/ ng oRi,o
(Kp)i,o = Wlii’OEg’o 97T (230)

The total stiffness of the case with two raceways separated by a ball is then the sum of
the two deformations under load:

0 =09; +0, (2.31)
with: 2/3
Q
dio = [W] (2.32)
p)i,0

Putting these equations into equation 2.29 the final expression for ball stiffness looks like

the following:

1
K, = (2.33)

2/3 2/3Y 3/2
_1 + _1
{ |:(Kp)0:| [(Kp)i:| }

Note that the expression for (K,);, come from equation 2.30 with the only difference
between the two being the geometry of contact and any difference in material proper-
ties.

2.3 Lincoln

Lincoln is an in-house developed software made to create computationally light but accu-
rate rolling bearing models to be used in larger FE analysis work. The key to reducing
bearing geometry and thereby also its required computational resources is to replace the
rolling elements with springs. A set of springs represents the ball seen in figure 2.5.
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@ «— Springs

(a) Deep Groove Ball Bearing Section Cut (b) Deep Groove Ball Bearing Section Cut with
Springs

Figure 2.5: Section cuts of a deep groove ball bearing. The ball in figure 2.5(a) is replaced
by springs in figure 2.5(b).

Lincoln offers a GUI for ease of use, allowing users to change the geometry of the bearing
and the number of springs for each ball. See appendix C for an overview of the Lincoln
GUI. Lincoln creates a node network, which serves as the foundation for determining
the positions of solid and spring elements. Lincoln then prints this information to an
Abaqus input file to replicate a ball bearing as an FE-model. In addition to defining
nodal positions and specifying solid elements and springs, Lincoln allows users to specify
surfaces for defining boundary conditions and loads. Lincoln also aims to calculate an
accurate spring stiffness based on the bearing geometry. The user can use a roller or a
ball bearing in a simulation with almost no coding, enabling the simulation team at Volvo
GTT to improve efficiency.

2.4 Non-Linear Spring Modeling and Radial Play in
Abaqus

The stiffness of the bearing is defined in Abaqus using non-linear spring elements. The
springs’ non-linear behavior is defined by Fj, §; force-displacement pairs as seen in figure
2.6 that are printed by Lincoln to the Abaqus input file. It is vital that the force-
displacement range entered into Abaqus covers the entire range in which the springs
will operate. The reason is because Abaqus assumes a constant force outside that range
(Dassault Systemes, 2024a). See figure 2.6 for an example illustration. Exceeding the
entered range of force-displacement pairs would lead to excessive displacements and an
unstable model. To counteract this, the stiffness curve was defined until 200 micrometers
- far exceeding typical displacements of a bearing. At the other end of the curve, springs
in tension were set to develop a force detailed in equation 2.34 at a displacement of 1 mm.
By doing so, the spring stiffness in tension is set very low as the ball elements can not
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carry any forces in tension. Ideally, the springs in tension should be set to 0 N but that
later appeared to cause modeling instability.

100
SPs

Ftension = (234)
To model linear springs, a linear set of force-displacement pairs would have to be entered
together with the force-displacement pair describing the stiffness in tension. That way, the

spring behavior is linear within the range given but Abaqus interprets the nodes entered
as a non-linear spring.

The play between the raceway and the ball is modeled using the non-linear definition
of springs in Abaqus. As illustrated in figure 2.1, the radial play between the ball and
the raceway increases with distance from the center spring. As the springs are connected
directly between the raceways, it is necessary to incorporate the play into the spring
modeling. To achieve this, the spring force is set to zero when the displacement equals its
specific play. By doing so, the spring will not exert any force until there is initial contact
between a fictional ball and the inner and outer raceways, respectively.

Force, F

Fs

Fy

Fs

u, u, / Displacement, u

u; Uy ug

Fy

Figure 2.6: Example illustration showing how Abaqus models spring elements. Con-
tinuation of constant force is assumed if the displacement exceeds the defined force-
displacement range, hence the constant forces being illustrated beyond the outermost
force-displacement pairs. Please note that this curve is an example and does not neces-
sarily align with the relationship utilized in this project.
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Methodology

The methodology describes the different stages of this project from the planning phase and
defining the state of Volvo’s current solution, followed by a description of improvements
made to this solution. The chapter continues with a detailed description of how different
software were used in the different stages of the project, as well as how the results were
obtained and processed. The chapter concludes with a study of the settings used in both
the creation of the models and the settings used in the simulations performed, and how
these settings affect the results.

3.1 Project Overview

The main deliverables and workflow was structured in a Gantt and flow chart, respectively.
See figure 3.1 below for the flow chart and appendix B for the Gantt chart. An iterative
approach was implemented throughout the project as the main objective was to implement
a new solution using data from established and trusted software as reference.

Documentation & Report Writing

Update Code ﬁ

Verification & i
Planning Research Modelling Simulating validation Analysis &
Conclusions

Planning +  Literafurereview  +  Build FEM-model »  Simulate different *  Checkresults in *  Final analysis of
report *  Supervisor of the rings with scenarios in Meta and results
Gantt chart contact provided Abaqus compare against . Is the aim
*  Pre-established MATLAB script «  Simulate results from fulfilled?
attempts +  Implement reference solution SABR *  Howcanthe
alternative ways to in SABR project continue
model the balls from here?

Model modification

Figure 3.1: A project overview. Continuous updates of the bearings stiffness modeling
and its geometry combined with a solid structure for documentation.

Lincoln is a Volvo in-house MATLARB software capable of generating finite element models
(FE-models) of cylindrical and tapered roller bearings, and deep groove ball bearings. It
was determined that the work should continue from this script. The strategy involved
modeling the balls in the bearing with non-linear springs, aiming to reduce simulation time
and mitigate the risk of simulation errors. This approach was deemed feasible because
the balls themselves was not of primary concern but the transfer of forces between the
outer and inner ring of the bearing. Consequently, the stiffness of the springs became
a key parameter. Using springs to model force transfer was a method already in place
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for cylindrical and tapered roller bearings. Those already existing solutions did therefore
serve as inspiration at later stages of the project. However, as there was no general
analytical expression that described ball bearing stiffness accurately available, the primary
objective was to iterate and compare the solution with results from SABR. Displacements
at different loads combined with various misalignments were of particular interest.

3.2 Lincoln Development

This section provides a detailed overview of Lincoln’s utilization at Volvo, its application
in this particular project, and script updates made to improve the program.

3.2.1 Previous Attempts to Model Ball Bearings in Abaqus

A previous attempt using a combination of linear springs and gap elements had previously
been implemented in Lincoln on roller bearings by Rahani (2021). The same principles
were later implemented for ball bearings. Gap elements are defined by specifying the two
nodes forming the gap allowing for the nodes to be in contact (gap closed) or separated
(gap open) with respect to particular directions and separation conditions. The reason
why this is used is the conformity and the small radial play that exist between the ball
and raceways. Connecting the linear spring directly between the two rings would cause it
to exert force on the rings at the slightest change in length, effectively eliminating radial
play. However, by coupling the spring to a gap element via a common node, the spring
can simulate a contact constraint once the gap element closes, as illustrated in figure
3.2.

Springs

Figure 3.2: Example of a gap element solution. The void between ball and raceway is
represented using gap elements coupling the springs to raceway nodes visualized as red
dots.

The concept was discarded in favor of non-linear springs because the force-displacement
curve can be adjusted non-linearly, allowing each spring within the ball to have its own
radial play before exerting force, see section 2.4.
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3.2.2 Spring setup

The implementation of the spring setup presented a challenge. Initially, the springs were
directly connected to their respective raceway surfaces of the outer and inner rings, i.e.
the springs and the solid elements of the rings have common nodes. This meant that a
change in the position of the inner ring caused a change in the angle of the springs, see
figure 3.3.

AN

Figure 3.3: Visualization of a spring angle change. The angle changes as the inner ring is
being displaced further from its nominal position in which the springs are normal to the
raceway surfaces.

To address this issue, it was determined that modeling the springs’ nodes intersection with
the outer surface by a contact constraint between the nodes and the surface would be a
more effective solution. This approach effectively addressed the issue of angular change
whilst introducing the possibility of the springs/balls sliding over the surface, leading to
a more desirable motion, see figure 3.4.

New position

Original position

Figure 3.4: Visualization of springs sliding over the outer ring raceway.

To ensure numerical stability, the contact definition of "no separation" was employed,
meaning that the springs could not leave the surfaces, see Abaqus manual (Dassault
Systemes, 2024b). Although this resulted in the springs being stretched when the rings
were separated, see figure 3.5, this was considered acceptable since the non-linear spring
definition set the stiffness to a value close to zero in elongated springs.
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Figure 3.5: Elongation of Springs Positioned at the Opposite Direction of Motion. Impact
on bearing stiffness is negligible.

Before concluding that the contact approach had been completed, it was necessary to
address an issue where the springs could glide against the raceways freely. Due to the
design of the springs as being highly stiff in compression and ideally not stiff at all in
tension, the motion of the spring pair under loading was sometimes such that they would
glide around over the raceways, maintaining their original length. This led to highly
unstable and unreasonable results. To solve this issue, a number of MPCs (Multi-Point
Constraints) called sliders and links were set in place, see figures 3.6 & 3.7 (Dassault
Systemes, 2024c). A slider (yellow) MPC forces three nodes to align along a straight line.
A link MPC forces two nodes to maintain their distance to each other. The first slider
connects the two nodes of the spring (blue) to a node on the inner diameter of the inner
ring. That node is kept in position by a slider and a link (white). The slider keeps it at
the inner diameter by connecting it to the corner nodes of the ring. The link keeps it in
the correct axial position by connecting it to one of the corner nodes.

The sliders, aligned with the springs (blue), constrain the springs to align with the slider’s
orientation. To ensure the slider’s orientation is maintained, the node at the base is
secured by a combination of a slider and a beam/link (white).
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Figure 3.6: Setup to keep springs aligned. Sliders in yellow and springs in blue. The
springs are constrained tangent to the sliders orienting them perpendicular to the inner
raceway surface.
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Figure 3.7: Setup to keep springs aligned without solids

3.3 Bearing Geometry Verification

This chapter describes how the springs’ and sliders’ bearing geometry generated using
Lincoln was verified against SABR with CAD (CATIA V5). This was done by exporting
the coordinates of the raceway nodes from Lincoln and importing them as a point cloud
into CAD. The points were then used to derive two splines, one each for the outer and
inner raceway. See figure 3.8.

Point Cloud Splines

Figure 3.8: Splines fitted to a point cloud of coordinates exported from Lincoln.

By measuring the radii of the splines, it was confirmed that the raceway radius can
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be calculated by multiplying the ball radius with the curvature gain. Furthermore, an
inserted ball verified the radial clearance between the two splines at the center spring, see
figure 3.9.

Ball Inserted Ball Diameter and Radial Clearance Check

Figure 3.9: Ball inserted between the splines with contact condition to the inner raceway
to verify radial clearance. SKF bearing 6216 shown in this figure, with a ball diameter of
17.462 mm and a radial clearance of 0.00052 mm.

Radial play was verified by placing lines representing springs between the two splines at
identical angles to which the springs are oriented in, as seen in figure 3.10.

Springs Inserted at Given Angles

Figure 3.10: Lines, representing springs, placed at angles identical to the Lincoln orien-
tation.

The lines were constrained perpendicular to the inner raceway, consistent with the con-

CHALMERS, Master’s Thesis, June 9, 2025
21



figuration in the Lincoln model. The radial play was derived by measuring the length of
each line using the measurement tool in CAD, as seen in figure 3.11, and subtracting the
ball diameter. The radial play values were then compared with the radial play calculated
in Lincoln. The measured results verified that the Lincoln geometry aligned with the
expected given radial play.

Spring Length Measurements

2xzE g P

er axis :
Calculation mode: | Approximate v

Results

Calculation mode:  Approximate
Selection: LineinLine.21...Part1

Length: 17,783906mm|
[0 Keep measure _Create geometry Customize... |

(m]

_Qoc | 9 cncel]

Figure 3.11: A spring being measured using CATIA measurement tool. The given value
subtracted by the ball diameter equals the radial clearance.

Another performed test investigated the raceway geometries specifically by comparing
CAD measurements with reference results from SABR. The following paragraph details
how these measurements were taken using both CAD and SABR, respectively.

The CAD measurements were made using the same point cloud previously mentioned.
Contrary to the previous radial play verification, a ball was inserted at 0, 5, 10, 15, and
20 degrees from center with a contact condition to the inner raceway. An arc representing
the outer raceway was then inserted tangent to the other side of the inserted ball. By
measuring the distance between the center point of the arc and the original center point
of the outer ring, its total displacement could be derived. See figure 3.12 for an overview
of the method implemented. The results are listed and illustrated in section 4.1, in table
4.1 and figure 4.1, respectively.
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Figure 3.12: Method implemented to measure the raceway geometries using CAD. In this
instance, a ball was inserted at an angle of 10° constrained perpendicular to the inner
raceway. An arc (dashed red) was then inserted opposite of the balls contact with the
inner rim tangent to the ball representing a displaced outer raceway. A measurement was
then taken between the center points of the original outer raceway (solid black) and the
displaced outer raceway (dashed red).

A different methodology was used to obtain raceway geometry measurements in SABR.
First, a small radial load of 50 N was applied. Then, the following axial loads were added:
0, 2, 4, 6, 8 and 10 N. For axial load, the resulting radial and axial displacements were
noted alongside the ball compression. In order to derive the curvature of the raceway, the
ball compression was subtracted from the radial displacements. The results are listed and
illustrated under section 4.1 in table 4.2 and figure 4.2.

The final test compared the geometrical behavior of the Lincoln geometry using an Abaqus
simulation. The process of obtaining the Abaqus geometry measurements was very similar
to the method used with SABR, in the sense that a 50 N radial load was applied at
the bearing inner ring. However, rather than applying an axial load as in SABR, axial
displacements were prescribed into the simulation. MetaPost was then used to measure the
displacements. This was done by measuring the inner ring radial displacement subtracted
by the largest spring compression. The spring compression was measured by obtaining
the node positions and subtracting the nominal spring length. The results indicated that
the displacement did not reach the amplitude that had been previously measured using
SABR and CAD, please refer to section 4.1.

As a result, another type of bearing geometry was tested. Replacing the original spring
configuration with springs with a length equal to the ball diameter. All springs were
assigned the same length and inserted perpendicular to the inner ring, see figure 3.13.
The play between ball and raceway now was represented by a physical gap between the
two elements. The springs were given a very high stiffness practically making them
static elements. Again the same test with a small radial load and a prescribed axial
displacement was run. Unfortunately, using this geometry yielded the same results as the
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previous attempt, please refer to section 4.1.

Gap between spring
and raceway

Figure 3.13: Alternative bearing geometry for bearing geometry verification in Abaqus.

3.4 Pre-Processing in ANSA

Once the geometry and spring definitions have been completed through Lincoln, as illus-
trated in figure 3.14(a), the subsequent step involves preparing the model for simulation
by applying boundary conditions (BCs), loads, requesting the desired output, defining a
step end time, time-step size, and whether the simulation is static or if large deformations
are permitted, see example .inp file in appendix G. This can be done in the commer-
cial pre-processing software ANSA. However, most simulations in this project utilized
the same settings, with the only difference being the load magnitude or misalignment of
the inner ring position. This meant that the same input file could be used with minor
alterations. The BCs and loads were applied on the surfaces defined in Lincoln, see figure
3.14(b). The surface on the outer ring was completely constrained, whilst the surface on
the inner ring was the one on which the load is applied. The inner ring was constrained
in all rotations, see figure 3.14(b).
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(a) Ball Bearing Model in ANSA (b) Bearing Model with Surfaces Highlighted

Figure 3.14: Generic Deep Groove Ball Bearing Model Illustrated using ANSA

To simulate the scenario in which the inner and outer rings are slightly misaligned during
loading, a prescribed rotation of the inner ring around either the y or z axis will result
in the desired orthogonal and parallel misalignment’s outlined in table 3.1. The rotation
of the inner ring makes the ball creep up on the raceway and initiates contact with the
springs, see figure 3.15. By allowing the inner ring to move axially, an applied small
radial load will displace the inner ring until equilibrium is restored prior to applying any
additional loads, see figure 3.16.

Figure 3.15: Raceway creep due to misalignment. The original line of contact is repre-
sented by a straight line and the new line of contact is represented by a dashed line.
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Figure 3.16: Misalignment equilibrium. Scaled deformation for illustrative purposes. Left:
Initial rotation. Middle: Axial displacement of the ring until equilibrium is obtained.
Right: Radial load is applied.

3.5 SABR Bearing Simulations

SABR is a commercial software used to simulate gearboxes and their respective parts.
Realis, the company behind SABR, claims to use the same bearing calculations as the
bearing design and manufacturing companies use, including the ISO 16281 and ISO 281
standards (Realis Simulation, 2025). The bearing displacements at different loads and
misalignments were modeled and the results were used as reference. See figure 3.17 for
the SABR model used in this study.

/]\

@

— =z

Figure 3.17: Example of a SABR model showing two connected axles supported by one
deep groove ball bearing (to the right) alongside three ideal bearings.

Figure 3.17 shows how two axles are connected using a direct coupling, this is required
because SABR needs to think it is simulating a gearbox. The bearing of interest was
placed furthest to the right where either a radial, axial or combined load is applied. At
the other end of the shaft, a radial load was applied to cause a radial displacement that
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induced shaft misalignments per table 3.1. The stiffness and length of the axle was set
so that an applied load of 1000 N would result in roughly 1 mrad of misalignment. Two
to four iterations were required to set the radial load needed to induce a misalignment in
accordance to the table.

Table 3.1: Types of misalignment combined with different load cases. First implemented
by Rahani (2021).

Misalignment Case 1 2 3 4 5 6
Parallel o o o 1 1 1 3 3 3 |mrad
Orthogonal o 1 3 0 1 3 0 1 3 |mrad

3.6 Post-Processing in MetaPost

Abaqus is the software used to conduct the finite element method (FEM) simulations in
this project. However, it should be noted that it is not utilized for post-processing. To
view the results, the program used was MetaPost, also known as META. META is an
excellent tool for visualization purposes, as it streamlines and expedites the iterative pro-
cess of comparing different configurations whilst requiring minimal previous experience.
In this project, the primary use of META was to visualize the geometry’s general motion,
i.e. the deformed shape under load, in various simulations and to observe how the springs
respond to different conditions. For instance, if the outermost spring ends up outside the
raceway in the event of misalignment or an axial load being applied, see figure 3.18.

Figure 3.18: Visualization of a spring set almost leaving the raceway in a simulation with
misalignment and an applied axial load.

Another feature is the option to measure the stress of each spring at different times during
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the simulation. This allows for precise determination of the load level at which a spring
becomes active, see figure 3.19.

One active spring in the spring set Five active springs in the spring set

Figure 3.19: Visualization of the springs under stress i.e., engaged springs, at two different
load levels in META

This is useful for verifying the proper implementation of the spring’s play and for mea-
suring the largest length change in the spring under maximum stress. It also allows for
determining the number of springs that are in contact and thereby considered active. This
can be used to calculate the angle of contact in the raceways by measuring the angle be-
tween the two outermost active springs, this angle is called the contact angle throughout
this project, see figure 3.20.
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Contact angle: 10.55 degrees Contact angle: 25.33 degrees

20031
273486E-03
255965
38
dx;-3.721546E-02
31,708109E-02

E g

100 9 1
dx:1l. D47E-04 dz:-2,825666E-10
dy:2.202918E-02 dtot:1.072193E-01
dz:-4.078500E-07 posx:9.117706E+00

Figure 3.20: Visualization of how the contact angle can be measured in META for two
different load levels.

3.7 Post-Processing in Excel

Excel was used to compare results against reference data from SABR. The displacement
of the center point of the inner ring was extracted in the x, y, and z directions. The
results were imported into Excel and plotted alongside values from SABR to ascertain if
the general motion matched, see figure 3.21.
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Radial Displacementvs. Applied Radial Load (Normalized)
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Figure 3.21: Normalized plot of the inner rings displacement in y-direction vs. the applied
load for two different Lincoln models

The percentage difference between the results and the reference was calculated as well.
Any result with a percentage difference within £10% was considered satisfactory and
marked green. Values between 10 — 20% were deemed acceptable but not optimal and,
as a result, were marked yellow. Finally, any discrepancy larger than £20% was marked
red, indicating the need for the model to be reworked, see figure 3.22.

6216 lincoln config:

Load case 1 salignment jonathan curvefit min_max jonathan curvefit nontin
72800 Fx  Fy results dxsabr dxabaqus 4 Point stiffness _ difference [3] dxabaqus (x*5/6) difference %]  dxabaqus (x*3/2) difference [%] dxabaqus min_max diff [%] dxabaqus nonlin  diff [%]
vz 36400 108 L] -0.90% 12041 11,04% 12785269 17.91% 109.99574  145% 11027705 1,70%
4 18200 71 e 70,64 6847 -3,08% 7324 3,68% 85,366659 2085% 70,531473 -0,15% 71,488269 120%
8 9100 47 nw 46,82 50,72 8,33% 45,38 -1,79% 57,846200 23,55% 46,203089 -1,32% 47,283754 0,99%
1118 4550 32 L] 31,80 32,50 2,20% 2995 -5,81% 39,930007 2557% 31,100505 -2,20% 32,093801 0,92%
32 275 2 L] 22,33 2248 0,66% 2049 -8,24% 28,154238 26,08% 21,6967 -2,84% 22,492075 073%
100
Loadcase2 1mradorthogonal salignment effective clearance results jonathan curvefit min_max jonathan curvefit nontin
72800 Fx  Fy results dxsabr dx abaqus (x*2/3) difference [%] dxabaqus (x"5/6) difference (%]  dxabaqus (x*3/2) difference [%] dxabagus min_max diff [%] dxabagusnonlin  diff [3]
vz 36400 1118 e 108,37 11562551 ™ 108,12552 -0.23% 10824316 -012% 1099006 141% 11016834 166%
va 18200 1076 L] 70,57 78,772309 12% 71,27231 1,00% 69,00344 -2,22% 70,343946 -0,32% 71,310898 1,05%
8 9100 1049 L] 46,75 56,234022 20% 48,734023 44,745328 -4,29% 45854921 -191% 46,904348 0,52%
1118 4550 1033 L] 31,74 41,702283 31% 34,202284 29,719759 -6,36% 30,722119 -321% 31,710788 -0,09%
32 2275 1023 L] 2,27 33,258585 9% 25,758586 19,684675 -11,70% 21,320726 -4,26% 22,103633 -0.75%
Loadcase3 Imradorthogonal  salignment effective clearance results jonathan curvefit min_max jonathan curvefit nontin
72800 Fx  Fy results dxsabr dxabaqus (x"2/3) difterence [%] dxabaqus (x"5/6) difference (%]  dxabaqus (x"3/2) difference [%] dxabagus min_max diff [%] dxabagusnonlin  diff [3]
vz 36400 3142 il 107.83 12926113 20% 106.76117 -0.99% 10694274 -0.82% 10919762 127% 109.46492 152%
14 18200 3090 il 6999 9134018 31% 69,440232 -0,79% 67,482232 -3,58% 69,395061 -D,B5% 70,380765 0,56%
8 9100 3063 il 46,38 70,057358 51% 47,557393 2,54% 44,676944 -3,67% 45,330906 -2,26% 46,313055 0,145
1118 4550 3073 il 328 56,978939 74% 34478973 5,12% 29,676256 -9,52% 31,680075 -3.41% 32,584761 -0.86%
32 2275 3068 i} 233 45540772 5% 23,040806 111% 17,631782 24.33% 21,699875 -6,67% 22,509672 -3,39%
Loadcased mradparallel  salignmentl effective clearance results jonathan curvefit min_max jonathan curvefit nontin
72800 Fx  Fy results dxsabr dx abaqus (x"2/3) difterence [%] dxabaqus (x"5/6) difference (%]  dxabaqus (x*3/2) difference [%] dxabagus min_max diff [%] drabagusnonlin  diff [3]
12 36400 108 1075 7 107,88 10701923 1% 107,18505 -054% 10741412 -0,43% 10899105 1,03% 109,27678 1,29%
4 18200 70 1038 "7 70,07 69,966326 0% 70,088445 0,03% 68,027658 -291% 69,300684 -1,10% 70,316813 0,35%
8 9100 45 1019 ™7 46.24 47137091 2% 47.178178 2,03% 43868755 -5,13% 45093275 -2.48% 46148403 -0.20%
118 4550 31 1010 ™7 31,23 32,398828 a% 33091613 5,96% 28,722017 -8,03% 29,916086 -4.21% 30,920284 -0.96%
V32 275 22 1005 *° 21,76 23,832608 10% 24,403674 12,15% 18,032577 -12,53% 20,520942 -5,69% 21,318367 -2,03%

Figure 3.22: Error sheet of bearing 6216 for different methods of calculating the stiffness

For visualization purposes the error results were also plotted, see figure 3.23 for an example
of two different iterations of Lincoln and their respective relative difference against values

from SABR.
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Percentage Difference of Radial Displacement vs. Applied Radial Load (Normalized)
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—e—Lincoln iteration1  —e—Lincoln iteration 2

Figure 3.23: Plot of the percentage displacement difference of two different Lincoln models
against SABR reference.

The figure suggests several conclusions. First, both lines are within the 10% error mar-
gin. Second, the smallest error of the orange line is at the two ends of the graph, whilst
the green line increases almost linearly from smallest to largest error. The orange line’s
fluctuations between positive and negative values indicate that, under certain load con-
ditions, displacements are too large, signifying insufficient stiffness. Conversely, under
other loads, the situation is reversed. For the green line, however, the error is constantly
positive. This suggests that even better results might be possible by simply scaling the
force-displacement curve of the springs corresponding to the green line.

3.8 Analytical Load-Deflection Stiffness

Two attempts were made to use an analytical load deflection relationship in this project,
based on the theory presented in sections 2.2.1 and 2.2.2. The subsequent section details
the implementation of these relationships in Lincoln, along with preliminary results and
conclusions.

3.8.1 Harris Load-Deflection relationship

The theory outlined in section 2.2.1 was implemented utilizing a MATLAB script to enter
bearing data and plot the results. The script required the following bearing geometry
parameters: ball diameter, inner and outer groove radius, and pitch diameter. For bearing
geometry data of SKF 6216, 6008, and 6204, please refer to appendix E. The script can
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be found in appendix D. An initial comparison of results between SKF bearing 6216 and
6008 concluded that the relative error is similar, as illustrated in figure 3.24.

SKF 6216 SKF 6008
012 T T T T 0.06 T T -
Harris (2001} analytical solution Harris (2001} analytical solution
SABR 6216 reference SABR 6008 reference
o1r 0.051
E 0.08 E 0.04
E, E
= =
£ 006 g 003t
S 0.06 s 0.03
s} [+]
@ @
=3 o
] 8
0 0.04 0 .02
002 1 001
0 . . . . . . . 0 . . . .
] 0.5 1 15 2 2.5 3 3.5 ] 2000 4000 6000 8000
Force [N] %10 Force [N]

Figure 3.24: Results of Harris theory. SKF bearings 6216 and 6008 (red) compared to
their respective SABR reference (blue).

Moving on, the theoretical results of SKF 6204 did not align with the results of 6216 and
6008 as the relative error deviates from what was previously seen in figure 3.24, see figure
3.25.

SKF 6216 SKF 6204
0.12 . . , . . . . . . . .
Harris (2001} analytical solution 0.06t Harris (2001} analytical solution
SABR 6216 reference ’ SABR 6204 reference
01r
005
E 0.08 =
E E 0.04
I= €
8 g
0.06
3 3 0.03
] ]
=1 =
p i)
0 0.04 o
go0z2r
ozp 1 0.01F
0 0.5 1 1.5 2 25 3 3.5 0 1000 2000 3000 4000 5000 6000 7OOO

Force [N] x10% Force [N]

Figure 3.25: Results of Harris theory. SKF Bearing 6216 (left) and 6204 (right) compared
in red to their respective SABR reference in blue.

Although the initial theoretical results showed unfavorable results, the derived stiffness
was implemented in Lincoln and modeled in Abaqus. As expected, SKF bearing 6216
showed results deviating from reference values with displacements being too low, see
figure 3.26. All misalignments listed in table 3.1 were also modeled, their relative error is
shown in figure 3.27.
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Radial Displacementvs. Applied Radial Load
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Figure 3.26: Displacement vs. Load of SKF bearing 6216, results from Abaqus.
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Figure 3.27: Error vs. Load of all different misalignment load cases, results from Abaqus.
It was determined that the implementation of Harris’ theory is unable to account for

varying bearing geometries. Consequently, other alternative solutions were pursued such
as Hamrock (1983)’s theory. More about that in section 3.8.2.
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3.8.2 Hamrock Load-Deflection Relationship

To test the theory of Hamrock’s simplified load-deflection relationship, the equations
were implemented in a manner consistent with the Harris tests. The load-deflection
relationship, Q = K, - §%/2, was rewritten to calculate § as § = (Q/K,)*®. The Q values
were set to match the forces applied in SABR to calculate the reference values. The
results for SKF bearing 6216 were is shown in figure 3.28 below.

; 2I:5)is;placement vs. Applied Load, SKF Bearing 6216

=

-E- Hamrock solution
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(1))
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B 005F .
o
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Qo 0 0.5 1 1.5 2 2.5 3 3.5 4

Load [N] %104
Figure 3.28: Displacement vs. Load of SKF bearing 6216

As illustrated in the figure, the initial results did not align with the reference values.
Furthermore, the discrepancy increased with increasing loads. A potential source of error
could be connected to how the displacement (§) is measured. The displacement calculated
using the analytical approach represents the length change of a ball under load, whilst
the displacement derived using SABR measures the displacement of the inner ring under
load. The ¢ value, ie the displacement, from Hamrock does not account for the possibility
of multiple balls being loaded simultaneously. This potential oversight could be a con-
tributing factor to the larger displacements observed in the blue line. However, this does
not fully explain the rather large difference for the lower loads as there should only be one
active ball at those displacements. The equation was rewritten to determine if the stiff-
ness could be adjusted with a scale factor to increase result accuracy. Diff = § — §cterence
describes the difference between § = (Q/K,)%? and Seference- In order to match the dis-
placement reference, dreference; 0 — Diff = (Q/Kyew)?® with K,y = K, - n where 1 is the
scale factor. Initial results indicated that a suitable scale factor was K,., = 2. The test
was rerun with K., see figure 3.29 and 3.30 for results.
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= Displacement vs. Applied Load, SKF Bearing 6216
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Figure 3.29: Displacement vs. Load of SKF bearing 6216 with scaled Hamrock solution
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Figure 3.30: Percentage error of the Hamrock analytical solution vs. the reference values
from SABR. SKF bearing 6216.

It was concluded that the results align at lower loads, but as the load increases incremen-
tally, the result deviates from the reference. Again, it was suspected that this could be
attributed to the fact that the Hamrock theory calculated a ball deflection whilst SABR
reference data shows bearing displacement. To test this theory, the Hamrock stiffness
relationship was implemented into Lincoln, see appendix F, and was run in Abaqus. The
results were compared against reference data from SABR as described in section 3.7, see
figure 3.31.
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Radial Displacementvs. Applied Radial Load
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Figure 3.31: Displacement vs. Load plot of SKF bearing 6216, results from Abaqus

The initial results indicated excessive displacement for all loads, but a similar line was
observed. The remaining misalignment load cases for that same bearing were simulated as
well. The difference between the results and the reference for each load case was plotted,
see figure 3.32.
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Figure 3.32: Error vs. Load plot of all different misalignment load cases, results from
Abaqus
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Despite the deviations, a clear similarity was observed in all load cases. This indicated
that a different value of the factor n might be able to yield better results. However, the
solution had to be tested against other bearings to determine its general applicability or
whether it worked only for certain geometries.

To ensure the reliability and usability of the solution, it was essential to test it for more
than one bearing geometry. Ideally, tests should include geometries that are not geo-
metrically similar to 6216. The tests were also conducted on the SKF bearing 6020 and
6204. SKF 6020 which has a larger ring diameter than 6216 but smaller and more balls,
and SKF bearing 6204 is significantly smaller than 6216. See appendix E for bearing
geometries. As shown in figure 3.33, the MATLAB results for bearing 6020 exhibited a
comparable pattern to that of bearing 6216, with the scale factor n set to 2. However,
the discrepancy was even more obvious at higher loads, 6216: 28% vs. 6020: 42%.

In the case of bearing 6204, the line matched rather well for all loads, especially for the
largest load, see figure 3.34(a). As illustrated in figure 3.34(b), the error plot displays a
distinct pattern from the previous two plots. The largest error is observed at lower loads,
highlighting a key point for consideration. The new behavior was explained by significant
changes in geometry. However, there was a concern that the analytical solution might
work differently for different bearing geometries.
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Figure 3.33: Matlab results of bearing 6020
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0£isplacement vs. Applied Load, SKF Bearing 6204
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Figure 3.34: Matlab results of bearing 6204

Abaqus was used to run the same test as before. This to further compared the two new
bearings with bearing 6216, see figures 3.35 & 3.36.
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Radial Displacementvs. Applied Radial Load
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Figure 3.35: Displacement vs. Load plot of SKF bearing 6020, results from Abaqus
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Figure 3.36: Displacement vs. Load plot of SKF bearing 6204, results from Abaqus

Despite the lack of visual similarity, the results from Abaqus for bearing 6216 exhibited
a high degree of consistency. The slightly larger displacement magnitude of the three
Hamrock lines compared to the reference values indicates insufficient stiffness.
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Whilst it appears that the lines could be matched more precisely to their reference values
by simply scaling the stiffness, this was not as straightforward as increasing the scale
factor, n. This is because x varies nonlinearly, and an increased stiffness will affect the
displacements at higher loads more than lower loads, see figure 3.37.

[2)isplacement vs. Applied Load, SKF Bearing 6216

E o0
E —n=2
5 |l —nss
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Figure 3.37: Plot showcasing the effect of increasing the multiplication factor n on the
displacement

Instead of attempting to match the lines by manipulating the non-linearity of the equation,
a new approach was tested. In this approach, the load-deflection relationship was manu-
ally changed to identify the force at certain displacements that yielded the best results.
By doing so, several key point values on the load-deflection relationship were identified,
and a new test was conducted to determine whether the Hamrock analytical formula
could fulfill those key point values. By plotting the optimal load-deflection relationship
together with the calculated one from Hamrock with Q = K - §%2 and Q =2 - K - §%/? it
became clear if Hamrock’s relationship could match the desired curve, see figures 3.38 &
3.39.
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Figure 3.38: Plot showcasing the Hamrock analytical non-linear load-deflection curve vs.

the optimal load-deflection curve, no scaling on the stiffness.
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Figure 3.39: Plot showcasing the Hamrock analytical non-linear load-deflection curve vs.

the optimal load-deflection curve, stiffness multiplied by 2

From the figures it is evident that Hamrock’s relationship needs some scaling to improve
on the results but still it does not meet the desired loads. The yellow line, representing
the optimal curve, is nearly linear so a linear relationship was also tested. @ = K - §
resulted in much too high values on Q, see figure 3.40, but ) = % - 0 exhibited a better
match than Q = 2- K - §%/2, see figure 3.41. However, this was still not satisfactory as the

line matched better for some bearings than other, as demonstrated in figure 3.41.
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Figure 3.40: Plot showcasing the Hamrock analytical linear load-deflection curve vs. the
optimal load-deflection curve, no scaling on the stiffness.
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Figure 3.41: Plot showcasing the Hamrock analytical linear load-deflection curve vs. the
optimal load-deflection curve, stiffness divided by 2

It was assumed that the theory by Hamrock (1983) does not take enough bearing geometry
inputs into account. The decision was made to proceed with a curve fitting approach
of a general stiffness equation with more geometrical parameters for modeling spring
stiffness.

3.9 Curve Fit Approach

As previous attempts to find an analytical force-displacement relationship failed, a curve-
fitting approach was implemented to find the stiffness resulting in the smallest displace-
ment error. A total of three different methods were tested in pursuit of the most accurate
results possible:

1. Non-linear least square error fitted to derived stiffnesses for maximum displacement.

2. Non-linear least square error fitted to derived stiffnesses for both maximum and
minimum displacement.

3. Non-linear least square error fitted to the displacement - force pairs for both the
minimum and maximum displacement.

The curve fitting approach establishes a connection between the bearing geometry and
the desired stiffness. A MATLAB script was developed and the function lsqcurvefit (least
squares curve fit) was utilized for all versions mentioned. A diverse group of deep groove
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ball bearings were chosen for the curve fit optimization to ensure coverage of as many
bearing variants as possible. Bearing 6216, 6212, 6012, 6008, and 6204 were used with the
following geometry characteristics as parameters (see appendix E for bearing geometry
data):

e Ball diameter [D]

e Pitch diameter d,,

e Number of balls nryqs
e Radial play rad,a,

The first stage of implementation used the ideal stiffness for each bearing at maximum
displacement. The stiffness’s were derived by iterating the Abaqus model until the stiffness
resulted in a displacement within 0.5 um of the SABR reference. The results from the
first stage of the curve fit approach showed that the mean error at the lowest load case
for SKF 6216 deviated 9.71% from the reference which was deemed unsatisfactory. On
the other hand, the results for the higher load cases correlated well, with an approximate
error at 0.64% for the highest load case. See table 3.2 for a full list of results.

The second stage of curve fit implementation included the stiffness’s derived for the lowest
set of displacements. As with the previously derived stiffness’s, these were derived using
an iterative method. The mean error resulted in 0.94% for the highest load case and
8.36% for the lowest load case, see table 3.2.

Finally, the third version implemented proved to deliver the most accurate results. This
specific version used a reference stiffness K [V/mm] and displacement 6 [mm] that was
provided for the highest and lowest load case for each bearing.

The function listed in equation 3.1 was set up with parameters (a-h) aiming to replace
equation 2.29 and provide the optimal fit.

Q=K-o"
N2
Q= (a-Db+c-radzlay—l—e-nrba”s—l—f~dm+g)~5h (3.1)

The code successfully identified parameters that match the function very well to the curve,
see figure 3.43. However, it was also noted that SKF bearing 6020 does deviate from the
characteristic behavior as the stiffness per ball diameter does not align with the other
bearings, see figure 3.42(a). To capture the behavior, bearing SKF 6020 was included
in the curve fit optimization which lead to a distinctive bend in the curve, see figure
3.42(b). As a result, the model accuracy for the other bearings decreased and it was
therefore decided not to include SKF 6020 in the curve fit optimization. See appendix E
for bearing geometry properties.
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Figure 3.42: Left: Curve fit with SKF 6020 excluded. Right: Curve fit with SKF 6020
included. The curve appearance of figure 3.42(b) is not as uniform as the curve shown in
figure 3.42(a).

Curve Fitting for Stiffness

O Measured stiffness
Fitted curve

Der

nar

07r

06

Stiffness

0.5

04

03r

0.2
6 8 10 12 14 16 18

Ball diameter

Figure 3.43: Curve fitted stiffness at specific ball diameters. A slighty increasing incline
can be noted.

The mean error for the third stage was 1.21% for the highest load case and 4.5% for the
lowest. Please refer to figure 3.44 for the displacements of each curve fit stage compared
to reference and figure 3.45 for the mean error for each curve fit method respectively. See
table 3.2 for a full list of results.
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Radial Displacementvs. Applied Radial Load
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Figure 3.44: Mean displacements of SKF bearing 6216 including misalignments for each
curvefit stage, respectively.
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Figure 3.45: Mean error for SKF bearing 6216 against reference values.
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Table 3.2: Curvefit results for SKF bearing 6216. Results shown are mean values of all
misalignments listed in table 3.1 for the lowest and highest load case, respectively. The
error shows the difference between the SABR reference and the Abaqus results.

SKF bearing 6216 SABR reference ym  Abaqus result ym Error [%)]

Load Case (Low = 2275N, High = 36400N) [N] Low High Low High Low High
Harris theory 22.33 108.43 13.17 73.09 -36.16 -31.31
Curvefit stage 1 22.33 108.43 18.47 105.69 -9.71 -0.64
Curvefit stage 2 22.33 108.43 18.75 107.37 -8.36 0.94
Curvefit stage 3 22.33 108.43 19.52 107.66 -4.50 1.21

The results of the third stage of the curve fit approach were satisfactory. Therefore, it
was decided to proceed with this fit for further studies.

3.9.1 Distribution of Stiffness in the Ball Model

The calculated stiffness is intended to represent the stiffness of the ball. However, since
Lincoln models the ball as a number of springs, it is necessary to distribute the total
stiffness in a reasonable manner. Two options were discussed. The first option involves
dividing the total stiffness by the number of springs (sp,). The second option involves
measuring the contact area and dividing the stiffness by the number of springs within that
area. The latter option ensures that a bearing with a shallow raceway will not be stiffer
than expected, and vice versa for a deeper raceway, as illustrated in figure 3.46. Assuming
the spring stiffness’ are identical, it’s evident that the more dispersed spring orientation
in the deep raceway would make the Abaqus model less stiff, despite the expectation that
a deeper raceway would provide enhanced support to the ball. Unless very large axial
loads or misalignments are present.

Figure 3.46: A visualization of two bearings, the first with a shallow raceway (left) and
the other with a deep raceway (right). The contact area is visible as red lines in the
raceways.
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An example of how the stiffness per spring is calculated for the bearings seen in figure
3.46 with the two different options is seen in equations 3.2 & 3.3.

Example values:

K, = 1000, sp, = 17, Contact area (ca)~ 50°,
Angle between springs («): Shallow == 2.94°, Deep ~ 7.14°

K, 1000
Kooy coring = —2 = — ~ 58.82 3.2
D D g Spb 17 ( )
K 1000
Kper degree = C—;’ ra= —= - [294, 7.14] = [58.80, 142.80] (3.3)

Equation 3.2 gives the same results for both bearings but since figure 3.46 shows that only
7 of the springs in the figure to the right is in the contact area compared to the 17 springs
in the figure to the left, i.e. the total ball stiffness with equation 3.2 will vary:

K

p

et = 98.82 - 17 ~ 1000
and

K

p

 right = 98.82 -7 =411.74

The better option is equation 3.3 since it takes the number of springs within the contact
area into consideration:

K, jepe = 58.80 - 17 ~ 1000
and
K, rigne = 142.80 - 7 ~ 1000

A comparison of the two options revealed that the first option, which involved dividing by
the total number of springs, resulted in a significantly larger displacement, i.e., a weaker
model for the bearing with the deep raceway. In contrast, the second option, which
utilized the contact area, yielded more reasonable results, see figures 3.47 & 3.48.

Displ ts,M itude Displ 1ents, itude

I)D.D?S}DSZ I)D. 126316
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£ 0.0228921 - 0.0378951

0.0152615 0.0252635

0.00763095 0.0126319

<3.65223e-07

<3.68816e-07

Figure 3.47: Displacement (in [mm]) comparison of a bearing with a shallow raceway
(left) vs. a deep raceway (right), stiffness divided by number of springs.
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Figure 3.48: Displacement (in [mm]) comparison of a bearing with a shallow raceway
(left) vs. a deep raceway (right), stiffness divided by number of springs in the contact
zone.

The decision to opt for the stiffness/deg solution was verified by running simulations with
altered raceway curvatures. Deep groove ball bearing SKF 6216 was modeled for radial
load cases in its original configuration and with two altered raceway curvatures across all
misalignments listed in table 3.1. See table 3.3 below for bearing alternations and their
respective results.

Table 3.3: Deep Groove Ball Bearing 6216 Modified with other Raceway Curvature Gains

SKF bearing 6216 6216 6216

Modification Default = Smaller curvature gain ~ Larger curvature gain
Inner curvature gain [%)] 4 2 6

Outer curvature gain [%] | 6 4 8

Mean Error [%] 1.99 3.19 1.50

Altering the curvature gain showed no significant impact on result accuracy.

3.10 Effects of Changing Meshing Settings and Simu-
lation Resolution

The subsequent section of the method evaluates the impact of modifying specific parame-
ters in the settings of the simulations and the geometry. A variety of factors was assessed,
including simulation time and accuracy. Additionally, a mesh convergence study was
conducted.

3.10.1 Changing the Number of Springs per set

To approximate the contact behavior of a ball, the number of springs per set was increased
to provide more comprehensive coverage of the contact area. In this approach, the stiffness
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of each individual spring is calculated based on the number of springs positioned within
the contact angle—i.e. those likely to experience loading. By increasing the number of
springs, it is expected that the contact surface is more uniformly engaged, which may
contribute to a more consistent displacement—force response. This is attributed to the
fact that closely spaced springs will engage more gradually during loading, compared
to configurations with fewer, more widely spaced springs, see figure 3.49. Whilst this
configuration is assumed to better approximate the stiffness distribution of a ball, further
analysis would be required to quantitatively validate this assumption. Furthermore, an
increase in the number of springs results in a greater number of elements along the raceway,
thereby creating a smoother ring-like geometry. However, as illustrated in figure 3.49, this
configuration results in elements with a width that is significantly smaller compared to
their height and length circumferentially. This relationship between width, height, and
length is referred to as the aspect ratio where the optimal aspect ratio is 1. The default
max aspect ratio quality limit in Abaqus is an aspect ratio of 10 for hexahedron elements,
(Dassault Systemes, 2024d). Ratios greater than 10, particularly elongated or stretched
shapes, can result in increased simulation time and numerical inaccuracies, especially in
stress and strain calculations, (SDC Verifier, n.d.). The element with the largest aspect
ratio of the geometry to the left in figure 3.49 was measured at 23, exceeding the default
value of 10. However, it was not as extreme as the aspect ratio of the geometry to the
right, which was measured at 188 at most.

Figure 3.49: Visualization of a bearing with 9 springs (left) vs. 79 springs (right) per set.

One possible method of decreasing the aspect ratio is to increase the number of elements
radially, as demonstrated in figure 3.50. However, this approach resulted in an increase
of the maximum measured aspect ratio from 188 to 229, please refer to section 5.3.1 for
an explanation to this unexpected result.

In theory the model with the finer mesh is the better option in FEA, (SDC Verifier,
n.d.). However, it should be noted that high-resolution meshes with numerous elements
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can strain hardware resources, increase computational requirements, and lead to longer
simulation times.

Figure 3.50: Visualization of a bearing with 79 springs per set and added elements radially.

Considering these challenges, this section aimed to identify an optimal balance between
the advantages and disadvantages of an increased number of springs.

3.10.2 Changing the Number of Spring Sets per Ball

Lincoln offers the option to distribute the forces further by increasing the number of
spring sets per ball, as illustrated in figure 3.51. This adjustment is advantageous for
reasons of numerical stability, as it effectively divides the relatively long elements along
the circumference of the rings into smaller pieces, To account for the increase in the
number of springs in the bearing, the calculated stiffness is divided by two factors: the
number of springs in the contact angle and the number of spring sets per ball.
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Figure 3.51: Visualization of a bearing with 1 spring set per ball (left) vs. 2 spring sets
per ball (right).

The new spring set has the effect of smoothing the circumferential distribution of stiffness.
Each spring set is weaker to account for this increase, but there will still be a difference in
when a new set of "balls" will initiate contact, which might affect the results in a negative
way.

3.10.3 Effects of Refining the Mesh

As is customary in the field of finite element studies, a mesh convergence study was
conducted. This was to ensure the reliability of the results and assess the impact of a
refined mesh on simulation time. Lincoln offers a number of adjustable parameters, which
are listed below:

e Elements axially, flange
e Elements radially
e Elements/spring

Increasing the elements radially in the rings and axially in the flanges can be done sep-
arately for the outer and inner ring. In addition to the aforementioned parameters, the
following changes mentioned earlier also affect the mesh: increasing the number of springs
per set leads to more elements axially in the raceway, and increasing the number of spring
sets per ball increases the elements circumferentially in the rings. For options involving
axial and radial element increase, the growth factor can be adjusted to accommodate
different element sizes as it can be used to increase or decrease the size of each element
with a factor relative the innermost element. An example of the roughest mesh possible
for a ball bearing in Lincoln is shown in figure 3.52. For this specific bearing the total
amount of solid elements was 192.
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n
—* There are 192 solid elements in the rings.

Figure 3.52: Visualization of the roughest mesh possible in Lincoln.

An increase in the amount elements circumferentially is particularly beneficial when there
are numerous axial elements i.e., numerous springs per set, and the aspect ratio is high,
as discussed in section 3.10.1. Figure 3.53 show the mesh if two more springs are added,
the total amount of solid elements in this mesh was 288.

_n-_ There are 288 solid elements in the rings.
Figure 3.53: Visualization of the mesh with two more springs than the mesh shown in
figure 3.52

An increase in the amount of axial elements in the flanges will always lead to the same
increase in total amount of elements but an increase in radial element will increase the
total amount of elements dependent on the amount of springs per spring set, see figures
3.53(a) & 3.53(b). As the number of elements/springs is increased, the total amount of
solid elements is effectively doubled, as illustrated in figure 3.54 bottom row.
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n n

— ™ There are 384 solid elements in the rings. —  There are 432 solid elements in the rings.
(a): Mesh with two elements axially (b): Mesh with three elements radi-
in the flanges instead of one. Change ally instead of two. Change in number
in number of elements: 96 of elements: 144

(c): Mesh with two elements/spring instead
of one. Change in number of elements: 288

Figure 3.54: Visualization of the Different Mesh Options Available in Lincoln, note that
an increase

As discussed in previous sections, it is essential to ensure a sufficient distribution of springs
over the raceway to obtain reliable results. Having only one spring is inadequate; at least
nine springs per set are necessary for accurate results. Therefore, the mesh convergence
study will utilize the mesh in figure 3.55 as the starting point. The objective of the study
is to augment the number of elements whilst adhering to specific mesh quality criteria
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concerning the aspect ratio.

n
—*®  There are 576 solid elements in the rings.

Figure 3.55: Rough mesh in the context of mesh convergence study. Total amount of solid
elements: 576, max aspect ratio: 23

3.11 Simulating Combined Load Cases

In general, bearings are rarely subjected to pure radial or axial loads. Therefore, it is
essential to test and evaluate the performance of the model for combined load cases,
where the bearing is subjected to both radial and axial load. Given five load levels for
radial and axial load, as well as nine misalignments, the total number of simulations to
run across all bearings would be equal to the number of simulations for each load case,
multiplied by the number of load levels. See equation 3.4 below.

NTsims = LLradial : LLam'al * NTmisalignments * N bearings = 5:5-9-8=1800 (34)

In order to reduce the number of simulations to a more manageable level, it was decided
to run a set of samples for each misalignment. This section provides detailed information
on the configuration of each sample.

MA1, MA2 and so on refers to misalignment cases depicted by table 3.1. MA1 refers to
the case without misalignments, which was assigned five sample simulations at various
load cases whilst the other eight misalignments were assigned two samples each. Tables
3.4 to 3.12 below details the chosen samples. C refers to the dynamic load rating. The
radial loads ranges from 1/32 to 1/2 of the dynamic load rating, whilst the axial loads
ranges from 1/64 to 1/4. The number in the green cells denotes the given load case
number and is used to refer back to the results.
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Table 3.4: Set of load case samples used for bearings with no applied misalignment, MA1

per table 3.1.

MA1

Radial C/2

Radial C/4

Radial C/8

Radial C/16

Radial C/32

Axial C/4

5

3

Axial C/8

Axial C/16

Axial C/32

Axial C/64

Table 3.5: Set of load case samples used for bearings with MA2.

MA2

Radial C/2

Radial C/4

Radial C/8

Radial C/16

Radial C/32

Axial C/4

6

Axial C/8

Axial C/16

Axial C/32

Axial C/64

Table 3.6: Set of load case samples used for bearings with MA3.

MA3

Radial C/2

Radial C/4

Radial C/8

Radial C/16

Radial C/32

Axial C/4

Axial C/8

Axial C/16

Axial C/32

Axial C/64

Table 3.7: Set of load case samples used for bearings with MAA4.

MA4

Radial C/2

Radial C/4

Radial C/8

Radial C/16

Radial C/32

Axial C/4

11

Axial C/8

Axial C/16

Axial C/32

Axial C/64

10
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Table 3.8: Set of load case samples used for bearings with MAS5.

MAS5

Radial C/2

Radial C/4

Radial C/8

Radial C/16

Radial C/32

Axial C/4

13

Axial C/8

Axial C/16

Axial C/32

Axial C/64

12

Table 3.9: Set of load case samples used for bearings with MAG.

MAG6

Axial C/4

Radial C/2

Radial C/4

Radial C/8
15

Radial C/16

Radial C/32

Axial C/8

Axial C/16

Axial C/32

Axial C/64

14

Table 3.10: Set of load case samples used for bearings with MAT.

MAT7

Radial C/2

Radial C/4

Radial C/8

Radial C/16

Radial C/32

Axial C/4

Axial C/8

Axial C/16

17

16

Axial C/32

Axial C/64

Table 3.11: Set of load case samples used for bearings with MAS.

MAS8

Radial C/2

Radial C/4

Radial C/8

Radial C/16

Radial C/32

Axial C/4

19

Axial C/8

Axial C/16

Axial C/32

Axial C/64

18

Table 3.12: Set of load case samples used for bearings with MA9.

MA9

Radial C/2

Radial C/4

Radial C/8

Radial C/16

Radial C/32

Axial C/4

Axial C/8

Axial C/16

Axial C/32

21

Axial C/64

20
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Results

The results from three main categories are presented below. Studies regarding the ac-
curacy of the bearing geometries, simulation results derived using Lincoln models, and
the results from a study on how mesh refinement affects simulation accuracy, time, and
stability.

4.1 Geometry Check in Abaqus

During the course of this project, several updates have been implemented to Lincoln and
its methods for calculating the ring geometries and spring positions. A study was con-
ducted in which the bearing geometry was partially verified utilizing CAD. Additionally,
a test was conducted to measure Abaqus displacement results close to initial contact, as
outlined in section 3.3. Please refer to table 4.1 for the measurements measured in CAD.
For the displacements derived using SABR, please refer to table 4.2.

Table 4.1: Raceway geometry verification of SKF 6216 measured using CAD.

Displacement [um)]
Ball Angle [°] | Radial Axial
0 5.2 0
5 4.668 30.471
10 3.073 60.904
15 0.417 91.264
20 -3.297 121.512

Table 4.2: Raceway geometry verification of SKF 6216 measured using SABR.

Applied Load [N] Displacement [um)]

Radial  Axial Ball Compression (BC) [um] | Radial incl BC  Radial excl BC  Axial
50 0 1.8 7.03 5.23 0

50 2 1.8 6.36 4.56 33.24
50 4 1.6 4.43 2.83 64.99
50 6 1.4 1.87 0.47 90.56
50 8 1.2 0.78 -0.42 98.84
50 10 1.2 0.59 -0.61 100.61

The data listed in the tables above is illustrated in the figures below. See figure 4.1 for a
graph comparing the results of CAD measurements (table 4.1) and SABR reference data
(table 4.2).

CHALMERS, Master’s Thesis, June 9, 2025
60



Radial displacement vs. Axial displacement

cement

Radial displa
°

Axial displacement

e==CATIA Measurments === SABR, excl BC

Figure 4.1: Comparison of raceways geometries between CAD measurements and SABR
simulation results. The two measurements correspond to each other.

Additionally, the results of simulating the Lincoln bearing geometry in Abaqus using the
same approach as used to derive results from SABR is shown in figure 4.2. It was noted
that all results correspond at zero axial load, but the Lincoln results deviate from the
SABR and CAD reference as the axial load increases.

Radial displacement vs. Axial displacement

0.00 20.00 40.00 60,00 80.00 00.00 120.00

Radial displacement

Axial displacement

eCATIA Measurments — -SABR, excl BC MetaPost Measurments MetaPost Measurments, Ball Length springs

Figure 4.2: Raceway geometry comparison between SABR, CAD and Abaqus.

As a result, it was determined that the geometrical behavior of a Lincoln bearing is
partially verified, as the CAD measurements correspond to the reference results from
SABR, but the results of the Abaqus simulations does not agree with the SABR reference.
For discussion and a root cause analysis, please refer to section 5.1.

4.2 Radial and Axial Loading Results

The primary method for assessing the model’s accuracy involved measuring the inner ring
displacement under different misalignments and load magnitudes. These displacements
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were then compared with reference values provided by SABR.

First, only a radial load was applied and tested. Figure 4.3 below illustrates the model’s
average performance for different misalignment scenarios of eight bearings with distinct
geometries. Please refer to appendix E for a bearing geometry overview.

Average Absolute Error of Different Misalignment Casesvs. Normalized Applied
Radial Load

8,00%

6,00%

Average Error [%]

4,00%

200% \\

0,00%
0 0,1 02 0.3 04 0,5 06

Normalized Load [-]
——MA1 ——MA2 —-—MA3 —<+-MA4 —-MA5 ——MA6 —-—MA7 ——MAS8 ——MA9

Figure 4.3: Average absolute error of different misalignments vs. applied radial load.
Misalignments structured per table 3.1, where MA1 is misalignment case 1.

The figure illustrates the mean error for all misalignments across the eight bearings. The
most significant errors are typically observed at lower loads. To calculate the average
error, the absolute error value for different loads was summed, and the total was divided
by the number of bearings measured. Figure 4.4 below illustrates the mean error for all
different bearings across all nine misalignments.
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Average Absolute Error of Different Bearings vs. Normalized Applied Radial
Load

12,00%
10,00%
8,00%

6,00%

Average Error [%]

4,00%

2,00%

0,00%
0 01 0,2 03 0.4

Normalized Load [-]

0,5 06

——6216 —+-6210 —-6010 —-6212 —-6012 —-6020 —-6204 —-6008

Figure 4.4: Average absolute error of different bearings vs. applied radial load

The fact that the relative error at the lower loads are larger than for the larger loads
should be noticed whilst remembering that the numerical difference for the lower loads
could be as low as one or two micrometers but the relative error will be much larger for
a smaller displacement than a larger one. The result’s characteristics from applied axial
loads are similar to the radial results. The average error of different misalignment cases
versus the normalized applied axial load is presented in figure 4.5.

Average Absolute Error of Different Misalignment Cases vs. Normalized Applied
Axial Load

8,00%
7.00%

6,00%

o
=
-]
B

Average Error [30]
w -
3 7

2,00%

1.00%

0,00%

0.25 03

Normalized Load [-]
——MA1 ——MA2 ——MA3 ——MAD ——MAB ——MA9

Figure 4.5: Average absolute error of different misalignments (per table 3.1) vs. applied
axial load.
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The applied axial loads reached 0.25 of the bearings’ dynamic load rating, equivalent
to half the radial loads. As was the case with radial loads, the relative error generally
increases at lower loads. Figure 4.6 below illustrates the mean error for all bearings listed
in appendix E across all misalignments per table 3.1. Note that misalignment cases MA4,
MAY7, and MAS will result in the same axial displacements as cases MA2, MA3, and MA6
and are therefore not included.

Average Absolute Error of Different Bearings vs. Normalized Applied Axial Load

7,00%
6,00%
5,00%
4,00%

3.00%

Average Error [%4]

2,00%

1,00%

0,00%

Normalized Load [-]

——6216 ——6210 —-6010 ——6212 ——6012 —6020 ——6204 ——6008

Figure 4.6: Average absolute error of different bearings vs. applied axial load

4.3 Combined Loading Results

This section presents the results from combined load cases. A combined load case refers
to the case where both an axial and a radial load are applied simultaneously. For more
information on the simulation of combined loading, please refer to section 3.11. In total,
there are 21 different sample load cases across all nine misalignments. The two figures
below present detailed results and a general overview, respectively.

The detailed data shows the combined displacement results for SKF bearing 6216 in x,
y and z direction across all 21 samples. The coordinates are illustrated in figure 4.7 and
are listed below:

e x: Radial orthogonal direction i.e. the loading direction for radial loads
e y: Radial parallel direction

e 7: Axial direction
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Difference [%)]

10%

0%

-100%

-20%

-300%

-40%

-60%

-70%

-80%

-90%

-100%

Figure 4.7: Coordinate System

It is clear that load case nr 7 and 12 show excessive errors in z-direction whilst load case
nr 8 shows a marginally bigger error in x-direction. See figure 4.8.

SKF 6216 Percentage Displacement Differenceinx y z Direction vs. Applied Combined Load Case Sample

Load Case [nr]

——X —y —~z

Figure 4.8: SKF 6216 X y z error for each applied load case sample numbered from 1 to
21 per table 3.4 to 3.12.

Additionally, figure 4.9 below provides a more comprehensive overview of all bearings
simulated per appendix E. After reviewing the data, it is evident that load cases 7 and

12 demonstrate weaker performance compared to the other load cases across all bear-
ings.
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Average error [%]

120,00%

70,00%

20,00%

-30,00%

-80,00%

-130,00%

-180,00%

-230,00%

SKF 6216 Average Absolute Percentage Displacement Difference vs. Applied Combined Load Case Sample

Load Case [nr]

—-6216 —+-6008 —-6204 —e-6020 —-6012 —e-6212 —-6010 -e-6210

Figure 4.9: SKF 6216 average absolute error for each applied load case sample numbered
from 1 to 21 per table 3.4 to 3.12.

Load case 7 and 12 are both cases with high radial load and a lower axial load with the
following misalignments:

e Load Case 7: 1 milliradian orthogonal
e Load Case 12: 1 milliradian orthogonal and 1 milliradian parallel

As some displacements are below 1 micrometer, a small displacement error can lead to a
large relative error. To address this issue and minimize noise in the visualized results, it
was determined to cancel all relative errors with a displacement of less than 1 micrometer.
Please refer to table 4.3 for a visual representation of the load cases that have been deleted,
highlighted by cell borders.

CHALMERS, Master’s Thesis, June 9, 2025
66

21



Table 4.3: Combined load results of SKF 6212

SABR Results [um)]

Abaqus Results [um)]

Difference [%]

dx dy dz dx dy dz dx dy dz

6.09 0 153.99  6.097436  -0.00000004  143.9678  0.12% 0.00%  -6.51%
17.76 0 20419  17.56172  -0.00000002  198.5852  -L12%  0.00%  -2.74%
3.13 0 200.27  3.076737  -0.00000109  290.4563  -L.70%  0.00% 0.06%
103.94 0 22.67 1052712 -0.00000006  20.8538  1.28% 0.00%  -8.01%
57.53 0 27114 56.08311  0.00000033  273.8056  -2.52%  0.00% 1.02%
1173 0 288.39  -11.3403  -0.00000077  288.5526  -3.32%  0.00% 0.06%
103 0 9.9 1041864  -0.00000008  5.359059  1.15% 0.00%  -45.87%
9.5 0 50 7.874927  -0.00000003  56.32485  -17.11%  0.00%  -4.53%
2817 0 9251  -27.648  0.00000022  223.2545  -1.85%  0.00%  -0.82%
3018 43 8329  30.06033  -4.5652833 7451222  -0.31%  6.17%  -10.54%
95.53  -14.73  286.02  25.39932  -14.319927  286.3122  -0.51%  -278%  0.10%
65.92 821  66.08927 2927735  026% | 10.97% | -64.34%
848 -14.8  286.37 -8.06344  -14.343746  286.4013  -4.91%  -3.08%  0.01%
65.59 6273 65.47048 679786 -0.18% | -194.93% | 8.37%
2909 -14.06  269.38  -28.1550  -13.755761  260.7745  -3.21%  -2.16%  0.15%
8.80  -30.05 190.17 8785118  -20.8%4157  186.9227  -1.18%  -0.55%  -1.71%
1881  -20.21  185.33  18.28481  -29.225818 1825133  -2.79%  0.05%  -1.52%
100.73 12,65 101.1293 135273 0.40% | 33.14% | 6.94%
774 4238 27451 -T.43868  -41.387544 2747039  -3.89%  -2.34%  0.07%
65.45 58.88  61.81049 601267  -5.56% | -11.85% | 2.12%
1482 -20.97 12675  -15.085  -20.955781  125.8913  1.79%  -0.07%  -0.68%

The average absolute error across all combined load cases, bearings, and directions listed
in table 3.4 to table 3.12 was 7.22%. Important to note that all errors under 1 micrometer
is set to zero. With load case 7 and 12 excluded, the average absolute error is 2.48%.

4.4 Ball / Pitch Diameter Ratio vs Stiffness

A point of interest during the course of the project has been to investigate whether or not
there is a relation between the ball / pitch diameter ratio and the bearing stiffness. The
bearings used in this report have a range of ball / pitch ratios as seen table 4.4. As seen
in figure 4.10, no clear relationship was found.

Table 4.4: SKF Bearings with their respective Ball / Pitch Diameter Ratio.

SKF Bearing:

6216

6212

6020

6210

6012

6010

6008

6204

Ball / Pitch Diameter Ratio:

0.156329

0.186765

0.120648

0.181429

0.133148

0.134323
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Ball/pitch vs stiffness

3000

2500

2000

1500

1000

Stiffness per spring [N/mm]
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0
1,200E-01 1,400E-01 1,600E-01 1,800E-01 2,000E-01 2,200E-01 2,400E-01

Ball / Pitch

—-—6020 ——6012 6010 ——6008 ——6216 ——6210 —-6212 —--6204

Figure 4.10: Ball/pitch diameter vs individual spring stiffness

4.5 Mesh Convergence Study Results

This section of the results presents the effect of increasing the number of springs per
spring set and the number of spring sets per ball on the results. Additionally, the results
of the mesh convergence study are presented. This study refined the overall mesh while
adhering to the aspect ratio quality criteria.

4.5.1 Results of Increasing the Number of Springs per Spring
Set

The primary objective of this study was to ascertain the number of springs per spring set
at which the results begin to converge. To accomplish this objective, a simulation was
executed in which a radial force was applied in increments for three different bearings
that exhibited a wide range of geometric characteristics. This process was repeated for
an increasing number of springs. The mean error was calculated and plotted against the
number of springs for the bearings 6216, 6204, and 6020, see figure 4.11.
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Average Absolute Percentage Difference of Radial Displacement vs.
Number of Springs

3,00%

2,50%

2,00%

fference [%]

5 1.50%

1,00%

0,50%

0,00%
8 13 18 23 28 33 38 43 48
Number of Springs

—--6216 —+-6204 -—+-6020

Figure 4.11: Visualization of the effect of increasing the amount of springs per spring set
for three different bearings

As illustrated in the figure, the mean error is below 2.5% for all number of springs and
the curves are fairly smooth. The only outlier is the first model, which has nine springs
per spring set, and the slight bump for bearing 6020 at 31 and 33 springs. However, the
relative difference between the results from 17 springs and forward is negligible, and thus,
they are considered converged. In addition to validating the accuracy of the results with
an increased number of springs per spring set, the effect on simulation time and stability
was also noted, see figure 4.12.
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Simulation Time vs. Number of Springs
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Figure 4.12: Visualization of the effect on simulation time vs. number of springs for
simulations run on bearing 6216.

As anticipated, the duration of the simulation increased in proportion to the number of
springs i.e. in proportion to increased amount of elements. During the course of these
tests, the number of springs per spring set was the only setting that was changed. This
resulted in an increase in the aspect ratio as described in section 3.10.1. The increase in
aspect ratio was plotted against the number of springs, see figure 4.13.
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Aspectratio vs. number of springs
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Figure 4.13: Aspect ratio vs. number of springs

Despite achieving aspect ratios exceeding 100, the simulations proceeded without encoun-
tering any stability and convergence issues.

4.5.2 Results of increasing the number of spring sets per ball

Section 3.10.2 details the impact of increasing the number of spring sets per ball on the
circumferential distribution of stiffness along the rings. It explains that the addition of
spring sets per ball leads to a reduction in overall stiffness, with each spring set being
weaker to account for the increased number of springs. The same radial load simulation
as was run in the previous section was executed again to test the effect of increasing the
number of spring sets per ball on the displacements. The model featured 17 springs per
spring set, with the number of spring sets per ball increasing incrementally, see figure
4.14.
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Percentage Difference of Radial Displacementvs. Applied
Radial Load

10000 20000 25000 30000 35000+ 40000

Difference [%]
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-3,00% =

-4,00%
Applied Radial Load [N]

——1spring set —2springsets ——3springsets —e4spring sets

Figure 4.14: Percentage difference of radial displacement vs. applied radial load over five
load cases. Run with bearing 6216 with four different number of spring sets per ball, 17
springs per spring set and two elements radially.

As demonstrated by the figure, the displacements decreased with each increment, indicat-
ing an increase in the model’s stiffness. This even though the total stiffness of each ball
is divided by the number of spring sets per ball, as outlined in section 3.10.2. Another
point made in section 3.10.2 is the possible advantages to numerical stability and the
aspect ratio when increasing the amount of spring sets per ball. Figure 4.15 shows how
the aspect ratio decreases with increased amount of spring sets per ball.
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Aspect Ratio vs. Number of Spring Sets
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Figure 4.15: Aspect ratio vs. number of spring sets per ball for four different number of
springs per spring set. SKF bearing 6216.

As was the case with the increase in the number of springs per spring set and the increase
in the aspect ratio, which had no clear negative effect on the stability and convergence
of the simulations, the increase in the number of spring sets per ball and the decrease in
the aspect ratio had no clear positive effect on the stability nor the convergence of the

simulations. However, it should be noted that the simulation time increased, as illustrated
in figure 4.16.
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Simulation Time vs. Number of Spring Sets
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Figure 4.16: Simulation time vs. number of spring sets per ball for four different number
of springs per spring set, run on bearing 6216.

4.5.3 Mesh convergence study

The results of changing the number of springs per spring set and the number of spring
sets per ball have been evaluated and presented separately. This section details the
mesh convergence study, in which both parameters were modified concurrently, while also
adjusting the number of elements radially. No alterations were made to the number of
elements axially in the flanges, as they already had an aspect ratio much lower than the
elements in the raceways.

Firstly, the study focused exclusively on the increase in radial elements. The objective
was to assess the response of the aspect ratio to this change, since it was expected to
decrease but instead increased, as stated in section 3.10.1. Please refer to figure 4.17 for
a visual representation of the results.
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Aspect Ratiovs. Number of Elements Radially
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Figure 4.17: Aspect ratio vs. number of elements radially for four different number of
springs per spring set, run on bearing 6216.

The figure again show the unexpected results of the aspect ratio increasing with increasing
amount of elements radially. An explanation to this behavior is presented in section 5.3.1
in the discussion chapter.

The displacements for the same simulation as has been run previously was also noted and
plotted, see figure 4.18.
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Percentage Difference of Radial Displacement vs. Applied Radial Load
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Figure 4.18: Percentage difference of radial displacement vs. applied radial load over
five load cases. Run with bearing 6216 with six different number of elements radially, 17
springs per spring set and one spring set.

The figure shows an increase in displacement with each radial element increment suggest-
ing that the model becomes less stiff with increased amount of elements radially.
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Discussion

This discussion aims to analyze the results, investigate potential sources of error and
reflect on the aspects that were successful. Furthermore, it will lay the foundation for
the conclusions and outline directions for future work in chapter 6 and chapter 7, respec-
tively.

5.1 Bearing Model Geometry

The results of the bearing geometry verification presented in 4.1 concluded a partial
geometry verification. This was due to the fact that although the Lincoln geometry
is correct and have been verified using CAD tools, the Abaqus raceway simulation check
does not yield results that align with SABR results. As the loads in the raceway geometry
simulation are very small, the margin of error is tiny compared to other load cases of radial,
axial and combined loads. It can be concluded that the root cause must be related to the
initial contact condition between the springs representing the balls and its raceways. As
we have verified that the raceway geometry itself is correct, the error could be connected
to the springs initial stiffness. The MetaPost measurements presented in 4.2 show that the
Abaqus model is stiffer than the reference data, indicating the the springs initial stiffness
is too high. On the other hand, the results from low radial and axial load cases shows good
accuracy with an average error of 0.7208 and 5.8624 micrometers, respectively. See table
5.1. However, it is evident that the error in axial direction is larger than in radial direction.
It could indicate that there is some kind of discrepancy with the bearing geometries.

Table 5.1: The average absolute error of the lowest radial and axial load case across all
bearings. All individual errors are listed as well.

SKF Bearing 6216 6008 6204 6020 6012 6212 6010 6210
Absolute radial error [wm]:  0.864  0.541  0.378 1.534 0.716  0.631 0.509 0.594
Absolute axial error [pm]: 6.858  3.682 4444  6.750  4.220  6.750 3.947 5.862

Average absolute radial error [pm): 0.721
Average absolute axial error [um|: 5.314
Average absolute error [um]:  3.017

Another possible source of error could be the methods used to implement the geometry
verification. The methods used in SABR and Abaqus did differ from each other. The axial
load was implemented incrementally along with a 50 N radial load in SABR. In contrast,
in Abaqus, the axial displacement was imposed incrementally, while the radial load of 50
N was applied as a force allowing the bearing to follow the raceway profile.

5.2 Analytical Solutions

Based on the failed attempts to model ball bearings using analytical relationships, it
can be questioned whether or not the analytical solutions of Harris (2001) and Hamrock
(1983) are suitable for ball bearing modeling. As discussed in Fang et al. (2014) and Sun
and Hao (2012), Hertz theory may not work as well for conformal contact conditions as
previously assumed.
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5.3 Mesh Study Discussion

The purpose of this section of the discussion is to provide possible explanations for ques-
tions that might arise based of the results from the mesh studies.

5.3.1 Aspect Ratio Discussion

Two aspects of the aspect ratios proved to be of particular significance during the course
of the project. First, the simulations were executed without any evident issues, even when
dealing with highly elongated and stretched elements, i.e., high aspect ratios. Second, the
aspect ratio did not decrease despite the introduction of additional radial elements.

The absence of any noted issues with high aspect ratios may be due to the lack of re-
search conducted on the potential risks associated with such ratios, particularly concerning
stresses and strains. Please refer to section 3.10.1 for more information on this subject.
It is encouraging that the model is sufficiently stable to operate even with suboptimal
shaped elements. To assess the model’s accuracy with different meshes, a subsequent
mesh convergence study is necessary. This study should prioritize the impact on stresses
and strains over deformation.

The results indicated a slight increase in aspect ratio with an increase in the amount of
elements radially. This was unexpected, but the investigation of how Abaqus calculates
the aspect ratio provided a clear explanation. Abaqus will calculate the aspect ratio for 2D
and 3D elements using the same method. This involves dividing the length of the longest
edge by the length of the shortest edge (Dassault Systemes, 2024d). In the majority of
cases, the longest edge will be oriented in the circumferential direction, which is referred
to as the "depth." The shortest edge will correspond to the "width," as illustrated in
figure 5.1.

Width

- -

HeightI

Figure 5.1: Visualization of the width, height, and depth of an element

Provided that the width is smaller than the height, the aspect ratio will not change
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when the height changes. If the height is divided so that it is smaller than the width,
the aspect ratio neither increase nor decrease. The only reasonable way to decrease the
aspect ratio is to decrease the depth of the elements, i.e., increase the number of elements
circumferentially, see figure 5.2.

Figure 5.2: Visualization of the depth of an element with one spring set vs. two spring
sets per ball

Abaqus’s calculation of the aspect ratio is the foundation of this analysis. If an alternative
method had been employed, one that considered all three lengths, the outcome would have
differed. It is still believed that increasing the number of radial elements could enhance
the mesh quality.

5.3.2 Stiffness Changes with Changed Geometry

As demonstrated in section 4.5.2 and 4.5.3, increasing the number of spring sets per ball
and elements radially results in similar curves, with values that could be almost identical
with a slight scaling factor, see figure 5.3.
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Percentage Difference of Radial Displacementvs. Applied
Radial Load
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Figure 5.3: Displacement comparison when varying the number of spring sets per ball
and the number of elements radially

As the elements increased radially, the displacements, i.e. the positive error, increased,
see figure 5.3(b). This could be due to the fact that smaller elements and finer grids
will generally lead to larger displacements in finite element analysis (FEA), (Fidelis FEA,
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n.d.) & (SDC Verifier, n.d.). The results showed an opposite behavior when the number
of spring sets per ball was increased, see figure 5.3(a). This indicates that dividing the
spring stiffness by the number of spring sets per ball does not decrease the value enough
to counteract the added stiffness of the new sets. However, as the results demonstrate
similar behavior, it suggests that it may be possible to achieve matching results if a correct
scaling factor is identified.

The different behavior of refining the mesh in different directions meant that a proper
mesh convergence study was not considered feasible, at least at this stage and with the
time remaining. In addition, the number of elements increases quite rapidly with each
refinement, so that simulations required an excessive amount of computing time and in
many cases did not run at all.

Looking at figure 5.3(a), it’s clear that the best results were obtained using two sets of
springs, at least for bearing 6216. To see if this was the case for other bearings, the same
test was run for bearings 6204 and 6020, see figure 5.4.
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Figure 5.4: Displacement comparison when varying the number of spring sets per ball for

two different bearings

Figure 5.4(a) shows that the displacements of bearing 6204 start to show a similar behavior
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with two or more spring sets per ball, with the best results still being for two sets. Figure
5.4(b) however shows that the best results for bearing 6020 were achieved with only one
set of springs, but here it should be noted that the curve fitted equation could not reach
the desired stiffness of bearing 6020, so this explains the different behavior, see section
3.9. All three figures show the same behavior of increasing stiffness with additional spring
sets per ball. The fact that they all behave the same is positive, and it also means that
there may be a way to manipulate the curve fit equation by increasing or decreasing the
number of spring sets per ball or by adjusting the stiffness depending on the number of
spring sets per ball to get an even better fit.
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Conclusions

Overall, the results are considered satisfactory as the model is stable throughout all mis-
alignments and yields relatively accurate results. As listed in section 4.3, the average
absolute error across all combined load cases listed in table 3.4 to table 3.12 was 7.22%
(2.48% with load case 7 and 12 excluded). It is however, too early to state whether or not
the model derived in this thesis is general enough to work in the applications it is meant
for in the Volvo GTT team. SKF bearing 6020 had a significant impact on the curve-fit
results, it affected the overall results negatively when it was included in the curve-fit.
The bearing was therefore excluded from the curve fit procedure. As a consequence, the
results of bearing 6020 itself show significantly less precise results, see figure 4.4. Further
analysis of its distinct properties and other bearings with similar properties could assist
in drawing any conclusions on why it does not align with the bearings listed in appendix
E.

If the team at Volvo GT'T would use the current version of Lincoln, it is reasonable to
conclude that, for the cases that have been tested i.e., the bearings listed in appendix E,
the optimal settings are 2 elements radially, 2 spring sets per ball for all bearings except
6020, which should only utilize one spring set per ball, and 17 to 29 springs per spring
set. This will ensure precise results without compromising the simulation’s stability. The
most significant challenges are related to simulations involving lower loads, particularly in
instances of misalignment. Additionally, there are considerations for bearings that have
not been addressed in this thesis, i.e., bearings not included in appendix E.

The questions stated in section 1.4 are answered in the following paragraph. First, it can
be concluded that it is possible to accurately model deep groove ball bearings using a
set of non-linear springs. The current results are a good first step towards trustworthy
results and indicate that future work along the same path can yield a model ready for
implementation. Second, the thesis has investigated both radial, axial, and combined
loads across all nine misalignments. As there has been some issues with the bearing
geometry verification and the axial displacements, the results can deviate in certain cases.
On the other hand, the model is stable across all cases and can easily be updated with
new parameters in future updates. Last, more results from various types of bearings are
needed in order to conclude whether or not the model derived in this project can act as
a generalized model. More about this in the future work chapter, see chapter 7.
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Future Work

Several aspects of the current work offer opportunities for further development and re-
finement. One key area is the modeling of stiffness as the number of spring sets per ball
increases. In future studies, it will be important to identify an appropriate scaling factor
that accurately captures the stiffness behavior as the number of spring elements increases.
This will ensure that the model remains both accurate and computationally efficient as
complexity increases.

Inconsistencies in the geometric representation within the Abaqus simulations require
further investigation. A deeper analysis is needed to understand the source of these
inconsistencies and to ensure that the simulation geometry is aligned with the intended
design, see section 5.1.

The implementation of angular contact bearings in the Lincoln model is also of interest
to Volvo. This addition would allow for a more versatile representation of bearing.

To better understand the mechanical response, future work should also include comprehen-
sive stress and strain analyses. These analyses will help verify that the load distribution
in the model behaves as expected and could provide important insight into the structural
performance.

Finally, it is important to test the method with a wider range of bearing types to determine
its general applicability. If a universal approach proves infeasible, an alternative strategy
could be to classify bearings into groups based on their characteristics and apply group-
specific stiffness models. This would allow for tailored modeling while maintaining a
manageable level of complexity and manual recalibration from the Volvo GTT team.
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Appendix

Some appendices may be published as blank due to the NDA agreement between Volvo
GTT and the authors of this thesis.

8.1 Appendix A

Dimensionless Contact Parameters from Harris (2001, p.196).

Table 8.1: Dimensionless Contact Parameters

F(p) a* b* 5%

0 1 1 1
0.1075 1.0760  0.9318  0.9974
0.3204 1.2623 0.8114 0.9761
0.4795 14556 0.7278  0.9429
0.5916 1.6440  0.6687  0.9077
0.6716 1.8258  0.6245  0.8733
0.7332 2011 05881  0.8394
0.7948 2265 05480  0.7961
0.83495 2494  0.5186  0.7602

0.87366 2.800 0.4863 0.7169
0.90999 3.233 0.4499 0.6636
0.93657 3.738 0.4166 0.6112
0.95738 4.395 0.3830 0.5551
0.97290 5.267 0.3490 0.4960
0.983797 6.448 0.3150 0.4352
0.990902 8.062 0.2814 0.3745
0.995112 10.222 0.2497 0.3176
0.997300 12.789  0.2232 0.2705
0.9981847  14.839  0.2072 0.2427
0.9989156  17.974  0.18822  0.2106
0.9994785  23.55 0.16442  0.17167
0.9998527  37.38 0.13050  0.11995
1 o0 0 0
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8.2 Appendix B

GANTT-SCHEDULE
Abacus Based Modelling of Ball Bearings
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Figure 8.1: Gantt-chart
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8.3 Appendix C

{4 Lincoln
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8.4 Appendix D

clear all
close all
clc

% Harris (2201) theory implemented to calculated deep groove
ball bearing deflections. Written 2025-03-20 by Arvid
Angel & Jonathan Cederquist.

%% Bearing geometry input

bearing_name = "6216";

D = 17.462; % ball diameter

ri =D / 2 %1.04; » inner groove radius
ro =D/ 2 %x1.06; » outer groove radius
dm = 111.7; % pitch diameter

beta = 0; % ball bearing angle

Q = [36400 18200 9100 4550 2275]; 7 bearing radial load cases
dx_SABR = [108.43 70.64 46.82 31.80 22.33]1./1000; % SABR
reference

%% Theory implemented

fi = ri / D; % ratio inner raceway

fo = ro / D; %» ratio outer raceway
gamma = D * cos(beta) / dm; % ratio
sumpi = 1/Dx(4 - 1/fi + 2xgamma/(1l-gamma));

sumpo 1/Dx(4 - 1/fo - 2+gamma/(l+gamma));

Fpi = ( 1/fi + 2xgamma/(1-gamma) )/ ( 4 - 1/fi + 2%gamma
/(1-gamma) );

Fpo = ( 1/fo - 2xgamma/(l+gamma) )/ ( 4 - 1/fo - 2%gamma
/(l+gamma) );

dimensionless_contact_parameters = [0 0.1075 0.3204 0.4795
0.5916 0.6716 0.7332 0.7948 0.83495 0.87366 0.90999
0.93657 0.95738 0.97290 0.983797 0.990902 0.995112
0.997300 0.9981847 0.9989156 0.9994785 0.9998527 1;

1 1.0760 1.2623 1.4556 1.6440 1.8258 2.011 2.265 2.494 2.800
3.233 3.738 4.395 5.267 6.448 8.062 10.222 12.789 14.839
17.974 23.55 37.38 inf;

1 0.9318 0.8114 0.7278 0.6687 0.6245 0.5881 0.5480 0.5186
0.4863 0.4499 0.4166 0.3830 0.3490 0.3150 0.2814 0.2497
0.2232 0.2072 0.18822 0.16442 0.13050 O0;

1 0.9974 0.9761 0.9429 0.9077 0.8733 0.8394 0.7961 0.7602
0.7169 0.6636 0.6112 0.5551 0.4960 0.4352 0.3745 0.3176
0.2705 0.2427 0.2106 0.17167 0.11995 0]';
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%% inner raceway interpolation of delta_star
X = dimensionless_contact_parameters(:, 1);
y = dimensionless_contact_parameters(:, 4);
X_input = Fpi;

delta_star_i = interpl(x, y, x_input, 'linear');

h% outer raceway interpolation of delta_star

X_input = Fpo;
delta_star_o = interpl(x, y, x_input, 'linear');

% Harris (2001, s.235)

% inner

Kpi = 2.15 * 105 * sumpi~-0.5 * delta_star_i~(-3/2);

% outer

Kpo = 2.15 % 10°5 * sumpo~-0.5 * delta_star_o~(-3/2);

% combined

Kn = (1 / ( (1/Kpi)~(1/1.5) + (1/Kpo)~(1/1.5) ) )~1.5;

dx_harris = (Q./Kn).~(2/3) ./2; % calculated displacement

%h% plot data comparing the calculated value with SABR
reference

figure ()

plot(Q, dx_harris, '-b','LineWidth'.2)

xlabel ("Force [N]")

ylabel ("Displacement [mm]")

title ("SKF " + bearing_name)

hold on

plot(Q, dx_SABR, '-r', 'LineWidth'.2)

legend ("Harris (2001) analytical solution", "SABR " +
bearing_name + " reference")
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8.5 Appendix E

Table 8.2: Deep Groove Ball Bearing Geometries. Bearing 6020, 6210, and 6010 have some
cells denoted with xx. This is because they were excluded from the curve fit approach

detailed in section 3.9.

SKF bearing 6216 6212 6020 6210 6012 6010 6008 6204
Bore [mm] 80 60 100 50 60 50 40 20
Outer Diameter [mm)| 140 110 150 90 95 80 68 47
Width [mm]| 26 22 24 20 18 16 15 14
Dynamic Load Rating, C [N] 72800 55300 63700 37100 30700 22900 17800 13500
Ball Diameter [mm)] 17.462 15.875 15.081 12.7 10.319 8.731 7.938 7.938
Pitch Diameter [mm)] 111.7 85 125 70 7.5 65 54 33.5
Number of Balls 12 10 15 10 14 14 12 8
Radial Play [mm)] 0.3219 0.2861 0.2724 0.2338 0.1859 0.1569 0.1434 0.1457
Effective Diametrical Clearance [mm)] 0.0104 0.0084 0.0128 0.0065 0.0084 0.0065 0.005 0.0053
Inner Curvature [%] 4 4 4 4 4 4 4 4
Outer Curvature |%] 6 6 6 6 6 6 6 6
Stiffness [N/mm]| / , . ) ) _ .
22255 / 108.43 19016 / 104.2 XX /XX XX /XX 8027.2 / 66.81 XX / XX 5126 / 54.97 5562.3 / 59.81
displacement at highest loadcase [mm™-3| '
Stiffness [N/mm| / o o o ) , ) , o L
4242.7 / 22.33 3460.6 / 20.66 xx /xx xx/xx 16214 /1474 xx/xx 950.3 /11.18  1016.4 / 12.1

displacement at lowest loadcase [mm~-3|
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8.6 Appendix F

%» Hamrock theory implemented to calculated deep groove ball
bearing deflections. Written by Arvid Angel & Jonathan
Cederquist.

gamma = BD.Droll / BD.pitchD; % beta = 0
fe = (BD.Droll * 0.5 * 1.06) / BD.Droll;

fi = (BD.Droll * 0.5 x 1.04) / BD.Droll;
q = pi/2 - 1;

E = 210%10°3; 7 Steel ball

Rxi = (1 - gamma) * BD.Droll / 2;

Rxe = (1 + gamma) * BD.Droll / 2;
Ryi fi * BD.Droll / (2xfi - 1);
Rye fe * BD.Droll / (2xfe - 1);

alpha_inner = Ryi / Rxi;
alpha_outer = Rye / Rxe;

kappa_outer = alpha_inner~(2/pi);
kappa_inner = alpha_outer~(2/pi);

R_inner
R_outer

1/ (1/Rxi + 1/Ryi);
1 / (1/Rxe + 1/Rye);

elliptic_intergral_firstkind_inner pi / 2 + q * log(
alpha_inner);
elliptic_intergral_firstkind_outer

alpha_outer);

pi / 2 + q *x log(

I
[
+

elliptic_intergral_secondkind_inner
elliptic_intergral_secondkind_outer

alpha_inner;
alpha_outer;

I
-
+
Q Q
~N O

Ke = pi / 3 * kappa_outer * E * sqrt((2 *
elliptic_intergral_secondkind_outer * R_outer) / (
elliptic_intergral_firstkind_outer~3));

Ki = pi / 3 * kappa_inner * E * sqrt((2 x
elliptic_intergral_secondkind_inner * R_inner) / (
elliptic_intergral_firstkind_inner~3));

%» Compute equivalent stiffness

Kn = 1/(((1 / Ki)~(2/3) + (1 / Ke)~(2/3))°(3/2));

% Distribute per spring
Kn = Kn/BD.sp_c/BD.IR_el_05cz;
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linspace (0.2.0.40);

Kn.*x(x.~3/2);
assembles and adds extreme values
= [-x 1;-Q 100/(BD.IR_el_0b5cz*2+1)/BD.sp_c];
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8.7 Appendix G

*INCLUDE, INPUT=6216_harris.inp
%k
*NODE
1000000, 13, 0, 0

2000000, 15, 0, 0
%%
k%
%k
kK
*+ KINEMATIC/DISTRIBUTING COUPLING
%%
*COUPLING, CONSTRAINT NAME=COUPLING_961, REF NODE=1000000, SURFACE=Inner_s

*KINEMATIC

1, 6
*COUPLING, CONSTRAINT NAME=COUPLING_962, REF NODE=2000000, SURFACE=0Outer_s
*KINEMATIC

1, 6

%k

*k %k

*k ok

%k

** MATERIALS

k%

kK

**STEEL

*k ok

*MATERIAL, NAME=STEEL

*DENSITY
7.85E-9,
*ELASTIC, TYPE=ISOTROPIC
210000., 0.3

%%
k%
%k
kK
*kk
** BOUNDARY
k%

*BOUNDARY, TYPE=DISPLACEMENT

2000000, 1, 6, 0.
1000000, 4, 6, 0.
%k
*+ STEPS

*ok
*ok
*3TEP, NAME=misalignment, INC=100, NLGEOM=YES
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*3STATIC
0.2,

*ok

*BOUNDARY, TYPE=DISPLACEMENT
1000000, 5, 5,
1000000, 6, 6,

*QUTPUT, FIELD

*CONTACT OUTPUT

CDISP,

CSTRESS,

*NODE OUTPUT

U,

*ELEMENT OUTPUT, DIRECTIONS=YES

E,

S,

*NODE PRINT, FREQUENCY = 20000

U1, U2, U3

*QUTPUT, FIELD, VARIABLE=PRESELECT

*0QUTPUT, HISTORY, VARIABLE=PRESELECT

*END STEP
*ok

%k

**x STEP 1
*k

*STEP, NAME=preload, INC=100, NLGEOM=YES

*STATIC
0.2,
kK
#% CLOAD
%%
*CLOAD
1000000, 2,
*QUTPUT, FIELD
*CONTACT OUTPUT
CDISP,
CSTRESS,
*NODE OQUTPUT
U,
*ELEMENT OUTPUT, DIRECTIONS=YES
E,
S,
NFORC,
*NODE PRINT, FREQUENCY = 20000
U1, U2, U3
*QUTPUT, FIELD, VARIABLE=PRESELECT

100

*0UTPUT, HISTORY, VARIABLE=PRESELECT

*END STEP
*ok
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*x STEP 1
*ok

*STEP, NAME=Stepl, INC=100, NLGEOM=YES

*STATIC

k%
** CLOAD
%k
*CLOAD
1000000,
*QUTPUT, FIELD
*CONTACT OUTPUT
CDISP,
CSTRESS,
*NODE OUTPUT
U,

*ELEMENT OUTPUT, DIRECTIONS=YES

E,
S,
NFORC,

*NODE PRINT, FREQUENCY = 20000

U1, U2, U3

*QUTPUT, FIELD, VARIABLE=PRESELECT

0.2,

2275

*0QUTPUT, HISTORY, VARIABLE=PRESELECT

*END STEP
* ok

*x STEP 2
*ok

*STEP, NAME=Step2, INC=100, NLGEOM=YES

*STATIC

k%
** CLOAD
kK
*CLOAD
1000000,
*QUTPUT, FIELD
*CONTACT OUTPUT
CDISP,
CSTRESS,
*NODE OUTPUT
U,

*ELEMENT OUTPUT, DIRECTIONS=YES

E,
S,
NFORC,

*NODE PRINT, FREQUENCY = 20000

U1, U2, U3

0.2,

4550
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*QUTPUT, FIELD, VARIABLE=PRESELECT
*QUTPUT, HISTORY, VARIABLE=PRESELECT

*END STEP
* %

**x STEP 3
*ok

*STEP, NAME=Step3, INC=100, NLGEOM=YES

*STATIC

*ok
*x CLOAD
*ok
*CLOAD

1000000,
*QUTPUT, FIELD
*CONTACT OUTPUT
CDISP,
CSTRESS,
*NODE OUTPUT
U,

0.2, 1.,

2, 9100

*ELEMENT OUTPUT, DIRECTIONS=YES

E,
S,
NFORC,

*NODE PRINT, FREQUENCY = 20000

U1, U2, U3

*QUTPUT, FIELD, VARIABLE=PRESELECT
*QUTPUT, HISTORY, VARIABLE=PRESELECT

*END STEP
* %

x*x STEP 4
*ok

*3TEP, NAME=Step4, INC=100, NLGEOM=YES

*STATIC

*k
*x CLOAD
*ok
*CLOAD

1000000,
*QUTPUT, FIELD
*CONTACT OUTPUT
CDISP,
CSTRESS,
*NODE OUTPUT
U,

0.2, 1.,

2, 18200

*ELEMENT OUTPUT, DIRECTIONS=YES

E,
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S,
NFORC,

*NODE PRINT, FREQUENCY = 20000

U1, U2, U3

*QUTPUT, FIELD, VARIABLE=PRESELECT
*QUTPUT, HISTORY, VARIABLE=PRESELECT

*END STEP
*ok

**x STEP 5
*ok

*STEP, NAME=Step5, INC=100, NLGEOM=YES

*STATIC

%%
** CLOAD
k%
*CLOAD

1000000,
*OUTPUT, FIELD
*CONTACT OUTPUT
CDISP,
CSTRESS,
*NODE OUTPUT
U,

0.2, 1.,

2, 36400

*ELEMENT OUTPUT, DIRECTIONS=YES

E,
S,
NFORC,

*NODE PRINT, FREQUENCY = 20000

U1, U2, U3

*QUTPUT, FIELD, VARIABLE=PRESELECT
*QUTPUT, HISTORY, VARIABLE=PRESELECT

*END STEP
* %
* %
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