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Abstract
A challenge with renewable energy is that the power source is time varying. To be able to
supply renewable power at all hours, the company Azelio is developing a Thermal Energy
Storing (TES) system. During the development, multiple design changes are made at a
rapid pace. Therefore, it is important to utilize numerical tools to save time and money.

Azelio’s TES system is Stirling engine based. The free mass loads in the engine causes
vibrations, which make sound propagate from the system. The sound level is mostly not
an issue since the system will be located in uninhabited areas, but it can be of importance
if the system would be serviced during operation. That is why a numerical method for
determining the exterior sound level would be of interest. The purpose is, thereby, to
develop a generic method that can be used to predict exterior sound. The method will
be developed for the current TES system, but should be possible to use when evaluating
new designs.

A numerical method for predicting the exterior far field sound level located in a free field
was developed using the finite element method in Ansys Mechanical APDL. The exterior
acoustics problem was solved using a one-way coupling from structure to fluid. The
structural vibrations were computed through mode-superposition in a harmonic analysis,
in which the system was assumed to be linear and time-invariant. The vibrations were
then used to generate waves in a fluid full harmonic analysis. To validate the numerical
model of the system, an experimental modal analysis was performed on the current TES
system, but no measurements during operation were made.

Due to the complexity of the system and time restriction, the results from the experiment
lacked in correlation with the results from the finite element analysis. However, this does
not say anything about the developed sound predicting method. One conclusion that can
be drawn is that it is difficult to model and do experiments on a complex system.

The developed method is generic and can be applied to any vibrating system. It can be
used to compute the sound pressure level in a plane or a point, at various engine speeds.
The sound level in a point can be compared to measurements, while the plane contour plot
can be used in the development process to identify parts that radiate a lot of sound. The
method was developed for a complex system and should be tested on a simpler system.
To validate the method, various tests should be performed.

Keywords: Finite Element Method (FEM), Modal Analysis, Harmonic Analysis, Super-
position, Experimental Modal Analysis (EMA), Exterior Acoustics, One-Way Coupling,
Far Field, Stirling Engine
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Notations

Abbreviations
ABE Absorbing Boundary Element
AML Artifically Matched Layer
APDL Ansys Parametric Design Language
BC Boundary Condition
BEM Boundary Element Method
COG Centre of Gravity
DAQ Data Acquisition
DFT Discrete Fourier Transform
DOF Degree of Freedom
EMA Experimental Modal Analysis
FE Finite Element
FEA Finite Element Analysis
FEM Finite Element Method
FFT Fast Fourier Transform
FRAC Frequency Response Assurance Criterion
FRF Frequency Response Function
FSI Fluid Structural Interaction
IRB Infinite Radiation Boundary
NRMSE Norm of Square Error
PCG Preconditioned Conjugate Gradients
PCS Power Conversion System
SSM State-Space Model
TES Thermal Energy Storage
WBT Wave Based Technique

General notation
ẍ Second time derivative of x
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ẋ Time derivative of x
x̂ Amplitude or peak value of x
x̃ Effective value of x
~x Position vector

Symbols
α Coupling coefficient
η Modal displacements
κ Wavenumber
λ Wavelength
ν Poisson’s ratio
Ω Computational domain
ω Angular frequency
∂Ω Boundary of computational domain
Ψ Modal force
ρ Density
ϕ Phase offset
ζ Damping ratio
c Speed of sound
d Effective thickness
F External load
f Frequency
H Frequency response function
k Stiffness
L Sound pressure level
l Length
m Mass
p Pressure
S Periodic signal in frequency domain
s Periodic signal in time domain
T Period
t Time
v Damping coefficient
X System input
Y System output
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Vectors and Matrices
η Transformed displacement vector
Φ Modal matrix
Ψ Transformed loading vector
A State matrix
B Input matrix
C Output matrix
D Feedthrough matrix
f External load vector
K Stiffness matrix
M Mass matrix
q Displacement vector
u Excitation vector
V Viscous damping matrix
x State vector
y Output vector

Physics Constants
pref 2 · 10−5 Pa, reference sound pressure
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1. Introduction
This chapter explains the background to the problem that is to be solved, along with the
aim and purpose of it. Moreover, the limiting factors are presented.

1.1 Background
Azelio is a Swedish company developing Stirling engine-based renewable energy solutions.
One major challenge with renewable energy, such as wind and solar power is that the
energy source is strongly varying in time. This makes it difficult to supply electricity
at all hours. Especially at times when there is not much wind and no sun. To solve
this problem, Azelio is developing a Thermal Energy Storing (TES) system that makes
electricity from renewable sources accessible throughout the day [1].

Their idea is to store the overproduction of renewable power at certain hours as thermal
energy. The overproduction is used to liquefy and heat an aluminium alloy with specific
phase changing characteristics. During discharge, a heat transferring fluid transfers the
thermal energy to a Stirling engine, which converts the heat to mechanical movement.
Attached to the Stirling engine is a generator that converts mechanical movement to
electricity. The Stirling engine, together with the generator and coolers constitutes the
Power Conversion System (PCS).

The TES system consists mainly of three subsystems: A standard 40-foot steel container
with a plywood floor, modified with openings and stiffeners. Two TES units, in which
melted aluminium is stored and two PCS that converts thermal energy to electricity, see
Figure 1.1. An empty TES unit weighs 1.5 tons while a filled one weighs 6 tons. The
material data for steel, plywood and surrounding air are listed in Table 1.1.

Figure 1.1: Illustration of Azelio’s TES system.
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Table 1.1: Material data at 20 oC for steel, plywood and air obtained from [2]–[4].

Material Carbon Steel
(S355J2)

Plywood
(Keruing) Air

Density [kg/m2] 7,800 745 1.2041
Poisson’s Ratio 0.29 0.49 -

Young’s Modulus [GPa] 200 15.8 -
Yield Stress [MPa] 355 - -

Speed of sound [m/s] - - 343.24

The container stands on ten levelling blocks that are placed on concrete, as seen in Figure
1.2. The TES units are kept inside the container for shelter against the ambient envir-
onment and the PCS’s are attached on the outside. The heat transferring gas flows in a
pipe between the TES unit and the PCS.

Figure 1.2: The distance between the ten levelling blocks that the container stands on.

The PCS consists of a Stirling engine with a generator, a cooler, a steel frame and a gas
cooling system, see Figure 1.3. The Stirling engine is attached to the frame using four
vibration isolating rubber mounts with 70 shore-A hardness1 and a stiffness of approxim-
ately 1,900 kN/m. The entire PCS weighs about 650 kg.

Figure 1.3: Illustration of the different parts that are included in the PCS.

The Stirling engine is an alpha type, shown in Figure 1.4. It has two cylinders, one warm
expansion cylinder and one cold compression cylinder. The Stirling cycle starts with
expansion of the working gas due to temperature increase caused by the heat transferring
fluid [6]. The expansion starts in the warm cylinder and continues to the cold cylinder,
which is 90o behind the hot piston in its cycle. The gas reaches its maximum volume and

1Shore-A hardness is a measure of how much resistance a material has to indention [5]. A higher value
indicates a harder material. The scale goes from 0 to 100.

2
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moves to the cold cylinder where it is externally cooled by the gas cooling system, and
the pressure drops. The cold piston, powered by a flywheel momentum, compresses the
gas and the cycle is repeated. The crankshaft is attached to a generator which converts
the rotation to electricity. The engine can be used at various constant revolutions per
minute, rpm.

Figure 1.4: Illustration of an alpha type Stirling engine used in the PCS.

The crank motion cases free mass forces in the plane normal to the crankshaft and a torque
about the crankshaft. The loads from Azelio’s Stirling engine have been calculated in the
centre point between the two bearings, seen in Figure 1.5. The loads were calculated at
four discrete engine speeds between 1,250 and 2,000 rpm, corresponding to frequencies
between 20.83 and 33.33 Hz. The load signals at each speed have been decomposed into
their constituent frequencies. The constituent frequencies are known as engine orders and
are integer multiples of the rotating frequency of the crankshaft. The first three orders,
listed in Table 1.2, are dominating. The associated load data can be found in Appendix
A. The free mass loads will make the engine vibrate, which causes sound to radiate from
the TES system.

Figure 1.5: The Stirling engine seen from above. The point where the imbalance loads
are calculated at is marked in red in.

3
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Table 1.2: Engine speeds and engine orders of Azelio’s Stirling engine.
Engine
Order

Engine Speed [rpm]
1,250 1,500 1,750 2,000

1 20.83 Hz 25 Hz 29.17 Hz 33.33 Hz
2 41.67 Hz 50 Hz 58.33 Hz 66.67 Hz
3 62.5 Hz 75 Hz 87.5 Hz 100 Hz

1.2 Aim
The aim is to develop a numerical method that can be used to predict the exterior sound
emitted by the TES system due to the vibrating Stirling engine, which can be applied to
similar systems. Also, to perform measurements to validate the numerical model of the
TES system.

1.3 Purpose
The TES system will be located in uninhabited areas, hence the sound level is not a prob-
lem under normal conditions. However, if the system would be serviced under operation,
requirements regarding the noise level should be fulfilled. For this reason, the vibrations
and sound level should be investigated.

The purpose is to develop a generic numerical method that can be used to predict exterior
sound radiation. The method should be used as a tool during design evaluation to assess
if a design fulfils the sound level requirements. The use of numerical tools at an early
stage in the development process can save both time and money.

1.4 Limitations
To be able to fulfil the aim, the method being developed will be limited to analyse exterior
sound that radiates due to structural vibrations that arise from the three first engine orders
of the free mass loads induced by the Stirling engine. Other parts that may radiate sound
from the system will be excluded. The sound will be analyzed at the far field located in a
free field, which means that the sound waves will only propagate and not reflect against
different objects.

The studied system is assumed to be linear and only the steady state of the system will be
considered, thus the transient start-up will be out of scope. The method will be developed
and verified for Azelio’s TES system involving one Stirling engine, but should apply to
similar systems.

The vibration tests are restricted to the demonstration unit located outdoors at Azelio’s
office in Åmål. Therefore, the system may be subjected to wind or rain, which can affect
the results of the measurement. The number of points in which data can be collected is
limited by the available equipment as well as the choice of test type. No tests will be
performed when the engine is operating.

The numerical analysis will be done using the pre-processor ANSA v19.0.1, the solver

4
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Ansys Mechanical Ansys Parametric Design Language (APDL) 2019 R3 and the post-
processor META v20.1.0. Some results will be processed in Matlab R2020a.

5
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2. Theory
In this chapter, the theory regarding linear structural dynamics is presented, such as
modal and harmonic analysis, along with damping and Experimental Modal Analysis
(EMA). Finally, some theory regarding acoustics and sound is described.

2.1 Equation of Motion
The equation of motion for a dynamic system is

Mq̈(t) + Vq̇(t) + Kq(t) = f(t) (2.1)

with M,V and K being the mass, damping, and stiffness matrices, and f(t) is the ex-
ternal load vector [7]. The time-dependent accelerations, velocities, and displacements
are denoted q̈(t), q̇(t) and q(t). The equation of motion can be written on first order
form by introducing a state vector x(t) = [q(t) q̇(t)]T and assuming that the mass matrix
is symmetric and positive definiteẋ(t) = Ax(t) + Bu(t)

y(t) = Cx(t) + Du(t)
(2.2)

where y(t) is the system response to a known system excitation u(t), and A,B,C and D
are state-space matrices.

2.2 Modal Analysis
Modal analysis is a linear time-invariant analysis that gives information regarding mode
shapes and natural frequencies of a system [7], [8]. In modal analysis, there is free vibration
and damping is usually ignored. Therefore, the equation of motion (2.1) can be written
like

Mq̈(t) + Kq(t) = 0 (2.3)

and the displacement q(t) can be expressed as
q(t) = Φne

iωnt (2.4)

where Φn is the eigenvector representing the mode shape of the n:th natural frequency
ωn. Inserting the expression for the displacement into equation (2.3) and removing the
time-dependency yields

[−ω2
nM + K]Φn = 0 n = 1, 2, ..., N (2.5)

The expression is satisfied if Φn = 0 or if the determinant
| − ω2

nM + K| = 0 (2.6)

7
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which is of interest. From that equation, N different solutions can be determined for
the angular natural frequency ω2

n and the mode shapes Φn. Usually, N are the modes of
interest and are a fraction of the total number of Degrees of Freedom (DOF) of a system.

2.3 Frequency Domain Representation
A periodic signal s(t) can be decomposed into a sum of sinusoidal components [9]. The
component frequencies of the signal are called harmonics and are integer multiples of one
fundamental frequency f0. These are determined by computing the Fourier transform of
the discrete, sampled signal, using a Discrete Fourier Transform (DFT). DFT is usually
computed using Fast Fourier Transform (FFT), which transform the signal from the time
domain to the frequency domain, see Figure 2.1. The magnitude at a given frequency is
the amplitude of that frequency component and the argument is the phase offset.

Figure 2.1: Example of how FFTs a time signal s(t) to a frequency signal S(f). The
magnitude |S(fn)| is the amplitude ŝn and the argument ∠S(fn) is the phase ϕn of the
n:th frequency component fn.

The sum of sinusoidal components that synthesizes the original periodic signal is called
frequency domain representation. The frequency domain representation of a stationary
harmonic signal s(t) may be expressed as

s(t) =
N∑
n

ŝn sin(2πfnt+ ϕn) (2.7)

where fn, ŝn and ϕn are the frequency, amplitude and phase of the n:th component.
To get an exact representation of the signal, an infinite number of components must be
included. However, the components are usually of decreasing magnitude order and a
sufficient accuracy can be achieved by including a finite number [10].

2.4 Harmonic Analysis
Harmonic analysis is based on the assumption that a stationary harmonic excitation
gives a stationary harmonic response [7]. Let f(t) be a stationary harmonic load vector
at angular frequency ω

f(t) = f̂eiωt (2.8)

8
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with complex-valued and time-invariant load amplitudes f̂ . It follows from the harmonic
assumption that the displacement response q(t) share the same harmonic behaviour and
thus can be expressed as

q(t) = q̂eiωt (2.9)

with complex-valued and time-invariant displacement amplitudes q̂. Inserting the ex-
pressions into the equation of motion (2.1) and removing the common time-dependency
yields [

− ω2M + iωV + K
]
q̂ = f̂ (2.10)

The complex displacement amplitudes q̂ may be computed using the mode-superposition
method or directly using the full method [11]. In the full method, the whole system
matrices are used to compute the harmonic response. In this method, there is no reduction
of the system and the matrices can be symmetric or unsymmetrical, which means that this
method may be computationally expensive. The mode-superposition method is discussed
in the next section.

If the harmonic load contains several sinusoidal components, as described in Section 2.3,
the total response is computed by adding the contribution from each component n, using
the superposition principle [7]. By expressing the complex amplitudes q̂ on polar form
with amplitude q̂∗ and phase ϕ, the superposition principle is defined as

q̂(t) =
Nh∑
n=1

q̂∗
n sin(2πfnt+ ϕn) (2.11)

where q̂∗
n is the amplitude and ϕn is the phase of the n:th component. Nh is the total

number of components in the harmonic load signal.

2.4.1 Mode-Superposition Method
The mode-superposition method uses the results from the modal analysis to determine the
dynamic response of a system subjected to harmonic or transient excitation [12]. Thus, it
enables a faster solution method compared to the full method [11]. The method is based
on the assumption that the harmonic or transient displacement q(t) can be written as a
linear combination of the eigenmodes Φn

q(t) ≈
N∑

n=1
ηn(t)Φn (2.12)

where ηn are modal displacements [7]. The relation would be exact if all eigenmodes of the
system were used, but that is rarely the case due to computational cost [13]. Generally,
eigenmodes up to a certain frequency are solved. For instance, eigenmodes up to 2.5 times
the maximum frequency of interest are included in the analysis.

Equation (2.12) can be written on matrix form by collecting the modal DOF in a column
vector η and the eigenmodes in a rectangular modal matrix Φ in which each column
represents an eigenmode [7]

q = Φη (2.13)

9
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Inserting the expression in the equation of motion (2.1) and pre-multiplying with ΦT

yields
ΦTMΦη̈ + ΦTVΦη̇ + ΦTKΦη = ΦT f(t) = Ψ(t) (2.14)

Due to the orthogonality-property of the eigenmodes, ΦTMΦ and ΦTKΦ only has non-
zero elements on the diagonal [7], [14]. Through mass matrix normalization, the ei-
genmodes are scaled such that ΦTMΦ = I and ΦTKΦ = diag(ω2

n). By only allowing
damping that is proportional to stiffness and mass, the damping matrix is also diagonal.
Thus, the problem can be simplified as

η̈n + 2ωnζnη̇n + ω2
nηn = Ψn n = 1, ..., N (2.15)

where Ψn is modal force and ζn is damping ratio for mode n. The coupled equation
system in equation (2.14) is by the transformation converted into a decoupled system.
This reduces the number of equations from the system’s number of DOF to a fraction
N . The individual modal responses ηi are superimposed using equation (2.12) to get
the actual displacement response. The concept of mode-superposition is illustrated for a
simply supported beam in Figure 2.2. Any displacement shape can be represented by a
sum of a sufficiently large number of modes.

Figure 2.2: Schematic illustration of the concept of mode-superposition. The total
response of the system is computed by adding fractions ηn of each mode shape φn.

2.5 Frequency Response Function (FRF)
The frequency dependent transfer function H(ω) from a system input excitation X(ω) to
an output response Y (ω) is called the system’s Frequency Response Function (FRF) [15]

H(ω) = Y (ω)
X(ω) (2.16)

The response can be described in terms of displacement, velocity or acceleration. The
corresponding FRFs are called receptance, mobility and accelerance. All of these are
mathematically related and the measure of one can be used to calculate the others [16].
Accelerance is generally the preferred measured response since the most convenient motion
transducer is the accelerometer.

10
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In EMA, FRFs are used to identify a system’s modal parameters [17]. Figure 2.3 displays
an example of what a FRF can look like. From the curve, the natural frequencies, modal
damping and mode shapes of the system can be identified. The peaks correspond to
natural frequencies and the width of the peaks is proportional to the modal damping.
The mode shape can be determined using the amplitude and phase of multiple FRFs.

Figure 2.3: An example of a Frequency Response Function (FRF). A FRF gives the
relation between an input and an output. The peaks in the amplitude plot represents
natural frequencies.

2.6 Damping
In a numerical modal analysis, damping is often neglected. This, however, is not the case
in harmonic analysis. Damping is the phenomenon when mechanical energy is dissipated
into internal thermal energy or other damping mechanisms in a dynamic system [18].
There are several types of damping present in a system: structural, internal, and fluid
damping. Since there are different types, a good insight into the physics is required to
get the correct damping of a model [7].

The damping ratio ζ describes how rapidly the oscillations decay from one cycle to the
next in a vibrating system [19]. The relation of the damping ratio can be obtained from
the actual and critical damping v and vc as

ζ = v

vc

(2.17)

with the critical damping coefficient being vc = 2
√
km. Thus,

ζ = v

2
√
km

= vωn

2k (2.18)

where m is the mass, k is the stiffness and ωn is the angular natural frequency.

A system can be undamped (ζ = 0), underdamped (ζ < 1), critically damped (ζ = 1)
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or overdamped (ζ > 1), see Figure 2.4a. For an undamped system, the object would
continue to oscillate infinitely long and the frequency response peaks would be infinitely
large, see Figure 2.4b. This is rarely the case in reality, however, the damping can be
so small that it is practically negligible. In an underdamped system, the oscillations will
decrease until the system comes to rest. The smaller the damping ratio is, the longer it
will take until the vibrations have stopped. A critically damped system will go back to
its equilibrium position in an exponential rate without any oscillations. If the system is
overdamped, it will slowly return to its initial position without overshooting.

(a) Oscillations (b) Amplitude

Figure 2.4: The figures show an undamped (ζ = 0), underdamped (ζ < 1), critical
damped (ζ = 1) and overdamped cases (ζ > 1) and how that affects the oscillation and
amplitude.

The damping ratio ζ can be computed from a FRF using the half power bandwidth
method

ζ = f2 − f1

2 · fn

(2.19)

where fn is the natural frequency and f1 and f2 are the frequencies 3 dB down from the
peak value to the left and right of the natural frequency, respectively, see Figure 2.5 [18].
This means that a wider peak will result in higher damping.

Figure 2.5: The half power bandwidth method to compute the damping.
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2.7 Experimental Modal Analysis (EMA)
EMA is useful to determine a structure’s dynamic properties in terms of natural frequen-
cies, damping and mode shapes [20]. Besides, EMA can be used to validate a Finite
Element (FE) model and calibrate it, if the results between the two methods do not
coincide.

In EMA, the relationship between a forced measured excitation and the vibration response
at certain points on a structure is established [21]. The relationship is expressed in terms
of FRF.

2.7.1 Equipment
To perform an EMA, a transducer, an excitation mechanism and a Data Acquisition
(DAQ) system are required [7], [22]. A transducer, usually an accelerometer, can measure
the response from the excitation in terms of acceleration. These are often used due to
their high sensitivity and low cost.

The excitation mechanism can, for instance, be an impact, snap-back or a shaker. For the
impact test, a force sensor hammer is excited with an impulse. For good repeatability in
tests, the hammer needs to be struck on the same excitation point with the same angle
of attack. The force is measured in a load cell that is attached to the hammer’s head.
Depending on the size of the structure, different sizes of the hammer can be used. This
test method is quick to execute, but the results may lack in accuracy since it can be
difficult to differentiate the response from noise.

With the snap-back test, the structure is also excited with an impulse. In the snap-
back test, a stress is applied to the structure by attaching a known weight to a point on
the structure and releasing it. Releasing the weight will give a known excitation force.
This test method is not as quick as the impact hammer test. However, it gives better
repeatability and can be used on larger structures.

An alternative is to use a shaker, for which the structure can be excited with different
kinds of controlled input signals, such as a sinusoidal one. Therefore, it is possible to
directly identify the mode shape. This excitation mechanism will give higher accuracy
since noise can be reduced. However, this equipment can be more expensive than the other
excitation mechanisms. Furthermore, it is more time consuming to set up the equipment
for the shaker test.

To store the measured excitation and response signals, a DAQ system is required. DAQ
converts analogue data to digital. Software that uses FFT is also necessary to be able to
compute FRFs.

2.8 Acoustics
Acoustics is the branch in physics that deals with generation, propagation and reception
of vibrations and sound in mediums such as gases, fluids or solids [23]. Sound is detected
when there is a rapid change in pressure above and below the static ambient pressure of
the medium [15]. A sound pressure wave caused by a noise source can be described by a
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sinusoidal function of time
p(t) = p̂ sin(2πft+ ϕ) (2.20)

with frequency f , amplitude p̂ and phase ϕ [15]. The sound wave moves with speed c.
During one period T = 1/f , the wave has spread a distance λ, known as the wavelength

λ = cT = c

f
(2.21)

The frequency and the wavelength are inversely proportional to each other. If the fre-
quency is large, the wavelength is short, and vice-versa.

2.8.1 Acoustic Fields
The acoustic field around a noise source can be divided into two parts; near field and
far field [24]. The field within two wavelengths from the vibrating noise source is called
near field. Near the noise source, waves will fluctuate back and forth without propagating
and no relation between pressure and distance can be established. Further away from the
source, the near field diminishes and the sound is dominated by waves that propagate,
see Figure 2.6. The fluctuating to propagating behaviour will be mixed until a distance of
two wavelengths is reached, where the fluctuating part practically vanishes. This is where
the far field begins. From this distance and forward, the sound will strictly propagate
and the noise source can be treated as a point source in three dimensions. A relation
between pressure and distance can be established, where the sound pressure drops 6 dB
for each doubling distance away from the source. A single sound recording microphone
will give reliable and predictable results. Therefore, it is preferable to make sound level
measurements in the acoustic far field.

Figure 2.6: Example of the acoustic near field and far field. The noise source is a
harmonically vibrating plate.
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2.8.2 Sound Pressure Level
The level of sound is measured as the sound pressure level in decibel (dB) with a sound
pressure microphone [15]. The sound pressure level L is defined as

L = 10 · log
(
p̃2

p2
ref

)
(2.22)

where pref = 2 · 10−5 Pa is the reference sound pressure and p̃ is the effective pressure
that can be defined in terms of amplitude as p̃ = p̂/

√
2. The sound pressure level can

be weighted according to an A-weighting filter, see Figure 2.7, which accounts for how
the human ear responds to sound [25]. The weighted sound pressure levels are labelled as
dB(A). The A-weighting curve ranges from 20 to 20,000 Hz, which is the maximum audible
range of sound for humans. The audible frequency range can vary between individuals and
the hearing of higher frequencies is lost with age [26]. In the Figure, it can be seen how
an average human is most sensitive to sounds between 2,000 to 5,000 Hz and less sensitive
to sounds with lower or higher frequencies [27]. In the sensitive range, the volume does
not have to be as loud for the human to perceive the sound.

Figure 2.7: Displays an A-weighting curve. Data is obtained from [28].

The sound pressure level of different frequency components can be added according to

LA = 10 · log
N∑

n=1
10(Ln+∆An)/10 (2.23)

where Ln is the sound level of frequency component n and ∆An is the A-weighting from
Figure 2.7 [15].

2.8.3 Governing Equations
The acoustic wave equation describes the propagation of acoustic waves through a medium
[15]. The homogeneous linearized wave equation for sounds in fluids, called the Helmholtz
equation, is derived from the Navier-Stokes equation along with the ideal gas law and the
flow continuity equation using the following assumptions:
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(i) The medium is homogeneous and isotropic, thus it has the same properties in all
points and directions.

(ii) The medium is linear elastic, which means that Hooke’s law is valid.
(iii) The viscosity is negligible.
(iv) Heat transfer by convection is negligible and all processes are assumed to be adia-

batic.
(v) Body forces, like gravitation, are neglected. Hence, the pressure and density of the

medium are assumed to be constant.
(vi) The pressure disturbances are small, which enables linearization of equations.

This yields the homogeneous wave equation describing sound pressure evolution in a fluid
∂2p

∂t2
− c2∇2p = 0 (2.24)

where ∇2 is the Laplace operator, c is the speed of sound in the fluid and p(~x, t) is the
acoustic pressure in a certain point ~x. Any source term is added to the right-hand side
of the equation.

Wave propagation in free space due to a source F (~x, t) is modelled by the inhomogeneous
Helmholtz equation [29]. The derivation of the equation is based on the assumption that
a harmonic source F (~x, t) = F̂ (~x)e−iωt generates harmonic waves with the same frequency
of oscillations ω, as p(~x, t) = p̂(~x)e−iωt. Inserting these expressions in the wave equation
(2.24) and removing the common time-dependency yields the inhomogeneous Helmholtz
equation

∇2p̂(~x) + κ2p̂(~x) = F̂ (~x) (2.25)

where κ2 = ω2/c2 is a constant called wavenumber. The solution to the equation is
different for interior and exterior problems [29]. In interior problems, equation (2.25)
is defined in a bounded domain Ω with associated Boundary Conditions (BC), such as
Dirichlet or Neumann conditions, see Figure 2.8a. In exterior problems, such as scattering
problems, equation (2.25) is defined in an unbounded domain outside Ω, see Figure 2.8b.
In exterior problems, there is no source, F̂ = 0. Instead, the waves are generated by
inhomogeneous BCs on ∂Ω.

(a) Interior problem (b) Exterior problem

Figure 2.8: The acoustic domain. Equation (2.25) is set inside Ω in interior problems
and outside Ω in exterior problems.
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2.8.4 Numerical Methods
There exist several numerical methods for solving the Helmholtz equation. For instance,
the Finite Element Method (FEM), the Boundary Element Method (BEM) or Wave Based
Technique (WBT). Different software uses different techniques.

In FEM, the entire domain is discretized into elements and nodes. FEM is useful in interior
acoustics and lower-frequency problems [4]. For an increasing domain size or frequency,
the number of DOF will increase exponentially, making the model larger and the compu-
tational time longer. Although FEM is advantageous to use for interior acoustics, it can
also be used for exterior acoustics. Both pressure- and displacement-formulated elements
can be used to analyse acoustics. The most commonly used is pressure-formulated.

BEM is advantageous for problems with large or infinite domains, such as exterior sound
radiation [30]. In BEM, only the boundary of the domain has to be discretized. Thus,
the dimension of the problem is reduced. This means lower computational cost, less pre-
processing time and less unwanted information [31]. The partial differential equation in
equation (2.25) is re-formulated to a boundary integral equation and an integral that
relates the boundary solution to the solution at points in the domain. After solving the
boundary integral approximately through discretization, the solution at any arbitrary
point of the domain can be found.

WBT gives an exact solution inside the domain, compared to element based methods
that approximate the solution using shape functions [32]. WBT can be used to solve
high-frequency problems since the model size is not dependent on the frequency range as
it is for the element based methods. However, in WBT the boundary conditions might
be violated.

2.8.5 Coupling
In an acoustic analysis, both the vibrating source and the medium itself is considered.
The fluid and structural domains can be solved separately, or simultaneously in a Fluid-
Structure Interaction (FSI) [4]. FSI is based on the assumption that the structure and
fluid are affected by one another in a two-way coupling. Another way to solve an acoustic
analysis is by using one-way coupling, where it is assumed that only the fluid is affected
by the structure or the other way around [33]. In this solution method, the analysis is
either done on the structure or the fluid first and then the results are given as an input in
the other analysis. Solving the problem with one-way coupling reduces the problem and is
faster while FSI will give a more accurate result [34]. For both FSI and one-way coupling,
the interface between the fluid and structure has to be defined since this is where the
information is shared between the different domains. To decide which solution method
to be used, the coupling coefficient α can be computed at a certain angular frequency
ω = 2πf as

α = cρfluid

ωdρsolid

= cρfluid

2πfdρsolid

(2.26)

where ρfluid and c are the density and speed of sound of the fluid, while ρsolid and d are
the density and the effective thickness of the solid [33]. If the coupling coefficient is less
than one, one-way coupling can be assumed. Otherwise, FSI should be used.

17



CHALMERS, Mechanics and Maritime Sciences, Master’s Thesis 2020:24

18



3. Method
In this chapter, the method that was used to simulate exterior sound radiation from the
TES system is described. First, a structural FE-model of the system was created, which
modal and harmonic analyses were executed on. The modal Finite Element Analysis
(FEA) gave information regarding placements of accelerometers for the EMA. When the
EMA had been performed, the measured data were processed to obtain a structural
damping that could be used in the FE-model of the structure. An exterior acoustic
simulation could then be computed using the structural vibrations from the harmonic
FEA as a BC to generate sound pressure waves in the acoustic domain.

3.1 Structural FE-Model
Existing models of the TES system and its components were supplied by Azelio. These
were modified in Ansa and Ansys Mechanical APDL to create a FE-model of the TES
system. Some existing parts were modified, such as removing the small radius at plate
corners to enable a larger element size. Parts that were assumed to neither contribute
with stiffness nor radiate sound were excluded, such as the ventilation shaft and the case
of the PCS. Some parts were added, for instance, door hinges and locking mechanisms to
get a more realistic response of the doors. The structural FE-model can be seen in Figure
3.1. The container stands on ten levelling blocks. The distance between each block can
be seen in Figure 1.2. The associated nodes on the bottom of the container floor in the
structural FE-model were fixed in all six DOF.

Figure 3.1: The illustration shows the structural FE-model of the TES system.

The model consists of about 700,000 DOF and is constructed with roughly 110,000 ele-
ments of six different types: shell, mass, beam, spring-damper, target and contact ele-
ments. The model is mainly constructed with first-order shell elements. The size of the
elements is controlled by the frequency of the structural vibrations. It is recommended
to use six to ten elements per wavelength to resolve a wave, with the shortest wavelength
λmin governing the element size [35]. According to equation (2.21) in Section 2.8, the
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highest frequency has the shortest wavelength, whereby

λmin = c

fmax

= 343.24
2.5 · 100 ≈ 137 cm (3.1)

The speed of sound in air c, was obtained from Table 1.1. The maximum frequency fmax

is 100 Hz and corresponds to the third engine order at 2,000 rpm, see Table 1.2. The
FE-model will be used in a harmonic analysis using mode-superposition. As mentioned
in Section 2.4.1, that requires eigenmodes and frequencies up to 2.5 times the maximum
exciting frequency. Therefore, fmax was multiplied with 2.5. The maximum allowed
element size le was computed using nine elements per wavelength Ne,w as

le = λmin

Ne,w

= 137
9 ≈ 15 cm (3.2)

This element size was used for the majority of the model. The existing model of the PCS
had a finer mesh of 2 cm elements, which was kept due to its complex geometry that a
coarser mesh would not be able to capture.

Mass elements were created in the Centre of Gravity (COG) of several parts that were
assumed to act as rigid bodies. The location and weight of the mass elements can be seen
in Figure 3.2. Since the acoustic analysis will be limited to only consider the vibrations
from one Stirling engine, only one PCS was modelled. Its corresponding TES unit was
modelled as filled and the other one as empty.

Figure 3.2: Location and weight of the mass elements used in the structural FE-model.
An empty TES unit weighs 1,500 kg while a filled weighs 6,000 kg.

The mass elements used on the corner castings were connected to the system with rigid
connections. The rest of the mass elements were connected to the structure using mass-
less beam elements. Beams were also used to model screws, screw holes, hinges and door
locks. Moreover, the point in which the free mass loads acts, see Figure 1.4, was connected
to the PCS with beam elements.

Spring-damper elements were utilized to model the engine mounts and the attachment of
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the cooler to the PCS. The stiffness of the cooler attachment had already been defined as
750 kN/m in the existing model of the frame and was not changed. The engine mounts
were modelled with both stiffness and damping. The stiffness was set to 1,900 kN/m based
on data from the supplier, see Section 1.1, and the viscous damping v was estimated from
equation (2.18) as

v = 2ζk
ωmean

= 2ζk
2πfmean

= 2 · 0.15 · 1.9 · 106

2 · π · 60.4 ≈ 1, 503 kg/s (3.3)

where the damping ratio ζ was assumed to be 15 % and the mean excitation frequency
fmean is 60.4 Hz, see Table 1.2. A damping ratio of 15 % was chosen since that is what
Schiavi and Prato obtained in a resonant frequency response test for rubber of 66 shore-A
hardness [36], which is close to the 70 shore-A hardness of the engine mounts.

Contact between parts was modelled with the Augmented Lagrangian method1 as sliding
or bonded, edge-to-face or face-to-face contacts. The sliding contact was chosen on parts
that are not connected but are in contact and the bonded contact was used on parts
that were screwed or welded together. In contacts between two faces, the two surfaces
form a contact pair. One surface is constructed with target elements and the other with
contact elements. The pairs are in contact if a certain sphere radius, centred around the
integration point of the contact element, is within the target surface. The size of the
region is directly influencing the computational cost. Therefore, in the majority of the
contacts, a radius of 2 cm was used. Because of this, two integration points were used for
all elements to be able to detect face-to-face contacts for pairs where the elements almost
did not align.

The whole TES system, except the plywood container floor, was modelled with steel using
the material data in Table 1.1. Since all parts of the PCS were not included in the model,
the density of the engine frame was modified from 7,800 to 12,350 kg/m2 to get a total
mass of 650 kg, which corresponds to its actual weight mentioned in Section 1.1. The
bottom plate of the engine frame is in reality grating but was modelled with sheet metal.
To account for the lower mass of grating, the density was set to one-third of the density
of steel.

3.2 Modal Analysis
A modal analysis of the TES system was performed in Ansys Mechanical APDL, where
the damping and any nonlinearities, such as plasticity or contact elements were ignored.
The software offers four methods to solve the symmetric eigenvalue problem; the Block
Lanczos Method, the Preconditioned Conjugate Gradients (PCG) Lanczos Method, the
Supernode Method and the Subspace Method [38]. Different methods are to be used for
different problems. To decide which eigensolver to use, an efficiency test was performed.
The results can be seen in Figure 3.3. From the Figure, it can be seen that the Block
Lanczos method and the Subspace method are most efficient, independently of the number
of modes that were extracted. However, the Subspace method works best for well-shaped
elements, which the model does not necessarily consist of [39]. Therefore, Block Lanczos

1Augmented Lagrangian method solves constrained problems, such as contact, by replacing it with
unconstrained problems and adding a Lagrangian multiplier estimate at each iteration [37].
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method was chosen.

Figure 3.3: The computational time for different eigensolver methods.

After selecting an eigensolver, 897 mode shapes and natural frequencies were extracted to
get modes ranging up to 2.5 times the maximum exciting frequency of 100 Hz, see Table
1.2. This gave modes ranging from 0 to 250 Hz. The results from the modal analysis are
required as input for the mode-superposition harmonic analysis. Furthermore, the results
could be used to decide where to place the motion transducers on the TES system in the
EMA.

3.3 EMA of the TES System
EMA can be divided into three constituent parts; test planning, frequency response meas-
urement and parameter identification through signal processing. An EMA was executed
to investigate the dynamic behaviour of the TES system, intending to extract informa-
tion regarding the structural damping and the vibration isolation properties of the engine
mounts2. Furthermore, to validate the structural FE-model in terms of dynamic response.

3.3.1 Test Planning
A test plan was constructed to save time during the test day and to increase the possibility
of obtaining a successful result. The preparation involved several steps: choosing an
excitation method and a motion transducer, testing the equipment and finding locations
to measure the response.

Various methods can be used to excite the system. For this test, the impact hammer was
chosen to ensure that enough data could be collected without largely affecting the quality
of the result. The hammer can be seen in Figure 3.4a. A second option was to use the
snap-back test if the hammer would not give enough response. This was not chosen as
the preferred method since it would be difficult to find an excitation point on the TES

2Vibration isolation mounts reduce the transmission of vibration, they do not necessarily damp the
vibrations.
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system to perform this test. It would take more time to repeat the test compared to the
hammer test and more equipment, such as a pulley, would be needed to be able to excite
the TES system horizontally. The shaker test was not considered due to the size of the
structure and since the available equipment for this test was cumbersome and inadequate.

Accelerometers were chosen to measure the response in various points on the TES system.
Both uniaxial and triaxial accelerometers were available. Considering that the TES system
mainly consists of large panels whose response will be normal to the surface, uniaxial
accelerometers were chosen. A picture of a uniaxial accelerometer can be seen in Figure
3.4b. Furthermore, the signal from the accelerometers and the actuator was processed
using a DAQ system with four channels, see Figure 3.4c. This means that three uniaxial
accelerometers can be used to measure the response in each configuration, compared to one
triaxial accelerometer that would take up three out of four channels. The accelerometers
will be attached using beeswax. If that is not enough, the attachment will be supplemented
with electrical tape.

(a) Impact hammer (b) Accelerometer & cable (c) DAQ system

Figure 3.4: Some of the test equipment used in an impact hammer test.

The equipment required to perform an impact hammer test was borrowed from Chalmers
University of Technology and consists of:

• Hammer with an attached weight
• Three uniaxial accelerometers
• DAQ system with four channels
• Computer with DAQ toolbox in Matlab
• Extension cables
• Beeswax
• Electrical tape

As can be seen in Figure 3.4a, the available hammer is rather small. Because it was
uncertain if the impact hammer would be enough to excite the system, equipment for
performing a snap-back test would also be brought at the test day.
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3.3.1.1 Trial EMA

A trial EMA was performed at Chalmers University of Technology prior to the test to
get familiar with the equipment to be used and to construct a test procedure. Both
the impact hammer test and the snap-back test were executed on a spring attached to
the ceiling with rubber bands. This test object was chosen since its dynamic behaviour
was known, even though it differs from the TES system. Therefore, the test execution,
equipment and signal processing could be validated.

3.3.1.2 Test Plan

With the purpose of the experiment in mind, a test plan was prepared based on the trial
EMA and results from the modal FEA. The EMA would consist of three sub-tests: a
vibration isolation test, a structural response test and a direct mobility test.

A vibration isolation test would be done on the rubber engine mounts to get information
regarding their vibration isolation properties. The characteristics of the mounts are of
interest since they play an important role in the dynamic behaviour of the system and
since no information could be obtained from the manufacturer. In a vibration isolation
test, the response is measured on the source and receiver side of the insulator, which
corresponds to the upper and lower side of the engine mount [15]. The engine mount is
excited on the source side, where the engine is mounted. An illustration of the vibration
isolation test of an engine mount can be seen in Figure 3.5. The difference in response
between the source and receiver gives information regarding the isolating properties of
the mount.

Figure 3.5: The figure illustrates a vibration isolation test of an engine mount. The
response is measured at the source and receiver side of the engine mount. The excitation
is on the source side.

The structural response test would aim at extracting a global structural damping that
can be used in the structural FE-model. Also, the results will be compared to FEA to
validate the structural FE-model. In the structural response test, the system is excited
near the vibrating source, in this case the Stirling engine, and the response is measured
in multiple points on the structure. Therefore, it was necessary to prepare a proposal
of where to place the accelerometers. The proposal was constructed based on the modal
FEA. Points that were moving a lot, close to the Stirling engine, and in many modes
were chosen as candidates. These can be seen in Figure 3.6. The corner of the container
was chosen as a control point since it is very stiff and should not move when the TES
system is excited. No points on the roof were chosen, even though many modes could be
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detected there, because of difficulties in getting the correct equipment to safely measure
the response there.

Figure 3.6: A proposal of where to place the accelerometers in the structural response
test.

In a direct mobility test, the impact force and the structural response is measured in
the same point [40]. The direct mobility test would be performed to obtain information
regarding an individual damping of parts that have isolated modes. An isolated mode is a
mode where a single part moves, independently, without affecting the rest of the system.
Therefore, it was of interest to identify isolated modes in the TES system prior to the
test. In the modal FEA, such modes were identified at the front wall of the container and
the engine frame, see Figure 3.7. The accelerometer would be placed at the bottom of
the engine frame, a place that could be accessed in reality, and at the middle of the front
wall.

Figure 3.7: The orange dots shows a proposal of where to place the accelerometers in
the direct mobility test. There are isolated modes on the engine frame and at the front
wall.

3.3.2 Frequency Response Measurements
The EMA was performed at Azelio’s test plant in Åmål on April 22, 2020. It was sunny
weather throughout the day and wind speeds around 2 to 4 m/s. The test plant was
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not completely shut off. One of the TES units was filled with melted aluminium and
pumps were working on the other one. As described in the test plan, the EMA contained
three sub-tests: a vibration isolation test, a structural response test and a direct mobility
test. All tests were performed with and impact hammer, using the equipment that was
specified in Section 3.3.1. The accelerometers were attached using both beeswax and
electrical tape.

The toolbox abraDAQ was used for data acquisition in Matlab. Data was gathered in a
frequency range from 5 to 300 Hz, using a sample rate of 20 kHz, to be able to catch at
least the response for the modes that are of interest when the PCS is operating. Initially,
a sample time of 10 s was used but it was lowered to 5 s since it was found that the system
is strongly damped. Data from five impacts with the hammer were averaged to reduce
noise and get clearer response. The time history and frequency response data from each
measurement was saved for doing a state-space identification at a later moment.

The same documentation procedure was used in all sub-tests. The location of excitation
and response points were documented in an excel-file after measuring the coordinates
from a nearby reference point. Pictures were taken of each test-configuration showing the
placement of the accelerometers and their coordinates, that were written on a post-it.

The vibration isolation test began with finding excitation points on the source side of one
of the engine mounts. This was done by checking if the excitation point was accessible so
that a sufficiently large excitation force could be used. It was difficult to find an excitation
point in the x-direction, therefore, only an excitation point in z-direction was used. The
location of the point can be seen in Figure 3.8b. However, the response was still measured
in both the x- and z-direction by attaching one accelerometer on each side of the engine
mount. Pictures of the two configurations can be seen in Figure 3.8. Only one engine
mount was tested since it was difficult to access the others.

(a) Response in z-direction (b) Response in x-direction

Figure 3.8: Configurations of the vibration isolation test of the engine mounts with an
excitation in the z-direction. The red arrows show the direction of the measured response.

In the structural response test, excitation points were found in both the x- and z-direction
in a similar way as in the vibration isolation test. Accessible points on the engine frame
where a sufficiently large force could be applied were considered. The excitation points

26



CHALMERS, Mechanics and Maritime Sciences, Master’s Thesis 2020:24

found can be seen in Figure 3.9.

Figure 3.9: The TES system was excited in the x- and z-direction on the engine frame
in the structural response test. The red arrows show the direction of excitation.

Initially, it was intended to test which location on a part that would give the best response
by performing a direct mobility test. However, it was difficult to motivate which point
would give the best response when the TES system would be excited at the engine frame
instead, so this test was not performed. Therefore, the locations were arbitrarily chosen on
the parts that were proposed to be measured in the test plan. Four different configurations
of accelerometer placements were tested with the response being measured in a total of
nine points, which are shown in Figure 3.10. In all configurations, one accelerometer was
placed in point 3 to be able to compare the configurations.

Figure 3.10: The Figure shows the sensor placement numbers in the structural response
test. The response was measured in a total of nine points and the red arrows show in what
direction the response was measured in each point.
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One direct mobility test was performed on the engine frame. The sensor was placed in
point 7 in Figure 3.10 and the structure was excited 1 cm from the accelerometer, as can
be seen in Figure 3.11. In the test plan, it was also suggested to perform a test on the
front wall of the container. This test was excluded since there were parts attached to the
wall that were not included in the structural FE-model, such as ventilation. Thus, it was
uncertain whether the front wall had isolated modes or not.

Figure 3.11: The set-up for the direct mobility test, which was performed at the bottom
corner of the engine frame, corresponding to point 5 in Figure 3.10. The TES system was
excited in the y-direction, close to the accelerometer.

3.3.3 Signal Processing
The signal processing was done in Matlab. The test data had already been processed in
the sense that the response from the five impacts with the hammer had been averaged
in abraDAQ. This reduced the noise and made it easier to distinguish the structural
response. The processing was done using data from one of the structural response tests.
The configuration that was most representative of how the TES system behaves, had
the least amount of noise and most distinct peaks was chosen. This was when the TES
system was excited in the x-direction and the response was measured on the panel and
the container corner, corresponding to point 2, 3 and 4 in Figure 3.10. The signal from
the accelerometer on the container corner was not included in the estimation since this
was merely used as a control point.

From the data set, a State-Space Model (SSM) was estimated using the state-space iden-
tification toolbox in Matlab. In the estimation, the order of the mathematical model had
to be chosen. The order corresponds to half the number of natural frequencies that are
captured in the measurement. It can be estimated by the number of peaks that can be
identified in the stability chart in Figure 3.12. Moreover, it can be estimated from the
curve fitting plot. A model order of 36 was selected for when the red and blue dots in the
curve fitting plot have a similar value. The red dots correspond to the Norm of Square
Error (NRMSE) and the blue dots corresponds to the Frequency Response Assurance
Criterion (FRAC). In addition, this plot displays the correlation between EMA and SSM
at a certain order. In this case, the FRAC correlation is about 35 %.
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Figure 3.12: The stability and fit chart from the state-space identification that was done
in Matlab.

After identifying a SSM, the modal damping of each identified mode was computed using
the half power bandwidth method, described in Section 2.6. Each part of a structure
will have different modal dampings, that can be difficult to obtain for a complex system.
Therefore, the assumption that the whole TES system will have a global damping was
made. To get a global damping, the modal damping from the SSM had to be averaged
between the natural frequencies of 10 to 150 Hz. This span was chosen since frequencies
below 10 Hz were considered to be noise and above 150 Hz were out of interest since
the highest excitation frequency of the TES system goes to 100 Hz, see Table 1.2. Eight
modal dampings could be found between 10 to 150 Hz, seen in Figure 3.13. Looking at
the Figure, three values are outliers and were not included in the averaging since they
are much bigger than the rest and are considered to be noise response. The averaged
damping became 1.63 %. The global damping in the structural FE-model was assigned
to this value to be able to compare the FEA with the EMA and the SSM. The global
damping of 1.63 % is close to the value Fukuwa, Nishizaka, Yagi et al. obtained in their
measurements [41]. They executed several tests on a steel-framed building to find out the
damping ratio. In the measurements, the damping ratio varied between 1.75 to 3.64 %
with a median of 2.2 %.

No further processing of the data from the vibration isolation tests or the direct mobility
test was performed. The reason for this will be discussed further in Section 5.2.

3.3.4 Simulated EMA
To be able to compare the results from the EMA and FEA, a harmonic analysis was
performed. In the harmonic analysis, the structural FE-model was excited with a unit
load in either the x- or z-direction to mimic the excitation in the EMA. A unit load was
chosen since the response from EMA is normalized against the load. The response was
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Figure 3.13: Plot of modal damping values obtained from the SSM. Three values are
outliers and were not included for computing the global damping.

sampled at each frequency up to 150 Hz, which meant that modes had to be solved up to
2.5 · 150 = 375 Hz in the modal analysis. This happened when 1349 modes were solved.
The location of the excitation and response points were close to the locations used in the
EMA, see Figure 3.9 and 3.10, respectively. The locations in the structural FE-model was
selected on nodes, which positions were constrained by the element size. Therefore, there
was a slight difference between the locations in the FEA and EMA.

From the response points, the output was given as the displacement that was written
to a text file. The amplitude of the acceleration ¨̂qn at each frequency fn could be com-
puted through time differentiating the amplitude of the displacement q̂n in equation 2.9
in Matlab as

¨̂qn = (iωn)2q̂n = −(2πfn)2q̂n n = 1, 2, ..., 150 (3.4)
to be able to compare the output from the EMA.

3.4 Exterior Acoustics
An acoustic FEA of the exterior sound radiated from the TES system was performed in
Ansys Mechanical APDL. Sound radiates from the system due to structural vibrations
caused by the Stirling engine. To verify that it is one-way coupling between the structure
and fluid so that the surrounding air does not influence the system, the coupling coefficient
α was computed using equation (2.26), as

α = cρfluid

2πfmindmeanρsolid

= 343.24 · 1.2041
2 · π · 20.83 · 0.003 · 7, 800 = 0.13 (3.5)

using the properties of air and steel from Table 1.1, the minimum frequency fmin seen in
Table 1.2 and the average effective thickness of the system dmean, which is about 3 mm.
Since α is less than one, the coupling is one-way.

The structural vibrations due to the free mass engine loads were computed in a harmonic
analysis of the TES system. The structural vibrations were then used to generate sound
waves in an acoustic analysis of the surrounding air, where the sound pressure level in
a region around the system was determined. The size of the region, called the acoustic
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domain, depends on where the sound level should be predicted.

3.4.1 Specification of Domain Size & Sound Level
Azelio has developed a preliminary sound level requirement on the TES system, but it
has not yet been established and may change. The requirement is that the noise from one
Stirling engine shall not exceed 70 dB at 25 m in a free field at 1.7 m above a flat ground.
They have also specified that the noise from the system should be measured according
to the international standard ISO 3744:2010. Because of the uncertainties in the internal
noise level requirement, the size of the acoustic domain was determined based on ISO
3744:2010. This standard was also used because it gave a shorter distance than 25 m,
which saves computational time.

The International Standard ISO 3744:2010 specifies various methods for measuring the
A-weighted sound pressure levels of different noise sources, such as machinery [42]. The
sound level is measured over a hypothetical measurement surface enclosing the source. The
measurement surface can for instance have the shape of a hemisphere, a parallelepiped
or a cylinder. The shape depends on the source. For the TES system, a hemisphere with
one reflecting plane, representing the ground was chosen. The measurement radius rmeas

of the hemisphere was computed to be twice as large as the distance from the origin to
the farthest corner of the structure d0

d0 =

√√√√( l1
2

)2

+
(
l2
2

)2

+ l23 =

√√√√(2.42
2

)2

+
(

12.18
2

)2

+ 2.872 = 6.89 m (3.6)

rmeas = 2 · d0 = 13.78 m (3.7)

where l1, l2 and l3 are the dimensions of the TES system that can be seen in Figure 3.14a
along with d0.

The measurement points are located 1.5 m and 0.75 · rmeas = 10.3 m above the ground
every 45o, see Figure 3.14b. However, 10.3 m is not of interest since it is mainly the sound
during maintenance or surveillance of the TES system that should be predicted.

(a) Dimensions of the TES system (b) Acoustic domain of measurement

Figure 3.14: Dimensions of the TES system and the acoustic free field computed from
ISO 3744:2010(E) [42].
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ISO 3744:2010 does not specify any requirements regarding sound level. To get an A-
weighted sound level requirement, noise regulations from AFS 2005:16 was used. In AFS
2005:16, regulations to noise exposure at work are stated. During daily noise exposure
for 8 h, the sound level is allowed to be up to 85 dB(A) [43].

3.4.2 Fluid FE-Model
To solve the exterior acoustics problem, a numerical model of the air surrounding the sys-
tem had to be created. The air is a fluid domain that can be constructed as a hemisphere
volume that encloses the TES system, see Figure 3.14b. This volume was created in Ansa,
by first filling bigger openings on the structural FE-model to get a closed volume to be
able to do a wrap mesh. By wrapping the TES system, a radiation interface between the
fluid and the structure is created. After that, a shell hemisphere was created. The radius
of the hemisphere was chosen to be 15.8 m since for this size, the sound can be measured
from a distance of rmeas = 13.78 m, see equation (3.7), without the measurement points
being located on the boundary.

To reduce the size of the model, the volume was decreased by making multiple cuts. The
hemisphere was cut at 7 m above ground since the radiation above this height is not
of interest for evaluating sound levels during maintenance of the operating TES system.
Furthermore, only a quarter of the model was analysed by cutting the volume in planes
normal to the x- and y-axis where symmetry was assumed, even though the structure is
not symmetric. The final acoustic volume can be seen in Figure 3.15.

Figure 3.15: The acoustic domain for which symmetry, rigid wall and absorbing BC
were applied.

The volume was discretized with tetrahedral fluid elements without Fluid-Structure In-
teraction (FSI). The model consists of 6,000 DOF and 27,000 volume elements. The
elements were given the properties of air that are listed in Table 1.1. The element size
was chosen with respect to equation (2.21) where the minimum wavelength λmin for a
maximum frequency fmax of 100 Hz, see Table 1.2, is

λmin = c

fmax

= 343.24
100 ≈ 343 cm (3.8)

For linear fluid elements constructed in Ansys, it is recommended to use twelve elements
to resolve the minimum wavelength Ne,w [4]. This was used at the interface, le,in, while
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the outer boundary le,out had four elements per minimum wavelength.

le,in = λmin

Ne,w

= 343
12 = 28.6 cm, le,out = λmin

Ne,w

= 343
4 = 85.6 cm (3.9)

The element size increased gradually through the domain, from 25 cm at the interface to
75 cm at the outer boundary, to save computational time.

In Section 1.1 it was mentioned that the levelling blocks that are placed on concrete.
Therefore, the ground was assumed to reflect sound waves and a rigid wall (Neumann)
BC was applied. The outer boundary was modelled to absorb pressure waves since the
acoustic domain has to be treated as an infinite exterior boundary [44]. In Ansys Mechan-
ical APDL, there are three ways of modelling a wave-absorbing condition: using an Infinite
Radiation Boundary (IRB), Artificially Matched Layers (AML) or Absorbing Boundary
Elements (ABE). For IRB, pressure waves that are normal to the boundary are absorbed
while waves that strike the boundary at an angle will reflect into the domain [45]. Also, if
the radiation boundary is too close to the structure, numerical errors may occur. There-
fore, it is more accurate to use AML or ABE since these element types can absorb the
wave without any reflection. Both AML and ABE are dependent on the geometry of the
enclosure. For AML, elements have to be located inside a cubic or convex enclosure [46],
while ABEs have to be located in a spherical enclosure that is centred at the origin [44].
Due to the enclosure restrictions of AML and ABE, IRB was chosen. The boundary is
far from the TES system, therefore, no numerical errors should occur.

3.4.3 Structural Harmonic Analysis
A harmonic response analysis was performed using the mode-superposition method on the
structural FE-model to compute the structural vibrations that arise due to the free mass
loads of the Stirling engine. The mode-superposition method was used since this method
is faster to use compared to the full method when performing a harmonic analysis, see
Section 2.4.

The TES system was excited with the free mass loads in the point representing the centre
point between the main bearings in the Stirling engine, see Figure 1.4. The free mass
loads can be found in Appendix A. The frequency domain representation of the free mass
loads was given at four discrete engine speeds ranging from 1,250 to 2,000 rpm, for three
engine orders. Each load has a different magnitude and phase. To account for the phase
offset between loads of different engine orders, they were added on complex form with a
real FRe and imaginary FIm part, as

FRe = F0 cos(ϕ) FIm = F0 sin(ϕ) (3.10)

where F0 represents the magnitude and ϕ the phase.

The three engine orders were solved separately in three different load steps. The structural
response of the four discrete engine speeds was computed at each load step with the
frequency ranging from: 20.83 Hz to 33.33 Hz for the first engine order, 41.67 to 66.67
Hz for the second engine order and between 62.5 to 100 Hz for the third engine order. At
the engine speed 2,000 rpm, the second and third engine order frequency range overlap.
Therefore, the analysis for 2,000 rpm was solved in a separate analysis.
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After solving the harmonic analysis, a set of nodes on a fourth of the outer surface of
the structural FE-model was selected. It was the same fourth that was modelled in the
Fluid FE-model, see Figure 3.15. The accelerations of the selected nodes were written to
an asi-file at the discrete engine speeds for each engine order. The asi-file is specifically
created to be used in one-way coupling at the interface between the structure and the
fluid [47].

To get the total structural response at certain engine speeds, the contribution from each
engine order was added in Meta using the superposition principle, see equation 2.11.

3.4.4 Acoustic Analysis
To perform the acoustic exterior analysis, the structural vibration results from the har-
monic response analysis were mapped on to the fluid FE-model by reading the asi-file.
The structural vibrations were used as a BC at the interface of the fluid. Thereafter, a
harmonic acoustic analysis could be performed. The analysis was executed with three
load steps in a similar way to the structural one, with the exception that Ansys Mechan-
ical APDL chose the solution method. Therefore, a full harmonic analysis was performed
instead of using the mode-superposition method.

The sound pressure in the measurement points seen in Figure 3.16, were of interest. To
obtain the result for these, a text file of the pressure at these points was written. The
pressure was given for the first, second and third engine order at the discrete engine speeds.
From the pressure, the A-weighted sound pressure level could be computed in Matlab
using equation (4.4) and by adding the corresponding A-weight at a certain frequency.
The total A-weighted sound pressure level was obtained by using equation (2.23).

Figure 3.16: Three different measurement points used for sound evaluation in the far
field acoustic domain. The measurement points are obtained by using the method described
in ISO 3744:2010(E).

To get the total sound pressure difference in the acoustic domain at discrete engine speeds,
the result from each engine order were used to compute an effective pressure in Meta. The
effective pressure was calculated as the RMS-value of the maximum pressure difference
pmax of each of the three engine orders

p̃ =
√

1
3(p2

max,eo1 + p2
max,eo2 + p2

max,eo3) (3.11)
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4. Results
In the following sections, the results from the different analyses are presented.

4.1 Modal Finite Element Analysis
In the modal FEA, 897 modes were found in the frequency range up to 250 Hz. The
number of modes is plotted versus frequency in Figure 4.1. The curve shows that the
number of modes increases with the frequency. The modes shapes are complex in the
sense that many parts in the system are moving and not in a clear pattern of moving
just in or out of phase. Because of this, no general results from the modal FEA will be
presented. Mode shapes from the modal analysis will only be presented in connection
with the results of the acoustic analysis.

Figure 4.1: Plot of number of modes versus frequency for the numerical TES system.

4.2 Structural Response from EMA, SSM & FEA
An EMA was performed, from which a SSM was estimated with data from one of the
structural response test configurations. For the chosen configuration, the accelerometers
were placed on the container panel, corresponding to point 3 and 4 in Figure 3.10. The
excitation was a unit load excited in the x-direction. In Figure 4.2, EMA, SSM and FEA’s
frequency response functions are shown. In the Figures, it can be seen how the SSM does
not catch all of the peaks. The difference between the EMA and SSM is the largest for
the lower frequencies. Moreover, the FEA response differs from the EMA and the SSM
in both points. The FEA curve is offset to the left in both cases. Furthermore, the
magnitude is higher for the EMA and SSM compared to the numerical results, especially
at the lower frequencies.
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Figure 4.2: Magnitude of the frequency response functions from EMA, SSM and FEA.
The transfer functions are all from a unit-load in the x-direction to response point 3 and
4 located on one of the panels on the container, see Figure 3.10.

4.3 Acoustic Analysis
The results from the acoustic analysis of the exterior sound radiating from the TES system
is presented in this section. The structural vibration results from the harmonic analysis
of the TES system and the related exterior sound level results are shown. Lastly, the
discretized results at the engine speed where the most sound is radiated are presented.
The vibration arises due to the free mass loads. Other parts of the system that can induce
vibrations are not included in the results.

4.3.1 Structural Vibrations
The total structural response was computed through the superposition principle at the
four discrete engine speeds ranging from 1,250 to 2,000 rpm. The global maximum dis-
placement of all angles at each discrete engine speed can be found in Table 4.1. The
maximum displacement near the PCS is displayed at each engine speed in Figure 4.3 and
Figure 4.4. At all analysed speeds, the vibrations are concentrated to the engine frame
and the area around it. The results show that the system vibrates most at 2,000 rpm
out of the speeds. Furthermore, it can be seen in Figure 4.4b that the hatches on the
container vibrate more at 2,000 rpm than at the other speeds. At engine speed 1,750 rpm,
the engine frame has the most deformation out of the speeds, see Figure 4.4a.

Table 4.1: Global maximum displacement of the total structural response at each ana-
lysed engine speed.

Engine speed [rpm] 1,250 1,500 1,750 2,000
Maximum displacement [mm] 0.16 0.08 0.26 0.32
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(a) 1,250 rpm (b) 1,500 rpm

Figure 4.3: The maximum displacement of all angles of the total structural response.

(a) 1,750 rpm (b) 2,000 rpm

Figure 4.4: The maximum displacement of all angles of the total structural response.

4.3.2 Exterior Sound
The exterior sound radiates, due to the structural vibrations presented in the previous
section. To get the total pressure difference, the effective pressure was computed. The
results are shown in Figure 4.5 and Figure 4.6. The figures display a cross section of the
acoustic domain 1.5 m above the ground. The contour plot shows the maximum pressure
difference from the atmospheric pressure when the Stirling engine is operating between
1,250 and 2,000 rpm. In Table 4.2, the global maximum value at each speed can be found.
The pressure difference is greatest when the engine is running at 1,750 and 2,000 rpm and
the least at 1,250 and 1,500 rpm. At all analysed speeds, the pressure difference is largest
around the engine frame. In the structural results in Figure 4.4b, it can be seen how the
hatches to the right of the engine frame vibrate. Comparing the structural results to the
corresponding acoustic results in Figure 4.6b, the pressure difference is large to the right
of the engine frame where the hatches are located. By comparing the results, the relation
between the structure and the fluid can be seen.
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Table 4.2: Global maximum pressure difference of the total acoustic result at the analysed
engine speeds.

Engine speed [rpm] 1,250 1,500 1,750 2,000
Maximum pressure [Pa] 0.73 1.08 2.51 2.31

(a) 1,250 rpm (b) 1,500 rpm

Figure 4.5: A cross section shown from 1.5 m above the ground displaying the maximum
pressure difference of all angles from the atmospheric pressure of the acoustic domain.

(a) 1,750 rpm (b) 2,000 rpm

Figure 4.6: A cross section shown from 1.5 m above the ground displaying the maximum
pressure difference of all angles from the atmospheric pressure of the acoustic domain.

In Table 4.3 the total A-weighted sound pressure levels are listed at each engine speed for
three points, which location can be found in Figure 3.16. The sound is highest for engine
speed 1,750 rpm with 2,000 rpm being slightly lower. The maximum A-weighted sound
pressure level is 53.69 dB(A) and is obtained at the measurement point located at 90o.

Table 4.3: The total A-weighted sound pressure response for each engine speed calculated
in the measurements points seen in Figure 3.16.

A-weighted sound
pressure level [dB(A)]

0o 45o 90o

1,250 rpm 42.36 36.23 27.94
1,500 rpm 40.45 33.16 35.98
1,750 rpm 49.38 53.24 53.69
2,000 rpm 48.71 49.90 46.23
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4.3.3 Discretized Results at Engine Speed 1,750 rpm
The results from each engine order when the Stirling engine is operating at 1,750 rpm
are presented in this section. The results were discretized at 1,750 rpm since the largest
A-weighted sound pressure level was obtained at this speed, see Table 4.3.

The discretized structural response at engine speed 1,750 rpm is shown in Figure 4.7. The
maximum displacement is largest for the first engine order, with a value of 0.31 mm. The
second and third engine order has a global maximum displacement of 0.13 and 0.005 mm,
respectively.

(a) Order 1 (b) Order 2 (c) Order 3

Figure 4.7: The maximum displacement of all angles at engine speed 1,750 rpm.

Figure 4.8 shows the maximum pressure difference from the atmospheric pressure of all
angles for each engine order when the engine is operating at 1,750 rpm. The global
maximum pressure difference is 1.59, 4.29 and 0.18 Pa for the first, second and third
engine order, respectively. The pressure difference is largest for the second engine order
while the third engine order is much smaller.

(a) Order 1 (b) Order 2 (c) Order 3

Figure 4.8: A cross section shown 1.5 m above the ground displaying the maximum
pressure difference of all angles from the atmospheric pressure of the acoustic domain.

The A-weighted sound pressure level at the engine speed 1,750 rpm was calculated for
each engine order at the three measurement points. The results are listed in Table 4.4.
The location of the points can be seen in Figure 3.16. The sound is highest around 90o,
with the largest contribution coming from engine order two. This can be seen by looking
at Figure 4.8b, where the pressure difference is larger at the 90o point, located along the
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vertical axis compared to the 0o point, located along the horizontal axis. Since the sound
pressure level is A-weighted, the contribution from engine order three is larger than what
would be expected when looking at the pressure difference that can be seen in Figure
4.8c. This is because the frequency is larger for engine order three and, therefore, is in a
more sensitive hearing range compared to engine order one and two.

Table 4.4: The A-weighted sound pressure response at engine speed 1,750 rpm calcu-
lated in the measurements points seen in Figure 3.16. The 0o point is located along the
horizontal axis in Figure 4.8, and the angle is measured counterclockwise.

A-weighted sound
pressure level [dB(A)]

0o 45o 90o

Order 1 30.43 19.43 35.61
Order 2 49.26 53.21 53.61
Order 3 31.50 29.59 27.39
Total 49.38 53.24 53.69

Since the highest sound pressure level was identified for the first and second engine order,
the modes around the corresponding frequencies were analysed to give information about
which modes might be active in the harmonic analysis. These are called critical modes.
Table 4.5 and 4.6 presents all identified modes near 29.2 and 58.3 Hz, which corresponds
to the first and second engine order at 1,750 rpm. Modes that were 2 Hz above and below
29.2 and 58.3 Hz were studied. For the first engine order, ten modes were found in this
frequency range while 14 modes were found at the second engine order. The mode shapes
of the TES system are complex and hard to describe. Therefore, the tables in which the
modes are presented only contains information about the parts that move the most. Some
modes are defined as global since nearly all parts are moving, none more than the other.

Table 4.5: Identified modes near 29.2 Hz, corresponding to engine order one at engine
speed 1,750 rpm. The mode shapes are complex and thus no simple description of these
can be given. For this reason are only the moving parts that were identified specified.
Mode Frequency [Hz] Moving Parts
29 27.50 Roof (rear)
30 27.96 Roof (rear)
31 28.04 Rear doors
32 29.11 Global mode
33 29.42 Engine frame, side doors, roof, hatches
34 29.51 Engine frame, side doors, roof
35 29.60 Engine frame, side doors, roof, hatches (see Figure 4.10)
36 30.04 Side doors, roof, hatches
37 30.20 Side doors, roof, hatches
38 30.77 Global mode (middle)
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Table 4.6: Identified modes near 58.3 Hz, corresponding to engine order two at 1,750
rpm.

Mode Frequency [Hz] Moving Parts
109 56.49 Global mode (middle)
110 56.98 Right wall, roof
111 57.21 Roof (rear)
112 57.35 Roof and hatches (middle)
113 57.55 Roof (front)
114 57.60 Roof (front)
115 58.16 Roof (front)
116 58.49 Engine frame
117 59.03 Global mode (middle)
118 59.41 Global mode (front)
119 59.61 Roof and hatches (front)
120 59.80 Roof, hatches and engine frame (see Figure 4.12a)
121 60.15 Bottom plate engine frame (see Figure 4.12b)
122 60.24 Roof and engine frame

By looking at the modal results, critical modes can be found. Mode number 35 at 29.6
Hz was the one that looked most similar to the first order’s structural response at 1,750
rpm, seen in Figure 4.9. Mode 35 is presented in Figure 4.10.

Figure 4.9: Harmonic response for engine order one at 1,750 rpm.

Figure 4.10: Critical mode at engine order one at 1,750 rpm. The figure displays mode
35 with the natural frequency 29.6 Hz.
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For the second engine order, the most similar modes to the structural response seen in
Figure 4.11 was mode number 120 and 121 at 59.8 and 60.2 Hz, respectively. The mode
shapes can be seen in Figure 4.12. There could be more critical modes for engine order
one and two. The ones that are displayed are just a proposal of which modes that are
active at these frequencies. It is mainly these three modes that design changes should be
based on to lower the exterior sound level at 1,750 rpm.

Figure 4.11: Harmonic response for engine order two at 1,750 rpm.

(a) Mode 120 at 59.8 Hz (b) Mode 121 at 60.2 Hz

Figure 4.12: Critical modes at engine order two at 1,750 rpm.
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5. Discussion
In this chapter, a discussion regarding how well the aim is fulfilled is presented together
with an evaluation of the results and the method.

5.1 Structural FE-model
The structural FE-model is a simplification of reality, which means that some of the
physics is lost. For instance, the TES system was assumed to be linear, but in reality, all
systems are non-linear. The simplifications were made to save computational time and
to reduce the complexity of the model. The model is still complex considering that 897
modes were found in the frequency range up to 250 Hz.

One simplification made was that some parts were excluded from the model. To account
for the missing parts on the PCS, the density of the engine frame was adjusted to get
the correct mass, which may affect the stiffness. To account for the mass of other parts,
mass elements were used. These were attached with beams, which might not be a realistic
representation of how these components are attached to the TES system. That, together
with the moment of inertia not being modelled for the mass elements, can have contributed
to errors in the result. Furthermore, no information was obtained regarding how the
vibration shape of these parts look like since they were assumed to act as rigid bodies.

Beams were also used to model screws and screw holes. Some parts were connected
using a bonded contact to simplify the model. The bonded contact is a more realistic
representation of parts that have been welded together compared to screwed together. The
hatches were also connected using a bonded contact since it is difficult to get a correct
representation of these. In reality they are connected with rubber strips and screws.

Several parts had a changed geometry to enable a larger element size. Thus, some in-
formation regarding the geometry and how it behaves was lost. The chosen element size
was computed to be able to capture the minimum wavelength accurately in the harmonic
analysis, but it did not account for the maximum frequency being higher in the simu-
lated EMA. This might not have affected the results for the simulated EMA, but a mesh
convergence study could have assured this.

A global damping was assigned to the TES system, even though each part of a structure
will have individual damping at each natural frequency. The damping of the engine
mounts was modelled as a viscous damper with a damping ratio that was estimated from
rubber with similar shore-A hardness. The damping of the engine mounts depends on the
frequency. However, the viscous damping was computed from the mean frequency of 60.4
Hz. This means that the damping will be most accurate at frequencies close to this value
and less at 20.83 or 100 Hz.

The simplifications and modifications of the structural FE-model can have affected the
results in the sense that some modes might not have been captured or were found at the
wrong frequency.
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5.2 Test Method of EMA
There are several aspects of the test plan and method of the EMA that can be discussed.
Preparations were done before the EMA test. Still, it may be possible that the accuracy
of the experimental measurement has been compromised due to the methodology and
equipment not being ideal. The measurement was planned to be executed earlier to be
able to calibrate the FEA against the EMA. However, due to the delayed test, there was
no time to calibrate. This resulted in the test data and the chosen measurement points
being inadequate for comparison with the FEA. The test plan should, therefore, have
been modified for the new time plan and other measurement points should have been
chosen. Despite the flaws, the test plan made the EMA more organized and efficient.

The excitation method that was chosen, suited the purpose and conditions of the experi-
ment. Due to the time-limitation, a quick method was important so that many tests and
different configurations could be performed in one day. The disadvantage of the method
is that the impact force exerted to the structure is limited by the load cell and the size of
the hammer. Considering the size of the TES system, it would have been better to use a
larger one, but no such was available.

Another factor that can have influenced the results is the other activities that occurred
during the day. However, the activities were not close to where the measurements took
place and they did not cause much vibration. If they affected the result, the influence
could have been reduced by the response being averaged from several impacts with the
hammer. The response was averaged to decrease the noise in the signals. However,
the averaging is affected by the difference between the impacts with the hammer. For
instance, when it comes to striking the hammer at the same point, with a straight angle
and without hitting the structure twice.

In the measurement, the accelerometers may not have been properly attached in all tests,
since the beeswax did not stick to the surface and the attachment had to be complemented
with electrical tape. Furthermore, due to the limited number of channels in the DAQ
system, the response could only be measured in three points at a time. Thereby, the
SSM will not be representative of the whole TES system. The optimal placement of the
accelerometers could have been determined prior to the structural response test using a
sensor placement method, to correctly observe the behaviour of the TES system. By not
doing that, there is a risk that the accelerometers were placed at nodes of modes, in which
the behaviour of the TES system cannot be seen. The placement of the accelerometers
could also have been determined by simulating the structural response test before the
actual test. Thereby, the results from the EMA and FEA could have been compared
directly at the test day and changes in the methodology could instantly have been made
depending on the results.

Another deficiency in the structural response test is that the response was measured on
components whose mounting is difficult to model. The response was, for instance, meas-
ured on hatches attached to the container with rubber frames and bolts, corresponding to
point 8 and 9 in Figure 3.10. The response data from the accelerometers that were placed
on these components was impractical for comparing the EMA to the FEA. Instead, more
points on panels should have been selected.
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How the properties of the engine mounts during operation were to be determined from the
vibration isolation test was not established prior to the test. When processing the results,
it was found that no relevant information could be extracted from the data, since the
properties of the engine mounts are frequency dependent. Moreover, the engine mount
that was tested was not isolated, which means that the receiver response may have been
influenced by vibrations passing through the other mounts. To determine the vibration
isolation properties through measurements, the engine must be running and the mount
must be isolated.

One direct mobility test was executed without any clear result. Since the test was delayed
and the time was limited, the main focus was on determining a global damping of the
TES system, not determining the damping of specific parts. Furthermore, it was difficult
to evaluate if the tested system had isolated modes or if they only appeared in the modal
FEA as a consequence of the parts that were excluded in the model, such as the ventilation
at the front wall. Therefore, no data from the direct mobility test was processed.

5.3 Evaluation of SSM
A SSM was created from one EMA configuration when the accelerometers were attached
to one of the panels on the TES system, corresponding to point 3 and 4 in Figure 3.10.
Looking at Figure 4.2, it can be seen that SSM has not caught all of the measured
peaks, which might be noise or the structural response that it has missed. Compliance
is especially lacking up to 100 Hz. The inability to capture the behaviour of the panel is
also confirmed by the fit chart in Figure 3.12, showing that the correlation between the
EMA and SSM is 35 % for order 36. The fit would not improve by choosing a higher
order, because more noise would then have been captured by the SSM.

The SSM cannot be said to be representative for the TES system since only two points were
used to estimate the SSM. Therefore, the global damping of 1.63 %, that was computed
from five modal dampings of the SSM, is questionable. Furthermore, all modal dampings
were found at frequencies above 100 Hz and might not be representative of the behaviour
below 100 Hz that is of interest. On the other hand, the global damping is similar
but slightly lower, than the ones that Fukuwa, Nishizaka, Yagi et al. obtained in their
measurements of a steel-framed building. Therefore, the global damping is at a reasonable
level for this kind of structure.

5.4 Comparison between EMA and FEA
From Figure 4.2 it can be seen that the correlation between EMA and FEA at point
3 and 4, found in Figure 3.10, is lacking, especially at lower frequencies when it comes
to the amount of mobility and detected peaks. This is odd considering results from a
measurement and a numerical model will usually be the most similar at low frequencies.

In the EMA, there is a low frequency mode that is not detected in the FEA. This could
have to do with a tank filled with cooling liquid at the PCS that has not been modelled.
As the system vibrates, a wave will propagate in the tank that might affect the system
at lower frequencies.
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The TES system is rather complex, so it will be difficult to get the models to agree.
Neither EMA nor FEA can be considered to capture the true behaviour of the system
and it is unsure which one is more correct. Both EMA and FEA consists of multiple
imperfections, assumptions and simplifications that can have impacted the results. These
have been discussed in Section 5.1 and 5.2. Due to the large differences, the results were
not calibrated to look more similar since a calibration cannot compensate for missing
physics. For similar results, tuning different parameters could have aligned the curves.

5.5 Acoustics
The following sections discuss the numerical method, the requirements that were used
and the results that were obtained from the fluid FE-model.

5.5.1 Specifications
To determine the sound level and domain size, a combination of ISO 3744:2010(E) and
AFS 2005:16 was used. Azelio’s internal sound requirement was not used since the acoustic
domain would be larger, thus the computational time to solve the acoustic problem would
be longer.

ISO 3744:2010(E) contains information about where to measure sound, but it does not
claim an allowed sound pressure level. As for AFS 2005:16, it is the opposite way. AFS
2005:16 only states a condition for the sound pressure level during daily noise exposure
for 8 h at work. A combination of these are not optimal since a person that is servicing
the TES system will probably not be at a distance of 13.78 m from the origin. However,
if the distance would have been smaller, the far field domain would not be present. Thus,
it would be more difficult to measure the sound pressure level since the same assumptions
do not apply for near field as for far field. Furthermore, AFS 2005:16 is targeted to daily
noise exposure during work. When servicing the TES system, noise exposure will not be
daily. Therefore, the sound requirement might be too low for the problem statement.

5.5.2 Numerical Method
FEM was chosen to solve the acoustic problem since this is the solution method used in
Ansys Mechanical APDL. The advantages of using this software for the acoustic analysis
is that all analyses could be performed in the same program. Thereby, the risk of losing
information when transferring data from one software to another was avoided. Further-
more, Ansys Mechanical APDL is a batch code based software, which means that it is
easy to repeat the analysis using other geometries or loads. The company wants a generic
method that can be used to evaluate different designs and for that, Ansys Mechanical
APDL is very useful.

The disadvantage of using a FEM solver is that it is not ideal to analyse exterior far field
sound from a structure of this size. Due to the size of the computational domain, it is
more beneficial to use software that has implemented either BEM or WBT. However, if
near field sound or interior acoustics is assessed for working environment requirements,
the FEM based solution might have a lower computational cost compared to the other
methods.
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5.5.3 Fluid FE-model
The fluid FE-model consists of a hemisphere that surrounds the TES system. To reduce
computational time, the fluid domain size was reduced. It was reduced by cutting the
hemisphere 7 m above the ground and creating symmetry at planes normal to the x-
and y-direction so only a fourth of the model was evaluated. However, the TES system
is not symmetric, so this simplification is not accurate. Furthermore, four elements per
minimum wavelength were used at the outer domain. This might affect the accuracy of
the results since twelve elements per minimum wavelength are recommended to use.

To model an absorbing BC at the outer boundary, either ABE or AML are recommended.
These were not applied at the outer boundary due to the enclosure restriction of these
element types. Therefore, IRB was used instead that can reflect some of the sound waves
into the domain. This, however, was not detected when looking at the results.

For the chosen measurement points, seen in Figure 3.16, it was assumed that it was far
field. However, in Section 2.8.1 it is stated that far field is entered at a distance of two
wavelengths 2λ from the sound source. At the minimum frequency fmin = 20.83 Hz, see
Table 1.2, this would mean that the far field segment lf enters at a distance of

lf = 2λ = 2c
fmin

= 2 · 343.24
20.83 = 33.96 m (5.1)

when the sound travels through air c. This domain size was not chosen due to the
computational time and since the measurement distance computed from ISO 3744:2010(E)
is valid from a distance of 13.78 m. However, the far field assumption might not be correct.

5.5.4 Results
The acoustic results themselves are not of interest, but rather the method for interpret-
ing them and how they can be used to evaluate the developed method. The following
paragraphs aim to do that.

From Figure 4.8, it can be seen that the first and second order loads from the Stirling
engine, when it is operating at 1,750 rpm, gives most contribution to the pressure differ-
ence. At the corresponding frequencies, ten and 14 modes were detected in the modal
analysis. It is difficult to distinguish from these which ones are critical in the structural
harmonic analysis. Figure 4.10 and 4.12 is an attempt to show which modes that might
be the most critical. By identifying critical modes, design changes can be made to be able
to avoid these.

It was assumed that higher orders loads were negligible since their magnitudes were much
smaller than the first three orders. However, if higher orders for the free mass engine
loads would have been included, they might have contributed to the A-weighted sound
pressure level. A-weighting accounts for how the human ear will respond to sound, see
Figure 2.7. Humans are more sensitive to sounds that are higher in the frequency range.
Therefore, higher order loads would be in a more sensitive hearing range.

In Table 4.4, the A-weighted sound pressure level at three measurement points are listed.
The location of the measurement points can be seen in Figure 3.16. The total response is
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as most 53.69 dB(A) when the measurement point is located at 90o. This is less than 85
dB(A), which is a regulation stated by AFS 2005:16 of what is allowed to work in for daily
noise exposure during 8 h. However, only the sound induced by the free mass loads from
the Stirling engine is included in this calculation and there are probably more parts of
the TES system that will make sound radiate. Therefore, the A-weighted sound pressure
level is expected to be slightly higher. The sound pressure level could also be low in this
frequency range since it is A-weighted. The low A-weighted sound pressure level means
that for the current system, no actions need to take place regarding design changes or
working with earmuffs.

However, if sound reductions were to be made, it is recommended to run the Stirling
engine at 1,250 or 1,500 rpm. At these engine speeds, the least pressure difference could
be detected, see Figure 4.5. It is seen in Figure 4.7 that the PCS causes most of the
vibrations. This was expected since the loads are excited from there. By, for instance,
constructing a new attachment to the container, the amount of vibrations can be reduced
and thus also the sound that radiates from the system. When using the developed generic
method, the engine speed and parts of the TES system that vibrates much should be
evaluated to be able to give recommendations on how to reduce the sound level.
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6. Conclusion
The aim was to develop a generic method to simulate the exterior sound radiation from a
vibrating system and compare the numerical model with measured test data. The method
was created for the TES system when vibrations arise from free mass loads induced by
one Stirling engine, but can be applied to similar systems.

Many simplifications were made to get more computational efficient FE-models of the
fluid and the structure. These have probably affected the results. However, the goal was
to develop a method and not necessarily having the most accurate model.

One measurement was performed and it can only be compared with some of the results
from the numerical method. Therefore, the accuracy of the numerical method cannot be
verified. The performed measurement was an EMA and the results differ from the FEA.
This does not necessarily mean that the developed method is inadequate since the test
was performed on a rather complex system.

Overall the aim was fulfilled, it can be seen from the results that the exterior sound
pressure level can be obtained at a plane, or in a point, at various engine speeds. The
sound level in a point can be compared to measurements, while the plane contour plot
can be used in the development process to identify parts that radiate a lot of sound. In
the acoustic analysis, a fluid domain was created, in which the structural vibrations at
the interface of the domain was used to compute the sound. The structural vibrations
were obtained from the mode-superposition harmonic analysis and mapped onto the fluid
domain. This approach is general so other designs and loads can be evaluated with this
method as well.

6.1 Future Work
From the conclusion, several steps that can be done to improve the method and results.

When evaluating the exterior acoustics in the design process, a definite requirement should
be established regarding the allowed maximum sound pressure level and how it should
be measured. From this, the size of the acoustic domain can be decided and whether the
measurement will take place in the near field or far field. Depending on the field, different
assumptions are used. If the size of the acoustic domain is large, another software which
uses BEM or WBT should be used instead to reduce the computational time.

To get better results for the current TES system, another EMA should be performed to
get more reliable results. In the new measurement, the placement of the actuators should
be evaluated so the result can be compared with the FEA. If the results between the
EMA and FEA do not coincide, the structural FE-model should be calibrated against the
measurement. If the differences are so large that a calibration is impossible to perform,
the simplifications that have been made in the structural FE-model should be evaluated
to find a balance between accuracy and efficiency. Furthermore, the characteristics of the
engine mounts should be examined so that they can be modelled more accurately in the
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structural FE-model. Lastly, higher orders of the free mass load should be included to
see how they would impact the results.

To verify the developed generic method, additional measurements are needed. These
measurements should be performed on a simpler system to reduce the number of uncer-
tainties in the results. The measurements should be comparable with the steps that are
performed in the numerical method. Such as, getting more information regarding the
simpler systems eigenmodes, eigenfrequencies and its vibrating behaviour during loading.
Furthermore, a sound measurement should take place where microphones will be located
in the same points used in the simulation. If the sound pressure level is similar between
the measurement and the numerical model, the numerical method can be used to be able
to evaluate different designs when it comes to the exterior sound pressure level.
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Appendix

A Engine Loads
In Table 6.1 and 6.2 the values of the free mass loads from engine order one to three can
be seen at four discrete speeds ranging between 1,250 to 2,000 rpm. The forces Fx and
Fz are in the plane normal to the crankshaft while the torque Tx is about the crankshaft,
seen in Figure 1.5.

Table 6.1: Values of the free mass loads at the speeds 1,250 and 1,500 rpm of the Stirling
engine.

1,250 rpm 1,500 rpm

Order Load Magnitude
[Nm or N]

Phase
[rad]

Magnitude
[Nm or N]

Phase
[rad]

Fx 132.47 0.58 190.36 0.59
1 Fz 138.47 1.63 200.67 1.62

Ty 1.02 -0.46 1.51 -0.44
Fx 232.49 0.67 334.78 0.67

2 Fz 155.09 2.38 223.31 2.38
Ty 4.51 1.10 6.51 1.10
Fx 16.08 2.10 23.14 2.10

3 Fz 5.79 -2.19 8.35 -2.19
Ty 4.27 1.83 6.16 1.83

Table 6.2: Values of the free mass loads at the speeds 1,750 and 2,000 rpm of the Stirling
engine.

1,750 rpm 2,000 rpm

Order Load Magnitude
[Nm or N]

Phase
[rad]

Magnitude
[Nm or N]

Phase
[rad]

Fx 258.77 0.59 338.20 0.59
1 Fz 274.18 1.62 358.23 1.62

Ty 2.09 -0.44 2.76 -0.43
Fx 455.71 0.67 595.17 0.67

2 Fz 303.96 2.38 396.97 2.38
Ty 8.86 1.10 11.58 1.10
Fx 31.49 2.10 41.10 2.10

3 Fz 11.36 -2.19 14.84 -2.19
Ty 8.38 1.82 10.94 1.83
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