
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
Abaqus Based Modelling of  
Ball Bearings 
 
Master’s thesis in Applied Mechanics 

 

 

 

Arvid Angel 

Jonathan Cederquist 
 
 

 

 

 

 

 

DEPARTMENT OF INDUSTRIAL AND MATERIALS SCIENCE 

CHALMERS UNIVERSITY OF TECHNOLOGY 

Gothenburg, Sweden 2025 

www.chalmers.se 





master’s thesis 2025

Abaqus Based Modelling of Ball
Bearings

ARVID ANGEL
JONATHAN CEDERQUIST

Department of Industrial and Materials Science
Division of Material and Computational Mechanics

Chalmers university of technology
Göteborg, Sweden 2025



Abaqus Based Modelling of Ball Bearings
ARVID ANGEL
JONATHAN CEDERQUIST

© ARVID ANGEL, JONATHAN CEDERQUIST, 2025

Supervisor: Sven Norberg, Volvo Group Trucks Technology
Examiner: Magnus Ekh, Department of Industrial and Materials Science

Master’s Thesis 2025
Department of Industrial and Materials Science
Division of Material and Computational Mechanics
Chalmers University of Technology
SE-412 96 Göteborg
Sweden
Telephone +46 (0)31-772 1000

Cover: Render of General Deep Groove Ball Bearing

Typeset in LATEX
Printed by Chalmers Reproservice
Göteborg, Sweden 2025

Key words: axial, radial, ball bearing, spring, stiffness displacement



Abstract
This thesis investigates whether deep groove ball bearings can be accurately modeled
in Abaqus by replacing rolling elements with non-linear springs. The main focus is on
the transfer of radial, axial, and combined loads. Existing analytical stiffness models,
such as those by Harris and Hamrock, were found inadequate for general use, prompting
the development of a new stiffness model. This was achieved through a curve-fitting
approach that correlates bearing geometry (e.g., ball diameter, pitch diameter, number
of balls, radial play) with displacement data from reference simulations derived using
the commercial gearbox software SABR. The final model showed an error margin of less
than 5% for most load cases and misalignments. The outcome suggests that this method
provides a flexible and accurate tool for simulating bearing stiffness, with potential for
broader implementation and further refinement.
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Notations
Table 1: Table of Notations

Symbol Description

� i;o Radius ratio

a? Dimensionless semimajor axis of contact ellipse

a; b Semi-major and minor axes of elliptic area

a? Dimensionless semimajor axis of contact ellipse

� Contact angle

b? Dimensionless semiminor axis of contact ellipse

C3D20 Second order, 20-node brick element

CCL12 First order, 12-node cylindrical element

CCL24R Second order, 24-node cylindrical element with reduced integration

C Dynamic Load Rating

CGi;o Curvature gain

ci;o Raceway's center point radially

� De�ection

� ? Dimensionless contact deformation

D Ball diameter

Dm Mean raceway diameter for inner and outer ring

D0 Outside diameter

d Roller diameter

d1 Bearing shoulder diameter

dm Bearing pitch diameter

E(� ) Elliptic integral of the second kind
�E(� ) Approximate elliptic integral of the second kind

E Modulus of elasticity

E 0 Equivalent modulus of elasticity

ei;o Eccentricity of raceway centers

F (� ) Elliptic integral of the �rst kind
�F (� ) Approximate elliptic integral of the �rst kind

F (� ) Curvature di�erence

Fi Inner race load

Fo Outer race load

f i;o Raceway conformity's


 = D cos(� )
dm

, dimensionless parameter
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Symbol Description

IR Inner ring of the bearing

� Elongation of elliptic contact area

K p Ball sti�ness

Le E�ective length of roller (roller length minus edge radius)

N Number of rolling elements

OR Outer ring of the bearing

 Azimuth angle

� Curvature
P

� Curvature sum

Pd Diametrical clearance

Q Force

R Equivalent radius

Rx;y Curvature radii, x: lateral direction, y: rolling direction

r Ball radius

r i;o Raceway radius

� Stress

� 0 Stress at the center of contact

ssets Spring sets (Springs per ball circumferentially)

spsets Springs per set (Springs per ball axially)

spb Springs per ball (ssets � spsets)

� Roller element position in bearing

� Poisson's ratio

x Distance along roller length

y Rolling direction
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Introduction
Transportation is a cornerstone of modern life. Society relies on goods and people being
delivered with e�ciency and reliability across the globe. Heavy trucks play a signi�cant
role in this regard, and their systems must undergo continuous development to meet
modern demands. Bearings are critical components in these systems, facilitating rotation
and supporting loads in gearboxes and drivelines.

At Volvo Group, �nite element (FE) models of bearings have been developed over the
years to improve the accuracy of stress and force distribution predictions. These models
are used to optimize the performance of driveline components. It is crucial that the
bearing models predict forces and stress distributions accurately when a gearbox assembly
is simulated.

1.1 Background

The transmission simulation team at Volvo Group Trucks Technology (GTT) uses the
�nite element software Abaqus (n.d.) to model and simulate their gearboxes. The bearings
used for modeling are generated using an in-house Matlab (n.d.) program including an
intuitive graphical user interface (GUI) called Lincoln.

Ball bearings tend to be used more extensively in gearboxes coupled with electric ma-
chines as they cope better with high speeds. In contrast, for conventional drivelines with
combustion engines, gearboxes are designed primarily with cylindrical and tapered roller
bearings, which has led to a situation where the current Lincoln and Abaqus set up for
ball bearings is not as mature as the models for roller bearings. As electric drivetrain vol-
umes are increasing, the need for accurate ball bearing models has increased. See �gure
1.1 for a generic deep groove ball bearing.

(a) SKF 6216 deep groove ball bearing il-
lustrated from an ISO perspective. Ren-
dered in CATIA v5.

(b) Drawing of deep groove ball bearing with a section
cut highlighting the essential geometry measurements.

Figure 1.1: Example of a Deep Groove Ball Bearing
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1.2 Aim

The objective of this thesis work is to develop a ball bearing model that can accurately
describe the behavior of bearings and provide detailed FE results of the bearings' seats.
This includes investigating di�erent methods of modeling deep groove ball bearings with
Abaqus and identifying the methods that work satisfactorily for di�erent load cases, e.g.,
pure radial load, radial load combined with axial load, and di�erent types of misalignment
between the inner and outer rings. The results of the derived models will be compared
with results from a commercial gearbox software, called SABR (n.d.). The goal is to
identify the factors that in�uence the behavior and to generalize the modeling parameters
for bearings of di�erent geometries.

1.3 Limitations

The results of the derived models will not be compared with a detailed �nite element
analysis (FEA) with solid modeling of the rolling elements. Furthermore, no physical
tests will be conducted as the construction work required for building the test bench and
veri�cation of the results would be too extensive.

1.4 Speci�cation of the Issue being Investigated

The following questions will be addressed throughout the course of this thesis work:

ˆ First, is it possible to accurately model deep groove ball bearings using a set of
linear or non-linear springs?

ˆ If so, is this true for radial, axial, and combined loads with various misalignments?

ˆ Finally, is it possible to �nd a generalized model that can be used for various sizes
and geometries of deep groove ball bearings?
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Theory
This chapter describes the fundamentals of deep groove ball bearing geometry. It presents
the principles of Hertz contact theory and the mechanics of bearing contact stresses and
deformations followed by two di�erent load de�ection relationships de�ned by Harris and
Hamrock, respectively. The chapter concludes with a review of the modeling of springs
in Abaqus. Table 2.1 contains notations relevant for this chapter.
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Table 2.1: Table of Relevant Notation

Symbol Description

� Contact Angle

a; b Semi-major and minor axes of elliptic area

a?; b? Dimensionless semimajor/semiminor axis of contact ellipse

CGi;o Curvature gain

ci;o Raceway's center point radially

� De�ection

� ? Dimensionless contact deformation

D Ball diameter

dm Pitch diameter

E(� ) Elliptic integral of the second kind
�E(� ) Approximate elliptic integral of second kind

E Modulus of elasticity

E 0 Equivalent modulus of elasticity

ei;o Eccentricity of raceway centers

F (� ) Elliptic integral of the �rst kind
�F (� ) Approximate elliptic integral of �rst kind

F (� ) Curvature di�erence

f i ; f o Raceway conformity's


 = D cos�
dm

, dimensionless parameter

� Elongation of elliptic contact area

K p Ball sti�ness

 Azimuth angle

� Curvature
P

� Curvature sum

Pd Diametrical clearance

Q Force

R Equivalent radius

Rx;y Curvature radii, x: lateral direction, y: rolling direction

r Ball radius

r i;o Raceway groove curvature radius

� 0 Stress at the center of contact

� Poisson's ratio
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2.1 Macrogeometry of Ball Bearings

A comprehensive understanding of the geometry of a deep groove ball bearing is necessary
to ensure that it is modeled correctly. The subsequent section details raceway conformity,
raceway radius, raceway center, and "play."

Raceway conformityf i;o , detailed in equation 2.1, is closely tied to the contact stresses a
ball experiences under load. It is the dimensional relationship between the radius of the
racewaysr i;o and the diameter of the ballD, with indices o and i referring to the outer
and inner raceway, respectively.

f i;o =
r i;o

D
(2.1)

A �perfect� �t between ball and raceway would require a conformity of 0.5, meaning the
radius of the raceway is the same as the ball radius. According to Harris (2001, p.50) and
Brändlein et al. (1985, p.215) a conformity of 0.5 provides optimal load carrying capacity
but can lead to high friction torque and di�erential slip (sliding) of the ball. Therefore,
raceways are typically designed with a ball conformity between 0.51 and 0.54, see �gure
2.1.

Figure 2.1: Conformity of an inner raceway visualizing the ball diameter and the inner
ring radius, from their respective center points.

To achieve a conformity rating greater than 0.5, it is necessary to increase the radii of both
the inner and outer rings beyond that of the ball radius, as illustrated in �gure 2.1. The
raceway radius is calculated by multiplying the ball radius by the curvature gain:

r i;o = r � CGi;o (2.2)

For example, if a bearing has an outer curvature gain of 6% and the ball radius is 10mm,
the raceway radius will bero = r � CGo = 10 � 1:06 = 10:6 [mm]. With the equation for
r i;o the equation for conformity can be rewritten as the following:

f i;o =
r i;o

D
=

r � CGi;o

D
=

r � CGi;o

2 � r
=

CGi;o

2
(2.3)

Additionally, there is a slight o�set between the ball center and the ring centers when the
ball is in contact with the raceways, which is due to the di�erence in radius between the
two shapes. The deviation from the ball's center point is referred to as "eccentricity,"
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which can be calculated using the two radii and any potential gap between the ball and
the raceway:

ei;o = r i;o � r �
Pd

4
(2.4)

The center of the groove of the inner and outer raceway is calculated from the pitch
diameter plus or minus their respective eccentricity.

ci;o = dm � ei;o (2.5)

The gap between the ball and the raceway at any point along the raceway is referred to
as "play" and the play tangent to the radial direction of the bearing through both sides of
the rings is referred to as diametrical clearance orPd. It can be calculated as the diameter
to the outer raceway minus the diameter to the inner raceway minus ball diameters times
two, see equation 2.6 and �gure 2.2:

Pd = D2 � D1 � D � 2 (2.6)

Figure 2.2: Visualization of diametrical clearance with the diameter to the inner and outer
raceway marked as D1 and D2.

As noted by both Harris and Brändlein, this gap is necessary to reduce slip and friction.
It also allows for misalignment of the rings under no load (Harris, 2001, p.58). Conversely,
an excessively large diametrical clearance may result in shocks under vibrations, which
can cause damage to balls and raceways. To mitigate this risk, a small radial preload is
often applied by e.g. removing the clearance during bearing assembly. Applying radial
preload results in more balls under radial load, reducing the maximum rolling element
load and prevents skidding (Harris, 2001, p.375).

2.1.1 E�ective Clearance

It is important to note that the diametrical clearance provided by the bearing manufac-
turer changes once the bearing is installed in its intended location. This is due to the �t
between the house, shaft, and their respective raceway, as well as temperature di�erences
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between the two rings. The clearance when the bearing is in use is known as e�ective clear-
ance. All models in this thesis work are modeled using the e�ective clearance as stated
by the commercial gearbox modeling software SABR. E�ective diametrical clearance for
all bearings used in this report can be found in appendix E.

2.2 Contact Stresses and Deformations

One of the �rst researching contact theory was Heinrich Hertz. At 23 years of age, he
presented his theory describing the contact condition between two half spheres which
can be applied to bearings as they are designed to transmit loads from one raceway to
another through rolling elements. The magnitude of the load carried by a rolling element is
determined by the internal geometry of the bearing and its position at any given moment.
Hertz contact theory has been used as foundation for research and development of bearings
(NE Nationalencyklopedin AB, n.d.). This section details the method for calculating the
load-de�ection relationship for the rolling-element-race contact initially established by
Hertz and later re�ned by Harris and Hamrock, among others.

2.2.1 Harris Load De�ection Relationships

Harris (2001) describes the mechanical behavior of point contact between two contacting
surfaces as seen in �gure 2.3.

Figure 2.3: Point Contact of two Contacting Bodies. Whilst the radius is always positive,
curvatures may be positive or negative depending on if it is a concave or convex surface
(Harris, 2001).

The curvature sum describes the overall curvature of the bearing raceway pro�le and is
crucial for calculating the contact dimensions and sti�ness. Furthermore, the curvature
di�erence describes how well the two contacting surfaces conform to each other. A large
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di�erence implies point contact and conversely, a small curvature di�erence implies a
larger contact area essentially leading to better conformity. Harris (2001) de�nes the
curvature sum and curvature di�erence in equation 2.7 and 2.8 below, respectively.
Curvature sum: X

� =
1

r11
+

1
r12

+
1

r21
+

1
r22

(2.7)

Curvature di�erence:

F (� ) =
(� 11 � � 12) + ( � 21 � � 22)P

�
(2.8)

Whilst the ball geometry is symmetric, the curvatures of the inner and outer raceway
are asymmetric as they di�er from each other. The inner and outer contact areas are
therefore calculated separately. Harris (2001) explains that the inner and outer raceway
contact can be described as follows. Inner raceway contact:

� 11 = � 12 =
2
D

� 21 =
2
D

� 

1 � 


�

� 22 = �
1

f i D
+

X
� i =

1
D

�
4 �

1
f i

+
2


1 � 


�
(2.9)

F (� ) i =
1
f i

+ 2

1� 


4 � 1
f i

+ 2

1� 


(2.10)


 is the ratio between ball diameterD and the pitch diameter dm times the cosine of
the angle of contactcos(� ), 
 = Dcos(� )

dm
. In this project only bearings with a contact

angle of zero will be investigated i.e,� = 0o. � 11 and � 12 represent the ball curvature and
they are equal in both axial and rolling direction. � 21 represent the raceway curvature
in rolling direction and � 22 describes the raceway curvature in axial direction. As the
raceway groove is concave,� 22 has a negative sign. Note thatF (� ) i is a dimensionless
parameter describing the curvature di�erence between the ball and raceway, which is used
for bearing sti�ness calculations at a later stage.

The outer raceway contact is described similarly to the inner contact but with an opposite
sign at � 21 as the geometry is �ipped:

� 11 = � 12 =
2
D

� 21 = �
2
D

� 

1 + 


�

� 22 = �
1

f 0D
+

X
� o =

1
D

�
4 �

1
f o

�
2


1 + 


�
(2.11)
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F (� )o =
1
f o

� 2

1+ 


4 � 1
f o

� 2

1+ 


(2.12)

Harris (2001, p.235) describes the sti�ness of a steel ball bearing as:

K p = 2:15� 105
X

� � 1=2(� � )� 3=2 (2.13)

Where K p is the bearing sti�ness and� � is a dimensionless contact parameter (see ap-
pendix A). The load de�ection relationship is determined as:

Q = K p � � 3=2 (2.14)

The load-de�ection relationship stated in equation 2.14 is used in various attempts de-
scribed in section 3.8.1. Other

2.2.2 Hamrock's Load De�ection Relationships

The deformation within the contact is a function of, among other things, the ellipticity
parameters and the elliptic integral of the �rst and second kind. The following sim-
pli�ed expressions facilitate straightforward calculations of stresses and deformations by
leveraging the applied load, material properties, and the geometry of the contacting ele-
ments.

According to Hamrock (1983, p.17), the contact area expands when two elastic bodies
come into contact due to an applied load. In the case of the two solids depicted in �gure
2.3, the resulting shape of the contact area will be elliptic and the equations for the
curvature radii Rx and Ry are stated in table 2.2.

Table 2.2: De�nition of Curvature Radii

Inner raceway Outer raceway

Rx Rxi = (1� 
 )D
2 Rxo = (1+ 
 )D

2

Ry Ryi = f i D
(2f i � 1) Ryo = f oD

(2f o � 1)

According to Hamrock (1983, p.11) the equivalent radius, R as seen in equation 2.15, is
an important factor in contact stress and deformation analysis, as will be shown later in
this chapter.

R =
1

1
Rx

+ 1
Ry

(2.15)

A key parameter in the process of solving for the Hertzian contact stresses is the shape
of the elliptic contact area� :

� =
a
b

(2.16)

With "a" and "b" being the semi-major and semi-minor axes of the elliptic area.

The contact pressure at the center of an elliptical area is:

� 0 = �
3Q

2�ab
(2.17)
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According to equation 2.17, the stress at the center decreases if the contact area increases,
i.e., if "a" and "b" increases, and vice versa. This is due to the fact that the force is
distributed across a larger surface. The increase in contact area is an e�ect of deformation
of the two contacting bodies, see �gure 2.4.

Figure 2.4: Visualization of Hertzian pressure distribution, deformation, and the con-
tacting bodies elliptic contact area. Please not that the contact surface between the two
bodies is not �at.

The standard Hertzian solution necessitates the calculation of the ellipticity parameter
kappa and the two elliptic integral functionsF and E.

F =
Z �= 2

0

�
1 �

�
1 �

1
� 2

�
sin2 

� � 1=2

d (2.18)

E =
Z �= 2

0

�
1 �

�
1 �

1
� 2

�
sin2 

� 1=2

d (2.19)

The issue with these equations is that they require a solution to a transcendental equation
involving � , F , E, and the geometry of the contacting solids. This means that they
must be solved using numerical techniques or approximations. There are a number of
approaches to solving this issue. One way, as described by Brewe and Hamrock (1982), is
to use simpli�ed expressions of kappa and the two integral functions by expressing them
as functions of geometry. This was only possible after obtaining some reference results
by using iterative methods as described in the work of Hamrock and Anderson (1973) or
using charts as described by Jones (1946). Table 2.3 compares various curvature ratios�
and their respective� , F , and E values, which are the result of the numerical approach
used in Hamrock and Anderson (1973). Using a linear regression method, Brewe and
Hamrock (1982) came up with the simpli�ed equation for� seen in equation 2.20.

�� = � 2=� (2.20)

where� represents the radius ratio:

� =
Ry

Rx
(2.21)
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Due to the asymptotic behavior of the two integrals, an inverse logarithmic approach was
applied, resulting in the following two equations:

�F =
�
2

+ q � ln(� ) (2.22)

�E = 1 +
q
�

(2.23)

With:
q =

�
2

� 1 (2.24)

The resulting curve �t values are also presented in table 2.3 along with an error comparison
of the simpli�ed approach vs. the numerical approach.

Table 2.3: Comparison of Numerically Determined Values with Curve-Fit Values, from
(Hamrock, 1983, p.52)

Radius-
of-

curvature
ratio,

�

Ellipticity
parameter,

�

Complete
elliptic

integral of
�rst kind

Complete
elliptic

integral of
second kind

� ��
Percent
error,

e
F �F

Percent
error,

e
E �E

Percent
error,

e
1.00 1.00 1.00 0.00 1.57 1.57 0.00 1.57 1.57 0.00
1.25 1.16 1.15 0.66 1.69 1.69 -0.50 1.46 1.46 0.52
1.50 1.31 1.29 1.19 1.79 1.80 -0.70 1.39 1.38 0.76
1.75 1.45 1.43 1.61 1.88 1.89 -0.75 1.34 1.33 0.87
2.00 1.59 1.55 1.96 1.95 1.97 -0.73 1.30 1.29 0.91
3.00 2.07 2.01 2.87 2.19 2.20 -0.44 1.20 1.19 0.83
4.00 2.50 2.42 3.35 2.36 2.36 -0.11 1.15 1.14 0.69
5.00 2.89 2.79 3.61 2.49 2.49 0.17 1.12 1.11 0.57
6.00 3.25 3.13 3.74 2.60 2.59 0.40 1.10 1.10 0.48
7.00 3.59 3.45 3.80 2.70 2.68 0.59 1.09 1.08 0.40
8.00 3.91 3.76 3.81 2.78 2.76 0.75 1.08 1.07 0.35
9.00 4.21 4.05 3.78 2.85 2.83 0.88 1.07 1.06 0.30
10.00 4.50 4.33 3.72 2.91 2.89 1.00 1.06 1.06 0.26
15.00 5.80 5.61 3.32 3.16 3.12 1.38 1.04 1.04 0.15
20.00 6.93 6.73 2.81 3.33 3.28 1.60 1.03 1.03 0.10
25.00 7.94 7.76 2.29 3.47 3.41 1.74 1.02 1.02 0.09
30.00 8.88 8.72 1.79 3.58 3.51 1.84 1.02 1.02 0.05
35.00 9.74 9.62 1.32 3.67 3.60 1.90 1.02 1.02 0.02
40.00 10.56 10.47 0.87 3.75 3.68 1.95 1.01 1.01 0.02
45.00 11.33 11.28 0.44 3.82 3.74 1.99 1.01 1.01 0.02
50.00 12.07 12.07 0.03 3.88 3.80 2.02 1.01 1.01 0.02
60.00 13.55 12.55 -0.72 3.91 3.80 2.06 1.01 1.01 0.01

From the elliptical parameter � , the elliptic integrals F & E, the applied load Q, Poisson's
ratio � , and the equivalent modulus of elasticity E' the expressions for the major and
minor axes of contact as well as the maximum deformation at the center of contact can
be written, from the analysis of Hertz (1881):

a =
�

6� 2EQR
�E 0

� 1=3

(2.25)
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b=
�

6EQR
��E 0

� 1=3

(2.26)

� = F

" �
9

2ER

� �
Q

��E 0

� 2
#1=3

(2.27)

WereE 0denotes the equivalent modulus of elasticity of the two contacting bodies, E':

E 0 =
2

1� � 2
a

Ea
+ 1� � 2

b
Eb

(2.28)

For an elliptic contact area and from equation 2.27 one can complete the load-de�ection
relationship as:

Q = K p� 3=2 (2.29)

whereK p represents the ball sti�ness:

(K p) i;o = �� i;o E 0
i;o

s
2Ei;o Ri;o

9F 3
i;o

(2.30)

The total sti�ness of the case with two raceways separated by a ball is then the sum of
the two deformations under load:

� = � i + � o (2.31)

with:

� i;o =
�

Q
(K p) i;o

� 2=3

(2.32)

Putting these equations into equation 2.29 the �nal expression for ball sti�ness looks like
the following:

K p =
1

� h
1

(K p )o

i 2=3
+

h
1

(K p ) i

i 2=3
� 3=2

(2.33)

Note that the expression for(K p) i;o come from equation 2.30 with the only di�erence
between the two being the geometry of contact and any di�erence in material proper-
ties.

2.3 Lincoln

Lincoln is an in-house developed software made to create computationally light but accu-
rate rolling bearing models to be used in larger FE analysis work. The key to reducing
bearing geometry and thereby also its required computational resources is to replace the
rolling elements with springs. A set of springs represents the ball seen in �gure 2.5.
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(a) Deep Groove Ball Bearing Section Cut (b) Deep Groove Ball Bearing Section Cut with
Springs

Figure 2.5: Section cuts of a deep groove ball bearing. The ball in �gure 2.5(a) is replaced
by springs in �gure 2.5(b).

Lincoln o�ers a GUI for ease of use, allowing users to change the geometry of the bearing
and the number of springs for each ball. See appendix C for an overview of the Lincoln
GUI. Lincoln creates a node network, which serves as the foundation for determining
the positions of solid and spring elements. Lincoln then prints this information to an
Abaqus input �le to replicate a ball bearing as an FE-model. In addition to de�ning
nodal positions and specifying solid elements and springs, Lincoln allows users to specify
surfaces for de�ning boundary conditions and loads. Lincoln also aims to calculate an
accurate spring sti�ness based on the bearing geometry. The user can use a roller or a
ball bearing in a simulation with almost no coding, enabling the simulation team at Volvo
GTT to improve e�ciency.

2.4 Non-Linear Spring Modeling and Radial Play in
Abaqus

The sti�ness of the bearing is de�ned in Abaqus using non-linear spring elements. The
springs' non-linear behavior is de�ned byFi ; � i force-displacement pairs as seen in �gure
2.6 that are printed by Lincoln to the Abaqus input �le. It is vital that the force-
displacement range entered into Abaqus covers the entire range in which the springs
will operate. The reason is because Abaqus assumes a constant force outside that range
(Dassault Systemes, 2024a). See �gure 2.6 for an example illustration. Exceeding the
entered range of force-displacement pairs would lead to excessive displacements and an
unstable model. To counteract this, the sti�ness curve was de�ned until 200 micrometers
- far exceeding typical displacements of a bearing. At the other end of the curve, springs
in tension were set to develop a force detailed in equation 2.34 at a displacement of 1mm.
By doing so, the spring sti�ness in tension is set very low as the ball elements can not
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carry any forces in tension. Ideally, the springs in tension should be set to 0N but that
later appeared to cause modeling instability.

Ftension =
100
spb

(2.34)

To model linear springs, a linear set of force-displacement pairs would have to be entered
together with the force-displacement pair describing the sti�ness in tension. That way, the
spring behavior is linear within the range given but Abaqus interprets the nodes entered
as a non-linear spring.

The play between the raceway and the ball is modeled using the non-linear de�nition
of springs in Abaqus. As illustrated in �gure 2.1, the radial play between the ball and
the raceway increases with distance from the center spring. As the springs are connected
directly between the raceways, it is necessary to incorporate the play into the spring
modeling. To achieve this, the spring force is set to zero when the displacement equals its
speci�c play. By doing so, the spring will not exert any force until there is initial contact
between a �ctional ball and the inner and outer raceways, respectively.

Figure 2.6: Example illustration showing how Abaqus models spring elements. Con-
tinuation of constant force is assumed if the displacement exceeds the de�ned force-
displacement range, hence the constant forces being illustrated beyond the outermost
force-displacement pairs. Please note that this curve is an example and does not neces-
sarily align with the relationship utilized in this project.
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Methodology
The methodology describes the di�erent stages of this project from the planning phase and
de�ning the state of Volvo's current solution, followed by a description of improvements
made to this solution. The chapter continues with a detailed description of how di�erent
software were used in the di�erent stages of the project, as well as how the results were
obtained and processed. The chapter concludes with a study of the settings used in both
the creation of the models and the settings used in the simulations performed, and how
these settings a�ect the results.

3.1 Project Overview

The main deliverables and work�ow was structured in a Gantt and �ow chart, respectively.
See �gure 3.1 below for the �ow chart and appendix B for the Gantt chart. An iterative
approach was implemented throughout the project as the main objective was to implement
a new solution using data from established and trusted software as reference.

Figure 3.1: A project overview. Continuous updates of the bearings sti�ness modeling
and its geometry combined with a solid structure for documentation.

Lincoln is a Volvo in-house MATLAB software capable of generating �nite element models
(FE-models) of cylindrical and tapered roller bearings, and deep groove ball bearings. It
was determined that the work should continue from this script. The strategy involved
modeling the balls in the bearing with non-linear springs, aiming to reduce simulation time
and mitigate the risk of simulation errors. This approach was deemed feasible because
the balls themselves was not of primary concern but the transfer of forces between the
outer and inner ring of the bearing. Consequently, the sti�ness of the springs became
a key parameter. Using springs to model force transfer was a method already in place
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for cylindrical and tapered roller bearings. Those already existing solutions did therefore
serve as inspiration at later stages of the project. However, as there was no general
analytical expression that described ball bearing sti�ness accurately available, the primary
objective was to iterate and compare the solution with results from SABR. Displacements
at di�erent loads combined with various misalignments were of particular interest.

3.2 Lincoln Development

This section provides a detailed overview of Lincoln's utilization at Volvo, its application
in this particular project, and script updates made to improve the program.

3.2.1 Previous Attempts to Model Ball Bearings in Abaqus

A previous attempt using a combination of linear springs and gap elements had previously
been implemented in Lincoln on roller bearings by Rahani (2021). The same principles
were later implemented for ball bearings. Gap elements are de�ned by specifying the two
nodes forming the gap allowing for the nodes to be in contact (gap closed) or separated
(gap open) with respect to particular directions and separation conditions. The reason
why this is used is the conformity and the small radial play that exist between the ball
and raceways. Connecting the linear spring directly between the two rings would cause it
to exert force on the rings at the slightest change in length, e�ectively eliminating radial
play. However, by coupling the spring to a gap element via a common node, the spring
can simulate a contact constraint once the gap element closes, as illustrated in �gure
3.2.

Figure 3.2: Example of a gap element solution. The void between ball and raceway is
represented using gap elements coupling the springs to raceway nodes visualized as red
dots.

The concept was discarded in favor of non-linear springs because the force-displacement
curve can be adjusted non-linearly, allowing each spring within the ball to have its own
radial play before exerting force, see section 2.4.
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3.2.2 Spring setup

The implementation of the spring setup presented a challenge. Initially, the springs were
directly connected to their respective raceway surfaces of the outer and inner rings, i.e.
the springs and the solid elements of the rings have common nodes. This meant that a
change in the position of the inner ring caused a change in the angle of the springs, see
�gure 3.3.

Figure 3.3: Visualization of a spring angle change. The angle changes as the inner ring is
being displaced further from its nominal position in which the springs are normal to the
raceway surfaces.

To address this issue, it was determined that modeling the springs' nodes intersection with
the outer surface by a contact constraint between the nodes and the surface would be a
more e�ective solution. This approach e�ectively addressed the issue of angular change
whilst introducing the possibility of the springs/balls sliding over the surface, leading to
a more desirable motion, see �gure 3.4.

Figure 3.4: Visualization of springs sliding over the outer ring raceway.

To ensure numerical stability, the contact de�nition of "no separation" was employed,
meaning that the springs could not leave the surfaces, see Abaqus manual (Dassault
Systemes, 2024b). Although this resulted in the springs being stretched when the rings
were separated, see �gure 3.5, this was considered acceptable since the non-linear spring
de�nition set the sti�ness to a value close to zero in elongated springs.
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Figure 3.5: Elongation of Springs Positioned at the Opposite Direction of Motion. Impact
on bearing sti�ness is negligible.

Before concluding that the contact approach had been completed, it was necessary to
address an issue where the springs could glide against the raceways freely. Due to the
design of the springs as being highly sti� in compression and ideally not sti� at all in
tension, the motion of the spring pair under loading was sometimes such that they would
glide around over the raceways, maintaining their original length. This led to highly
unstable and unreasonable results. To solve this issue, a number of MPCs (Multi-Point
Constraints) called sliders and links were set in place, see �gures 3.6 & 3.7 (Dassault
Systemes, 2024c). A slider (yellow) MPC forces three nodes to align along a straight line.
A link MPC forces two nodes to maintain their distance to each other. The �rst slider
connects the two nodes of the spring (blue) to a node on the inner diameter of the inner
ring. That node is kept in position by a slider and a link (white). The slider keeps it at
the inner diameter by connecting it to the corner nodes of the ring. The link keeps it in
the correct axial position by connecting it to one of the corner nodes.

The sliders, aligned with the springs (blue), constrain the springs to align with the slider's
orientation. To ensure the slider's orientation is maintained, the node at the base is
secured by a combination of a slider and a beam/link (white).
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Figure 3.6: Setup to keep springs aligned. Sliders in yellow and springs in blue. The
springs are constrained tangent to the sliders orienting them perpendicular to the inner
raceway surface.
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Figure 3.7: Setup to keep springs aligned without solids

3.3 Bearing Geometry Veri�cation

This chapter describes how the springs' and sliders' bearing geometry generated using
Lincoln was veri�ed against SABR with CAD (CATIA V5). This was done by exporting
the coordinates of the raceway nodes from Lincoln and importing them as a point cloud
into CAD. The points were then used to derive two splines, one each for the outer and
inner raceway. See �gure 3.8.

Figure 3.8: Splines �tted to a point cloud of coordinates exported from Lincoln.

By measuring the radii of the splines, it was con�rmed that the raceway radius can
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be calculated by multiplying the ball radius with the curvature gain. Furthermore, an
inserted ball veri�ed the radial clearance between the two splines at the center spring, see
�gure 3.9.

Figure 3.9: Ball inserted between the splines with contact condition to the inner raceway
to verify radial clearance. SKF bearing 6216 shown in this �gure, with a ball diameter of
17.462mm and a radial clearance of 0.00052mm .

Radial play was veri�ed by placing lines representing springs between the two splines at
identical angles to which the springs are oriented in, as seen in �gure 3.10.

Figure 3.10: Lines, representing springs, placed at angles identical to the Lincoln orien-
tation.

The lines were constrained perpendicular to the inner raceway, consistent with the con-
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